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Abstract 

Carbon dioxide (CO2) has been recognised as a low-cost, high efficiency and non-

toxic natural refrigerant suitable as a substitution for CFCs and HCFCs in the low-

temperature circuits of cascade or volatile secondary refrigeration systems. Due to the 

unique thermophysical properties of CO2 when working in the high reduced pressure 

conditions of these systems, existing correlations fail to predict flow condensation 

heat transfer rates accurately, and new models need to be developed for the design 

and optimisation of CO2 condensers.  

An experimental study was conducted to measure the heat transfer rate of CO2 flow 

condensation for mass fluxes ranging from 100 to 500kg/m
2
-s, at saturation 

temperatures of -10, -5 and 0˚C under a wide range of vapour qualities inside a 

horizontal 4.73mm inner diameter tube. An open-loop test rig was used which 

featured a high stability of the coolant temperature. Experimental results showed that 

the effects of mass flux and vapour quality on the rate of heat transfer were more 

significant in annular flows than in stratified flows, and that high mass fluxes and 

vapour qualities resulted in high heat transfer rates. Experimental results also showed 

that decreasing the saturation temperature significantly increased the heat transfer rate 

in annular flows compared to flow condensation in stratified flows. 

A new model for CO2 flow condensation inside horizontal tubes was proposed which 

included criteria for flow regime transition and empirical correlations to predict the 

heat transfer rate in each regime. The transition was predicted by Soliman’s Froude 

number which was fitted to the published experimental observations of transition 

between CO2 two-phase flow regimes. Two semi-analytical correlations were fitted to 

the experimental data, one for annular and the other for stratified flows. The proposed 

model was evaluated against a CO2 flow condensation databank, which included the 

heat transfer measurement points from references in the open literature and the 

present experimental study. Comparison results showed the current model 

successfully predicted the data points with an average absolute deviation of 7%. 
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Chapter 1.  Introduction 

1.1  Carbon dioxide as a low-temperature refrigerant 

The revival of the use of carbon dioxide (CO2) as a refrigerant was initiated by its use 

in the transcritical refrigeration cycle, due to its unique thermophysical properties, 

together with environmental concerns arising from the use of synthetic refrigerants[1]. 

When the ambient temperature is higher than its critical temperature (31.1°C), a CO2 

refrigeration system operates within the trans-critical cycle, and no phase change 

occurs inside the condenser. This process is recognised as a “gas-cooling” process 

which results in a high condensation pressure which is greater than the critical 

pressure of CO2 (7.4MPa). The high-pressure rating of the components required for 

such applications has historically limited the use of CO2 in refrigeration systems. 

However, with the phase-out of the synthetic refrigerants shown in Table.1 due to 

their high ozone depletion potential (ODP), and/or high global warming potential 

(GWP), CO2 has become a preferred substitute refrigerant for the refrigeration 

industry. 

The use of a subcritical refrigeration cycle for CO2 at low temperatures can 

significantly reduce the condensation pressure within the pressure range of standard 

refrigeration applications. Two typical subcritical applications are cascade and 

secondary refrigeration systems, with CO2 used as the low-temperature stage 

refrigerant. At low temperature yet still high reduced pressure conditions, CO2 has 

many unique thermophysical properties, such as its low liquid-to-vapour density ratio 

and low surface tension shown in Figure 1.1 and 1.2, when compared with other 

substitute low-temperature refrigerants including R22, R134a, R404a, and R410a. 

These properties allow CO2 subcritical refrigeration systems to achieve a high COP 

with high heat transfer coefficients inside the condenser and evaporator. Also, the 

odourless, non-toxic and nonflammable properties of CO2 make it a suitable 

refrigerant for the food processing industry and supermarket refrigeration systems. 

From these facts, it can be argued that CO2 is an excellent substitute refrigerant for 

low-temperature refrigeration applications. It was shown that for roughly equal cost, 
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an R404a/CO2 cascade system had a 20% higher energy efficiency and significantly 

less refrigerant charge compared to single stage R22 and R404a refrigeration systems 

under the same cooling capacity[2].  

 

Table 1.1  Ozone depletion potential (ODP) and Global warming potential (GWP) values of the conventional 
refrigerants[3] 

 
 

Compositional group Refrigerants 
Ozone depletion 

potential (ODP) 

Global warming 

potential (GWP) (100 

years’ horizon) 

CFCs 

R11 1 3800 

R12 1 8100 

R113 0.8 4800 

R114 1 9000 

R115 0.6 9000 

HCFCs 

R22 0.055 1500 

R123 0.02 90 

R124 0.022 470 

R141b 0.11 630 

R142b 0.065 2000 

HFCs 

R23 0 11700 

R32 0 650 

R125 0 2800 

R134a 0 1300 

R143a 0 3800 

R152a 0 140 

Natural 

refrigerants 

R290 (Propane) 0 3 

R600a (Isobutane) 0 3 

R717 (Ammonia) 0 0 

R718 (Water) 0 0 

R744 (CO2) 0 1 
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Figure 1.1  Comparison of liquid-to-vapour density ratio of CO2 and selected refrigerants 
 

 

Figure 1.2  Comparison of surface tension of CO2 and selected refrigerants
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1.2  The role of heat transfer in a CO2 subcritical refrigeration 

system 

In CO2 subcritical refrigeration systems, the refrigerant flowing phase change 

processes occur inside the condensers and evaporators. The heat transfer performance 

of these heat exchangers alter the internal system pressure levels and so affect the 

compressor performance, which consequently affects the overall system efficiency 

and refrigeration capacity[4]. To reduce refrigerant charging and enable compact 

designs for these heat exchangers, it is essential to understand the heat transfer and 

pressure drop characteristics of the working fluid. To this end, many studies of CO2 

flow boiling and condensation heat transfer have been undertaken.[5-16]  

The studies of CO2  flow boiling inside evaporators have verified that the heat transfer 

coefficient is 2-3 times higher, with a lower two-phase pressure drop, than is the case 

for other refrigerants under similar working conditions[17]. Unfortunately, existing 

generic heat transfer and pressure drop correlations are poor predictors of the 

behaviour of CO2 flow boiling, and so some heat transfer models have been 

developed for this refrigerant[5].  

For CO2 flow boiling inside evaporators, the external convection heat transfer 

resistance, commonly between air and the external surface of the evaporator, 

dominates the overall heat transfer resistance. In contrast, for CO2 working at low 

temperatures inside cascade or secondary evaporator-condensers, the heat transfer 

resistance of flow condensation is significant due to the similar magnitude of the 

boiling and condensation heat transfer resistances on either side of the heat exchanger. 

However, the information about CO2, flow condensation at the low temperatures in 

these systems is incomplete. For example, there is no specialised condensation heat 

transfer model developed for CO2 while the existing models developed from other 

refrigerants typically over predict the heat transfer coefficients of CO2 flow 

condensation by up to 200%[13]. 
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1.3  Research objectives 

This study aims to develop a reliable heat transfer model for CO2 flow condensation 

inside tubes at low temperatures, based on a reliable heat transfer databank which 

incorporates the selected experimental datasets from the open literature which have 

good repeatability, and is supplemented by the experimental data obtained from the 

present study. A flow condensation model is dependent on the prevailing flow 

regimes which directly impact the local heat transfer characteristics during the flow 

condensation process. Therefore, this study proposes a set of transition criteria for 

predicting CO2 two-phase flow regimes and then develops heat transfer correlations 

for the main heat transfer mechanisms. 

The new model and new experimental data can be used for the design and 

optimisation of condensers in CO2 cascade and volatile secondary refrigeration 

systems, to promote the substitution of CO2 for existing CFCs and HCFCs as a safe, 

low-cost, natural and high-efficiency refrigerant in the refrigeration industry. 

An open-loop test rig was designed and built to measure the flow condensation heat 

transfer of CO2 inside a horizontal tube with an inner diameter of 4.73mm. This test 

rig provided a stable flow of CO2 fluid with mass fluxes ranging from 100 to 

500kg/m
2
-s at saturation temperatures between -10 to 0˚C. The vapour quality of the 

CO2 two-phase flow at the inlet of the test section could be accurately set to a full 

range of vapour qualities. The coolant supply system could provide a cooling capacity 

of 750W at a -30˚C, and the coolant provided to the test section was set from -15 to -

5˚C with a temperature stability within ±0.05˚C. This range of measured heat transfer 

data was chosen to fill a gap in the existing experimental data in the open literature. 

The heat transfer characteristics of CO2 flow condensation are summarised from the 

present experimental results, concentrating on the effects of mass flux, vapour quality, 

and saturation pressure on the CO2 flow condensation process. Experimental results of 

this study are compared with heat transfer data reported under similar working 

conditions in the open literature. A databank is created which features the heat 

transfer results measured inside different inner diameter tubes, and is used as a basis 

for the development of a CO2 flow condensation model. 
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1.4  Thesis structure 

Chapter 2 starts with a review of the fundamental theory for in-tube two-phase gas-

liquid flow, including the one-dimensional modelling method, and the multiplier 

method for calculating the frictional pressure drop for in-tube two-phase flow. The 

flow regime transition is reviewed regarding the transition between the main heat 

transfer mechanisms.  

Chapter 3 evaluates the existing flow condensation models which were developed for 

other refrigerants against experimental heat transfer data of CO2 in-tube flow 

condensation in the open literature. The purpose is to verify the necessity of 

developing a specialised flow condensation model for CO2. 

Chapter 4 develops the basic forms of heat transfer correlations for stratified and 

annular flows. An initial flow condensation model is proposed by correlating to the 

selected experimental datasets from the open literature. 

Chapter 5 presents the re-design of an open-loop test rig, including the selection of 

each component to sufficiently generate the experimental data under the desired 

working conditions. The validation and calibration of the test rig are described. 

Chapter 6 processes and presents the experimental data.  Heat transfer characteristics 

of CO2 in-tube flow condensation are presented and compared with the experimental 

results obtained under similar working conditions from the open literature. The 

experimental data obtained are used to re-evaluate the model proposed in Chapter 4. 

Chapter 7 presents a revision of the model developed in Chapter 4 based on the 

comparison carried out in Chapter 6. The revised model is eventually evaluated using 

a databank which includes the selected datasets in Chapter 3 and the present 

experimental results. 

Chapter 8 summarises the conclusions drawn from this research. 
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Chapter 2.  CO2 in-tube flow condensation literature 

review 

Convective condensation can be defined as the removal of latent heat from a flowing 

two-phase fluid. The air-cooled or water-cooled condensers used in air-conditioners, 

refrigeration systems, and heat pumps are typical configurations for convective flow 

condensation in horizontal circular tubes. To avoid the trapping of liquid or vapour 

refrigerant in the bends, a serpentine arrangement of horizontal circular tubes is 

normally designed for the convective flow condensation of refrigerants. Inside shell-

and-tube evaporative condensers, in-tube as opposed to in-shell condensation is 

preferred for high saturation pressure refrigerants, such as CO2. Design and 

optimisation of these condensers are dependent on understanding the convective heat 

transfer process during flow condensation, and the pressure drop occurring inside the 

horizontal tubes. 

In this chapter, the one-dimensional modelling of two-phase flow and the 

classification of flow regime are reviewed to provide background knowledge for the 

subsequent chapters. In addition, the currently available experimental studies on CO2 

in-tube flow condensation are reviewed. Conclusions from the review are made to 

identify the research gap and support the experimental objectives of this study. 

 

2.1  One-dimensional flow model for in-tube two-phase flow  

Quantities describing the two-phase flow inside tubes are three-dimensional, varying 

in the flow direction z, with radial direction r, and around the angular direction θ. For 

example, the volumetric concentration of vapour phase ε over a control volume with 

an infinitesimal length from z to z +δz, can be reduced to the local void fraction across 

the tube cross-section area at the location z as,  
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휀 =

∭휀(𝜃, 𝑟, 𝑧)𝑑𝜃𝑑𝑟𝑑𝑧

∫𝑑𝜃𝑑𝑟𝑑𝑧
 (2.1) 

However, three-dimensional variables significantly increase the difficulty in the 

calculation of equations related to two-phase flow. In order to simplify the variations 

of these parameters, while retaining adequate accuracy, the one-dimensional steady 

state analysis where all independent variables are idealised as constant over any cross 

section of the tube and only vary along the axis direction, follows from the following 

assumptions[18]: 

 Mean velocities and mean densities of each phase are assumed to exist across 

any phase normal to the flow direction; 

 Pressure across any phase occupying the whole cross-section of the tube is 

considered uniform normal to the flow direction; 

 The sum of areas occupied by the two phases normal to the flow direction 

equals to the tube cross-section area, Ac. 

Thus, variables describing the two-phase flow can be written in the form of space 

averaged conditions. ε can be determined averagely by the occupied volume of vapour 

νV, to the total volume comprised of a pipe of length Δz with a cross-section area of 

Ac,  

 휀 =
𝜈𝑉
𝛥𝑧𝐴𝑐

 (2.2) 

Similarly, the vapour quality x, or mass concentration of the vapour phase, is defined 

as the proportion of the mass in the vapour phase to the total mass flow rate, 

 
𝑥 =

�̇�𝑉

�̇�
= 1 −

�̇�𝐿

�̇�
 (2.3) 

A good example based on the one-dimensional flow model is the two-phase pressure 

drop analysis. In Figure 2.1, a schematic drawing of a stratified flow is shown. 

Subscripts V and L refer to the saturated vapour and liquid phase, respectively. At 

location z, u and ρ are the mean velocity and the mean density of each phase across 

the occupied areas normal to the flow direction. P represents the uniform pressure 

across the whole cross-section area at z.  
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According to the definition of void fraction, areas occupied by each phase have the 

following relations to the whole cross-section area 𝐴𝑐, 

The vapour quality can be simplified to one-dimensional at location z, 

 
𝑥 =

�̇�𝑉

�̇�
=
𝐴𝑉𝑢𝑉𝜌𝑉
�̇�

= 1 −
�̇�𝐿

�̇�
= 1 −

𝐴𝐿𝑢𝐿𝜌𝐿
�̇�

 (2.5) 

 

 

Figure 2.1. One dimensional simplified description of an element of a stratified flow 

 

Using the momentum balance analysis, the net rate of momentum out of the element 

in Figure 2.1 equals to the sum of external forces,  

 (�̇�𝑉𝑢𝑉 + �̇�𝐿𝑢𝐿)𝑧+𝑑𝑧 − (�̇�𝑉𝑢𝑉 + �̇�𝐿𝑢𝐿)𝑧 

= (𝑃𝐴)𝑧 − (𝑃𝐴)𝑧+𝑑𝑧 − 𝜏𝑤 p 𝑑𝑧 − (𝐴𝐿𝜌𝐿 + 𝐴𝑉𝜌𝑉)𝑑𝑧𝑔 sin 𝛼 
(2.6) 

where 𝜏𝑤 is the average wall shear stress on the inner wall perimeter p. Dividing both 

sides of the equation by 𝑑𝑧 gives, 

 
𝐴𝑐 =

𝐴𝑉
휀
=

𝐴𝐿
1 − 휀

 (2.4) 
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 𝑑(�̇�𝑉𝑢𝑉 + �̇�𝐿𝑢𝐿)

𝑑𝑧
= −

𝑑(𝑃𝐴)

𝑑𝑧
− 𝜏𝑤 p − (𝐴𝐿𝜌𝐿 + 𝐴𝑉𝜌𝑉)𝑑𝑧𝑔 sin 𝛼 (2.7) 

For two-phase flow inside a horizontal, constant cross-sectional area tube, the above 

equation is reduced to, 

 
−
𝑑𝑃

𝑑𝑧
= 𝐺2

𝑑

𝑑𝑧
(
𝑥2

휀𝜌𝑉
+
(1 − 𝑥)2

(1 − 휀)𝜌𝐿
)

⏟                

(−
𝑑𝑃
𝑑𝑧
)
𝑝ℎ𝑎𝑠𝑒𝑐ℎ𝑎𝑛𝑔𝑒

+
4𝜏𝑤
𝐷⏟

(−
𝑑𝑃
𝑑𝑧
)
𝑓𝑟𝑖𝑐𝑡𝑖𝑜𝑛

 
(2.8) 

where the mass flux G is defined by the mass flow rate �̇� divided by the cross-section 

area of tube, 

 
𝐺 =

�̇�

𝐴𝑐
 (2.9) 

The two items on the right side of Equation 2.8 represent the pressure variations 

caused by momentum exchange between liquid and vapour phases, and the frictional 

pressure drop, respectively. The item of momentum transfer due to phase change is 

determined by the variations of vapour quality x, and void fraction ε. Thus, the total 

pressure drop item can be determined if the frictional pressure drop item is known.  

In order to evaluate the friction pressure drop, a separate flow model was proposed by 

Lockhart and Martinelli[19]. It assumed that the two phases were travelling at 

constant but not necessarily equal velocities. The two-phase frictional pressure drop 

was related to those of single-phase flow through the use of a two-phase multiplier. 

The separate flow model used empirical correlations to relate the two-phase multiplier 

and the void fraction to the independent variables of each phase. This pioneering 

working had been used in subsequent research of two-phase liquid-gas flow. The 

forms of the two-phase multiplier included: 

 

𝜙𝐿 = [
(𝑑𝑃 𝑑𝑧⁄ )𝑓𝑟𝑖𝑐𝑡𝑖𝑜𝑛
(𝑑𝑃 𝑑𝑧⁄ )𝐿

]

0.5

 

𝜙𝑉 = [
(𝑑𝑃 𝑑𝑧⁄ )𝑓𝑟𝑖𝑐𝑡𝑖𝑜𝑛
(𝑑𝑃 𝑑𝑧⁄ )𝑉

]

0.5

 

(2.10) 

(𝑑𝑃 𝑑𝑧⁄ )𝐿 and (𝑑𝑃 𝑑𝑧⁄ )𝑉 were the frictional pressure gradients resulted by the liquid 

phase flowing alone in the tube with its velocity 𝑢𝐿 = �̇�(1 − 𝑥) (𝐴𝑐𝜌𝐿)⁄ , and the 
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vapour phase flowing alone in the tube with its velocity 𝑢𝑉 = �̇�𝑥 (𝐴𝑐𝜌𝑉)⁄ , 

respectively. These two frictional pressure drop items were expressed as the Fanning 

equation, 

(
𝑑𝑃

𝑑𝑧
)
𝐿
= 2𝑓𝐿

𝜌𝐿𝑢𝐿
2

𝐷
 

(
𝑑𝑃

𝑑𝑧
)
𝑉
= 2𝑓𝑉

𝜌𝑉𝑢𝑉
2

𝐷
 

(2.11) 

where the friction factors might be expressed by the Blasius type equation based on 

the superficial liquid and vapour Reynolds numbers as, 

𝑓𝐿 = 𝐵𝑅𝑒𝐿
−𝑛, 𝑅𝑒𝐿 =

𝐺𝐷(1 − 𝑥)

𝜇𝐿
 

𝑓𝑉 = 𝐵𝑅𝑒𝑉
−𝑛, 𝑅𝑒𝑉 =

𝐺𝐷𝑥

𝜇𝑉
 

(2.12) 

Lockhart and Martinelli[19] theoretically proved that the two-phase multipliers in 

Equation 2.10 could be expressed as functions of a parameter X, and tabulated these 

functions with the relevant experimental data. The parameter, which was defined as 

the Lockhart and Martinelli parameter, was expressed by, 

 
𝑋2 =

(𝑑𝑃 𝑑𝑧⁄ )𝐿
(𝑑𝑃 𝑑𝑧⁄ )𝑉

=
𝑓𝐿 𝜌𝐿𝑢𝐿

2 (2𝐷)⁄

𝑓𝑉 𝜌𝑉𝑢𝑉
2 (2𝐷)⁄

 (2.13) 

Chisholm[20] proposed a correlation method for two-phase multipliers in Equation 

2.10 in which values of the constant number C were restricted to two-phase flow with 

gas-liquid density ratios corresponding to air-water mixtures at atmospheric pressure.  

The correlations were shown as, 

 
𝜙𝐿 = (1 +

𝐶

𝑋
+
1

𝑋2
)
0.5

 

𝜙𝑉 = (1 + 𝐶𝑋 + 𝑋
2)0.5 

(2.14) 

The turbulent or laminar regimes of the liquid, vapour phase were determined by the 

corresponding superficial Reynolds numbers. In the above equations, values of B and 

n, and C curve fitted to the experimental data, are listed in Table 2.1. 



CHAPTER 2.  CO2 IN-TUBE FLOW CONDENSATION LITERATURE REVIEW 

 

13 
 

To conclude, the one-dimensional model of two-phase pressure drop is reviewed. The 

two-phase multiplier method proposed by Lockhart and Martinelli[19] and further 

developed by Chisholm[20] provides an empirical method to correlate the two-phase 

friction pressure drop to those of single phases flowing alone in the tube. 

Table 2.1 Values of parameter C, B and n in the Lockhart-Martellini two-phase pressure drop multipliers 
 
 

Liquid 
𝑓𝐿 

Vapour 
𝑓𝑉 Subscript 

to 𝑋 
C 

B n B n 

Turbulent (ReL >2000) 0.046 0.2 Turbulent (ReV>2000) 0.046 0.2 tt 20 

Turbulent (ReL >2000) 0.046 0.2 Laminar (ReV <1000) 16 1 tl 10 

Laminar (ReL <1000) 16 1 Laminar (ReV <1000) 16 1 ll 5 

Laminar (ReL <1000) 16 1 Turbulent (ReV >2000) 0.046 0.2 lt 12 

 

2.2  Flow regime transition for in-tube flow condensation 

 

 

 

Figure 2.2 Flow regimes occurring during the in-tube flow condensation under the conditions of a. high mass 
flux b. low mass flux[21] 

 
 

Under diabatic conditions, for an in-tube two-phase flow, different morphologies of 

liquid and vapour phase are observed along the flow direction inside the tube. Typical 
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patterns of two-phase flow can be prescribed, and transitions between each flow 

regime are found to be determined by mass flow rate, vapour quality, tube geometry 

and fluid thermophysical properties. In Figure 2.2, the effect of decreasing vapour 

quality on the flow regime transition for a typical in-tube condensation flow is 

illustrated for high and low mass flux conditions, respectively. 

For high mass flow rates, the super-heated vapour enters a tube with the inner wall 

temperature lower than its saturation temperature. At a location where the temperature 

of the vapour at the wall is cooled to the saturation temperature, condensation 

commences with the saturated vapour near the inner tube wall condensing to liquid. 

Because of the high vapour core velocity, condensate is formed as a thin annular layer 

held to the inner tube wall by the horizontal vapour shear stress, which is more 

significant than the weight of the condensate. This flow regime is defined as annular 

flow, and it occurs for a significant portion of the entire condensation process. As the 

condensation process continues, the annular liquid layer thickens, and liquid 

accumulates at the bottom of the tube, due to the increasing weight of the thickening 

liquid layer and the reduction in the vapour shear stress. At the end of the annular 

flow, the existing wavy motion of the liquid surface may have the wave crests 

blocking the entire cross section of the tube thus giving rise to slug flow. Further 

decrease of vapour quality leads to gas plug formation which tends to remain on the 

top part of the tube due to the lower density of the vapour plugs. Slug and plug flows 

are referred to as intermittent flow. After the plug collapses, a dispersion of bubbles is 

formed in the liquid, and this represents two-phase flow approaching the completion 

of condensation.  

For low mass flow rates, the saturated vapour forms an annular liquid film as 

condensation with high mass flow rate. However, due to the lower vapour velocity 

and lower heat transfer rate, a slower accumulation of condensate occurs, and the 

annular film sustains longer than that occurs with high mass flow rate. The vapour 

core still exerts a horizontal shear stress on the liquid-vapour interface, but rather than 

generating the large amplitude waves which result in slug flow, it forms more 

moderate waves over the annular film. This is known as wavy flow. As condensation 

continues, the condensate on the top part of the tube settles to the bottom of the tube 

under its weight, and a relatively smooth liquid-vapour interface is formed. This is 
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known as stratified flow. Due to low rates of heat transfer in the stratified flow 

regime, the vapour might not completely condense for low mass flow rate conditions. 

2.2.1  Flow condensation heat transfer mechanisms and two-phase flow regimes  

As the local pressure drop and heat transfer of a two-phase flow are directly linked 

with the flow regimes, numerous flow mapping efforts have been made to predict the 

transition between different regimes in tubes. Early efforts plotted the observed data 

in the form of a map in which each flow regime occupied a particular area and was 

separated by arbitrary boundary lines denoting transition between regimes[22]. These 

flow maps concentrated on the presentation of various two-phase flow regimes in a 

particular channel, rather than to predict the transitions for a generic purpose. The 

superficial liquid and vapour velocity, 𝐽𝐿  and 𝐽𝑉 , combined with thermophysical 

properties of the two phases, were used as the coordinate parameters for the flow 

regime transition boundary values. To increase the range of application of the 

observed flow map, a number of subsequent efforts incorporated the effects of 

different tube diameters and fluid properties into the transition threshold values[23]. 

However, because the dominant forces and two-phase properties are quite different 

for transition between each flow regime, it is not practical to cover all flow regime 

zones in one flow map with two coordinates. In addition, the terms describing each 

flow regime defined by different authors were arbitrary. Differences between the slug, 

pseudo-slug and wavy-annular, and between annular, annular-mist and mist flows, 

were quite confusing when comparing different studies. This greatly increased the 

difficulty and complexity of predicting each different flow regime by one complete 

set of transition values. 

To simplify but also to take into account of the essential key effect of different flow 

regimes, research on modelling the two-phase flow condensation heat transfer 

followed the flow regime prediction idea pioneered by Traviss and Rohsenow[24], 

which were further developed by Soliman[25]. As part of the whole flow 

condensation model, this method emphasised the transition between flow regimes 

which significantly affected heat transfer to differentiate the main heat transfer 

mechanisms during the flow condensation process, while ignoring transition between 

flow regimes which have similar heat transfer characteristics. More specifically, 

Soliman’s classification incorporated mist, annular and wavy-intermittent flows and 
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proposed the major transition lines from mist-to-annular, and from annular-to-wavy 

intermittent. The latter transition was selected as the predictor of the transition of heat 

transfer mechanisms by subsequent successful flow condensation models, such as  

Dobson and Chato[26], and the correlations proposed by Cavallini et al.[27] and the 

Shah model[28], which were recommended as the standard design tools by ASHRAE 

Handbook.[29] The wavy flows were categorised as the gravity-controlled stratified 

flow, the saturation-to-tube wall temperature difference dependent and the heat flux 

dependent flows by Dobson and Chato, Cavallini and Shah, respectively. While the 

annular flows were characterised as the shear-stress controlled, the saturation-to-tube 

wall temperature difference independent and the heat flux independent flows by these 

authors, respectively. 

Wavy flows The wavy flows defined by Soliman included the commonly stratified 

flow, wavy flow and intermittent flows. As shown in Figure 2.2, for these flow 

regimes, the liquid is formed as a gravity-driven film on the top and sides of the tube, 

and as a much thicker layer at the bottom. The vapour phase either flows with a 

relatively low speed or is encased as plug and slug bubbles about the centre of the 

tube. A common feature of these flow regimes is the stratification between the liquid 

and vapour flows which is caused by the dominating liquid gravity force. Regarding 

heat transfer, the upper part film condensation was usually treated as the Nusselt type 

heat transfer, and dominated the overall flow condensation over the convective heat 

transfer of the liquid accumulated at the bottom of the tube[30]. Subsequent 

experimental data had shown that, the condensation rate of the upper film was nearly 

independent of the liquid mass flow rate, but depended on the thickness of the liquid 

film, which was determined by the saturation-to-tube wall temperature difference[26].  

Mist and annular flow As shown in Figure 2.2, these two flow regimes share a 

similar flow structure that a thin annular film of condensate on the tube wall 

surrounds a vapour core flow. The difference is that mist flow contains liquid droplets 

mixed with the vapour. For both mist and annular flows, the heat transfer is 

dominated by the thermal resistance within the annular liquid layer. However, 

Soliman raised the question that the existence of liquid droplet entrainment might 

affect heat transfer at the liquid-vapour interface and consequently resulted in a 

difference between the flow condensation rate for mist and annular flows. 

Soliman[31] developed a predictor of the mist-annular to annular transition based on 
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the interaction between the destructive and stabilising forces exerting on the surface 

of liquid annular layer and formulated a modified Weber number, 𝑊𝑒𝑠𝑜, which was 

the ratio of the vapour inertia force to the liquid viscous and surface tension forces, 

and proposed a range of  𝑊𝑒𝑠𝑜  for mist-to-annular transition. However, Dobson 

refuted the existence of the unstable wall film under diabatic conditions by his 

experimental observations that pure mist flow with no stable wall film was never 

observed at quantities below 95%[26]. In addition, comparison between the predicted 

and experimental Nusselt numbers in annular flow showed that there was no 

discernible trend with modified Weber numbers up to 80. Consequently, Dobson drew 

the conclusion that the mist entrainment had no significant effect on the annular flow 

heat transfer.  

2.2.2  The Soliman transition parameter  

Based on the above discussions, it is clear that the prediction of annular-to-wavy 

transition is necessary to develop a complete flow condensation model. The Froude 

number, 𝑢𝐿 √𝑔 ∙ 𝛿⁄ , which was the ratio of inertia to gravity forces, was proposed by 

Traviss and Rohsenow[32] to represent the persistence of annular flow in a flow 

condensation process. In the initial stage of annular flow, the symmetrical liquid film 

experiences a horizontal shear stress from the vapour core, which is sufficiently 

strong to overcome the gravity force on the film. However, as condensation 

progresses, the annular film thickens, and the velocity of the vapour core flow 

decreases reducing the shear stress on the film, which results in a reduction in the 

Froude number. Transition from annular to wavy or intermittent flow starts with the 

annular film becoming asymmetric, and completes at the position where most of the 

liquid condensate lies within a thick layer at the bottom of tube. Since this process is 

caused by the interaction between inertia and gravity forces exerting on the liquid 

film, a Froude number is a suitable metric for denoting the annular to wavy transition.  

In order to adapt the original Froude number suitable for in-tube condensation flow, 

Soliman[25] related the expression of liquid film thickness to the two-phase annular 

flow frictional pressure drop data by the following procedures.  

The liquid film thickness correlation developed by Kosky[33] was selected by 

Soliman. 
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 𝛿+ = 0.707𝑅𝑒𝐿
0.5,                  𝑅𝑒𝐿 ≤ 1250 

𝛿+ = 0.0504𝑅𝑒𝐿
0.875,            𝑅𝑒𝐿 > 1250 

(2.15) 

𝛿+is the liquid annular layer thickness at the inner position defined by the law of the 

wall, and is the ratio of the actual liquid annular layer thickness to the characteristic 

length 𝑦∗, which is expressed as 𝛿+ = 𝛿 𝑦∗⁄ = 𝛿𝑢∗ 𝜈𝐿⁄  and 𝑢∗ = √𝜏𝑤 𝜌𝐿⁄ . 

Soliman also derived the velocity item as the average liquid velocity 𝑢𝐿 across its own 

occupied area,  𝐴𝐿 = 𝐴(1 − 휀) ≈ 𝜋𝐷𝛿, and so a mass balance analysis of the liquid 

film leads to: 

 𝐺(1 − 𝑥) = 4𝜌𝐿𝑢𝐿(𝛿 𝐷⁄ )  (2.16) 

Substituting the liquid thickness 𝛿  with 𝛿+ , and Equation 2.16 into the original 

Froude number expression, gives: 

 𝐹𝑟 = 𝑢𝐿 √𝑔 ∙ 𝛿⁄ = 0.25𝑅𝑒𝐿(𝑢
∗ 𝛿+⁄ )1.5 √𝑔𝜈𝐿⁄  (2.17) 

𝑢∗ is related to the wall shear stress 𝜏𝑤, which can be expressed by the two-phase 

flow friction pressure drop as, 

 
𝜏𝑤 =

𝐷

4
(−
𝑑𝑃

𝑑𝑧
)
𝑓𝑟𝑖𝑐𝑡𝑖𝑜𝑛

 (2.18) 

By using the two-phase multiplier method in Equation 2.10, the two-phase friction 

pressure drop is related to that of vapour phase flowing alone in the tube as, 

 
(−
𝑑𝑃

𝑑𝑧
)
𝑓𝑟𝑖𝑐𝑡𝑖𝑜𝑛

= 𝜙𝑉
2 (−

𝑑𝑃

𝑑𝑧
)
𝑉
= 𝜙𝑉

2
0.184

𝑅𝑒𝑉
0.2

1

𝐷

𝐺2𝑥2

2𝜌𝑉
 (2.19) 

where, 𝑅𝑒𝑉 is the vapour Reynolds number. To evaluate the two-phase multiplier 𝜙𝑉, 

Soliman used the empirical correlation developed from the annular flow frictional 

pressure drop data in a horizontal tube[34],  

 𝜙𝑉 = 1 + 1.09𝑋𝑡𝑡
0.039 (2.20) 

Substituting all the above Equation 2.18 to 2.20, and the relationship between 𝑅𝑒𝑉and 

𝑅𝑒𝐿 , 𝑅𝑒𝑉 = 𝑅𝑒𝐿(𝜇𝐿 𝜇𝑉⁄ )(𝑥 1 − 𝑥⁄ ) , into the Froude number expression Equation 

2.17, the Soliman modified Froude number, 𝐹𝑟𝑠𝑜, was obtained as, 
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𝐹𝑟𝑠𝑜 =

{
 
 

 
 0.025𝑅𝑒𝐿

1.59 (
1 + 1.09𝑋𝑡𝑡

0.039

𝑋𝑡𝑡
)

1.5
1

𝐺𝑎0.5
  for   𝑅𝑒𝐿 ≤ 1250 

1.26𝑅𝑒𝐿
1.04 (

1 + 1.09𝑋𝑡𝑡
0.039

𝑋𝑡𝑡
)

1.5
1

𝐺𝑎0.5
     for   𝑅𝑒𝐿 > 1250

 (2.21) 

where, 𝑋𝑡𝑡  is the turbulent-turbulent Lockhart-Martinelli parameter from Equation 

2.13 as 𝑋𝑡𝑡 = (
𝜌𝑉

𝜌𝐿
)
0.5

(
𝜇𝐿

𝜇𝑉
)
0.1

(
1−𝑥

𝑥
)
0.9

 and the Galileo number is 𝐺𝑎 = 𝑔𝐷3 𝜈𝐿
2⁄ . 

2.2.3  Flow regime observations of CO2 in-tube flow condensation 

 
Table 2.2 Flow regimes observed by Jang and Hrnjak[8] in a 6.1mm i.d. horizontal tube at saturation 

temperature of -15˚C at the adiabatic condition 
 
 

Mass flux 

(kgm
-2

s
-1

) 
Annular Wavy Slug 

200 

x=0.8-0.5

 

x=0.4-0.3

 

x=0.2-0.1 

 

300 

x=0.9-0.4

 

x=0.3-0.2

 

x=0.1

 

400 

x=0.8-0.3

 

x=0.2

 

x=0.1

 

 

Jang and Hrnjak[8] published the first set of experimental visual observations of CO2 

two-phase flow regimes, for flow inside a 6.1mm inner diameter horizontal tube at 

low saturation temperatures of  -15 and -25˚C. The boundary condition at the sight 

glass was adiabatic. The vapour quality of the observed two-phase flow was pre-set 

upstream of the observation tube, and mass fluxes ranged from 200 to 400kg/m
2
-s. 

Various flow regimes were observed for the different vapour qualities with saturation 

temperature and mass flux conditions fixed. 

As shown in Table 2.2, the observed flow regimes were categorised into the 

representative annular, wavy and slug groups, which are introduced in the previous 

section. It can be seen that each flow regime occupies different ranges of vapour 

quality at different mass fluxes. The interface between the liquid and vapour phases 
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has a clear transition following a vapour quality decreasing order from annular to 

wavy and slug flows. The annular flow consists of an internal, horizontal vapour core 

surrounded by the liquid film formed around the inner perimeter of the tube. Slug 

flow has a relatively smooth flat interface between the liquid and vapour, with a thin 

film clinging on to the top and sides of the tube inner surface. Wavy flow can be 

considered to be the transition region between annular and wavy flows, due to the 

liquid-vapour stratification interface containing large amplitude waves. According to 

Soliman’s classification, the observed flow regimes of wavy and slug by Jang and 

Hrnjak[8] can be categorised as wavy flows due to the stratification between liquid 

and vapour phases. 

 

2.3  Disagreements in experimental results from different researchers 

Zilly et al.[7] and Jang et al.[8] performed experimental heat transfer and pressure 

drop measurement of CO2 flow condensation inside a 6.1mm inner diameter smooth 

horizontal tube. The effects of mass fluxes, which ranged from 200 to 400kgm
-2

s
-1

, 

and the saturation-to-tube wall temperature differences, which were set to 3 and 6°C, 

under the saturation temperatures from -25 to -15°C, on the local heat transfer 

coefficient and pressure drop were experimentally investigated. The two studies 

employed the same test rig with the same test sections and produced CO2 

condensation heat transfer data that showed good repeatability. The experimental 

results showed that the heat transfer coefficients inside the smooth tube had an 

increasing dependence on the mass flux with increasing vapour quality. Regarding the 

effects of the saturation temperature, the authors found that a lower saturation 

temperature led to higher heat transfer coefficients and higher pressure drops. The 

authors explained that the lower vapour density and higher liquid viscosity of CO2 

under the lower saturation temperature conditions resulted in a higher two-phase 

velocity, and so enhanced the condensation heat transfer. For both authors’ 

experimental results, the saturation-to-tube wall temperature difference showed no 

apparent effect on the heat transfer coefficient and pressure drop. These authors also 

confirmed that higher mass fluxes resulted in higher frictional pressure drops due to 

the increased two-phase velocity.  
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Kim et al.[10] performed heat transfer coefficient measurements of CO2 flow 

condensation inside a 3.48mm inner diameter smooth tube and a 3.51mm equivalent 

diameter micro-fin tube for saturation temperatures ranging from -25 to -15°C. The 

test rig layout was the same as that used by Zilly and Jang. Kim obtained similar 

results as Zilly and Jang’s for the effects of the saturation temperature and mass flux 

on the heat transfer coefficients in the smooth tube. As for the effect of the saturation-

to-wall temperature differences, Kim’s data showed that the variations of the heat 

transfer coefficient under different temperature differences were negligible compared 

to the measurement uncertainty. 

Kondou and Hrnjak[11] investigated the heat rejection characteristics of CO2 in a 

smooth horizontal tube close to the critical point. Due to the ambient temperature 

changing during the year, it might be lower than the critical temperature in winter, but 

higher than the critical temperature in summer. Accordingly, a CO2 refrigeration 

system may experience a seasonal transition between being a sub-critical, or a trans-

critical cycle through the year. Kondou and Hrnjak determined that the seasonal 

temperature variation resulted in a condensation process for the subcritical cycle 

inside the condenser (or gas cooler), with a higher superheat than is typical for a 

conventional refrigeration cycle. The authors measured the complete heat rejection 

process through superheated vapour, two-phase flow, and sub-cooled liquid. A 

smooth 6.1mm inner diameter test section was used, with mass fluxes ranging from 

100 to 240kgm
-2

s
-1

 at system pressures of 5 to 7.5MPa. The occurrence of 

condensation heat transfer was identified by the equality of the CO2 temperatures at 

the inlet and outlet of the test section. It was found that the measured flow 

condensation heat transfer coefficient increased with increasing mass flux and 

reduced saturation pressure. A correlation proposed by Cavallini[27] was modified by 

Kondou and Hrnjak to correctly predict the experimental data for reduced pressures of 

0.88 to 0.97. The heat transfer coefficients for the superheated vapour were found to 

be greater than the predictions of a single-phase turbulent flow correlation when the 

vapour was close to the saturated vapour line. The authors explained that the 

occurrence of condensation in the nominally superheated zone increased the heat 

rejection rate, and confirmed this with the radial temperature profile which showed 

the core vapour flow to be superheated while the tube wall temperature was 

subcooled. 
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Iqbal and Bansal[12] measured the heat transfer coefficients of CO2 flow 

condensation inside a 6.52mm inner diameter horizontal copper tube. The saturation 

temperatures ranged from -15 to 0°C and the mass fluxes varied from 50 to 200kgm
-

2
s

-1
. In contrast to other researcher’s closed-loop test rigs, an open-loop system was 

used, in which high pressure bottled CO2 (55bar) was discharged through the rig and 

into the atmosphere (1bar). During this pressure drop process, the flowing CO2 two-

phase flow was controlled by cooling, heating and pressure stabilisation to achieve the 

desired state at the inlet of the test section. Because the tube wall temperature was not 

measured, the condensation heat transfer coefficient was indirectly measured by 

calculating from the overall heat transfer resistance of the test section. Experimental 

results showed that the heat transfer coefficients increased with increasing mass 

fluxes and decreasing saturation temperatures. 

Kang et al.[13] measured the CO2 flow condensation heat transfer coefficient and 

pressure drop measurement inside a 5.15mm inner diameter horizontal tube with the 

mass flux varying from 600 to 1000kgm
-2

s
-1 

at saturation temperatures ranging from -

10 to 5°C. The measured heat transfer coefficients with a mass flux of 600kgm
-2

s
-1

 

were evenly distributed with varying vapour qualities at approximately 3000Wm
-2

K
-1

 

under different saturation temperatures. When the mass flux was increased to 

1000kgm
-2

s
-1

, the experimental heat transfer coefficients were measured in the range 

of 3000 to 4500Wm
-2

K
-1

. Considering the measurement uncertainty of the heat 

transfer coefficient was ±9.3%, Kang concluded that the effects of the mass flux on 

heat transfer were minor. When the saturation temperature was varied from 0 to -5 

and -10°C, the increasing rate of heat transfer coefficient from vapour qualities 0.3 to 

0.6, was from 9.4 to 14.6%, respectively. Therefore, the author concluded that the 

effect of the saturation temperature on the heat transfer coefficient was less significant 

than the effect of mass flux.  
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Figure 2.3 Comparison of CO2 flow condensation heat transfer coefficient inside smooth tubes from different 

researchers a. Zilly et al.[7] b. Jang and Hrnjak.[8] c. Kim et al.[10]d. Iqbal and Bansal[12] e. Kang et al.[13] 
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Son and Oh[14] investigated CO2 condensation at high saturation temperatures from 

20 to 30°C inside a 4.95mm inner diameter smooth tube and a 4.4mm fin tip diameter 

micro-fin tube. The experimental results showed that higher mass fluxes led to a 

higher heat transfer coefficient. Under each mass flux from 400 to 800kgm
-2

s
-1

, the 

variation of the heat transfer coefficients with the vapour quality showed relatively 

similar gradients. The experimental data also demonstrated that decreasing saturation 

temperatures had significantly increased the heat transfer coefficients. Regarding 

pressure drops, their experimental results showed that higher mass fluxes and lower 

saturation temperatures led to higher pressure drops because of increased two-phase 

velocity. 

The experimental heat transfer coefficients of CO2 flow condensation in smooth tubes 

obtained under similar test conditions by different authors are shown in Figure 2.3a to 

3e. Except for Kang et al.[13]’s experimental data at a saturation temperature of -

10°C, the remainder of the experimental results were all obtained at a saturation 

temperature of -15°C. It can be seen that for the experimental data of references[12, 

13], the heat transfer coefficient was not strongly dependent on the mass flux, only 

varying between 2000 to 5000Wm
-2

K
-1

 for mass fluxes ranging from 50 to 1000kgm
-

2
s

-1
. However, a trend of increasing heat transfer coefficient with increasing of mass 

flux can be seen from the experimental results of references[7, 8, 10].  

Disagreements in experimental results under similar conditions were produced from 

different test rigs under different test procedures. For the experimental measurements, 

the arithmetic average of the inlet and outlet vapour qualities of the tested refrigerant 

is used as a representative vapour quality for the quasi-local condensation heat 

transfer coefficient. To ensure the measured heat transfer coefficient is close to the 

value at a particular vapour quality point, and not the value for a “partial 

condensation” process, change in the vapour quality through the test section should be 

small. However, for some of the compared studies, the vapour quality change 

information was not given.  

 



CHAPTER 2.  CO2 IN-TUBE FLOW CONDENSATION LITERATURE REVIEW 

 

25 
 

2.4  Chapter conclusions 

This chapter reviews of the fundamental theory of the pressure drop and flow regime 

transition for in-tube two-phase flow. The two-phase multiplier method provides an 

empirical tool to calculate the two-phase frictional pressure drop by using the relevant 

single-phase variables. The transition of flow regimes is reviewed regarding the 

boundary values between the main heat transfer mechanisms of flow condensation.   

In addition, recent experimental studies on CO2 flow condensation are examined. The 

disagreements in the heat transfer characteristics of CO2 flow condensation are 

evident from the various experimental studies. 
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Chapter 3.  Evaluation of the existing flow 

condensation models  

With the advent of novel substitute refrigerants, the well-established semi-analytical 

correlations for flow condensation heat transfer are challenged by the different 

thermos-physical properties and failed to predict the new applications accurately. 

Working under high reduced pressure conditions, CO2 together with some substitute 

refrigerants, such as R404a and R410a, are known as “high-pressure” fluids. One 

significant feature of these refrigerants is that the vapour densities are higher than 

those of conventional refrigerants, such as R134a and R22, under equivalent working 

conditions. The different thermophysical properties lead to the different heat transfer 

characteristics and also calls into question the validity of applying the heat transfer 

and pressure drop models developed for traditional refrigerants to the novel 

refrigerants. This chapter compares the predictions of the existing flow regime 

transition criteria, flow condensation heat transfer and pressure drop models with the 

relevant experimental data available in the open literature, to identify the necessity for 

the development of a specialised flow condensation model for CO2. 

 

3.1  Flow regime prediction for CO2 in-tube flow condensation  

To find a suitable flow regime transition predictor for CO2 in-tube flow condensation, 

the Soliman modified Froude number Frso, and the dimensionless vapour velocity JG, 

proposed by Cavallini et al.[35], are evaluated by the observed flow regime points by 

Jang and Hrnjak in the coordinate of mass flux versus vapour quality, as shown in 

Figure 3.1 and 3.2. 

Dobson et al.[26] verified Soliman’s Froude number against the flow regime 

observations of refrigerants R-134a, R22,and 60/40 and 50/50 blends of R-32 and 

R125 in horizontal tubes with inner diameters of 3.14mm, 4.57mm, and 7.04mm, 

respectively. Soliman’s transition criteria agreed well with Dobson’s experimental 
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observations based on a comparison between the predicted and experimental effects 

of mass flux, tube diameter and saturation pressure on flow regime transition. Dobson 

et al.[36] proposed that Frso=18 was the value for transition from annular to wavy 

flow for the refrigerants R12 and R134a. In Figure 3.1, it can be seen that Soliman’s 

transition values of Frso=6 and Frso=14, are better fits for the effects of mass flux and 

vapour quality on the CO2 flow regime transition. The smaller value of Frso=14 

compared to the original value of Frso=18 means that annular flow is sustained for 

longer with CO2 than is the case for R12 and R134a. The physical interpretation is 

that the required inertia force to overcome the increasing liquid gravity to form an 

annular flow is smaller for CO2 than for R12 and R134a under equivalent working 

conditions. The smaller inertia force of  CO2 can be explained regarding the following 

comparison of the physical properties of the refrigerants. The dynamic viscosity of 

liquid CO2 at a saturation temperature of -15ºC is 62% and 75% of that of R12 and 

R134a at 35ºC, respectively. Therefore, to achieve the same superficial liquid 

Reynolds number, the lower viscosity of liquid CO2 requires a lower inertia force than 

is the case for R12 and R134a, which results in a lower value of Frso. 

 

 

Figure 3.1 The observations of CO2 condensing flow regimes by Jang and Hrnjak[8] with Soliman’s modified 
Froude number[25] 
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Figure 3.2 The observations of CO2 condensing flow regimes by Jang and Hrnjak[8] with the dimensionless 
vapour velocity[35] plotted in the mass flux-vapour quality coordinates 

 
 

The dimensionless vapour velocity JG was proposed as the parameter for annular-to-

wavy flow transition by Breber et al.[37], Sardesai et al.[38] and Tandon et al.[39] 

based on flow regime observations of R12 and R22. It had a similar meaning to 

Soliman’s modified Froude number, in that for annular flow, JG represented the 

magnitude of the vapour shear stress required to overcome the gravity force exerting 

on the liquid film. Cavallini et al.[35]summarised the flow transition criteria[37-39] 

and proposed JG =2.5 as the transition from the annular-to-stratified flow. The 

Lockhart-Martinelli parameter Xtt=1.6 was used as the stratified-to-slug flow 

transition. This flow regime classification and the proposed flow condensation model 

by Cavallini accurately predicted the heat transfer and pressure drop of high-pressure 

working fluids.[35] Figure 3.2 shows Jang’s CO2 flow regime observation results with 

the flow transition parameters of JG and Xtt proposed by Cavallini. It can be seen that 

a smaller value of JG =2 is more appropriate than the original value of JG =2.5 to 

predict the effects of mass flux and vapour quality on the annular-to-wavy flow 

transition, especially at high mass flux conditions. The dimensionless vapour mass 

velocity JG is inversely proportional to the vapour density and the liquid-to-vapour 

density difference of working fluids. CO2 has a vapour density at the saturation 

temperature of -15ºC which is 143% and 120% of that of R12 and R22 at 30ºC 

respectively, with an equivalent liquid-to-vapour density difference. For the annular-
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to-wavy transition under the same mass flux and vapour quality conditions, the larger 

vapour densities of CO2 than those of R12 and R22 led to a relatively smaller JG than 

the original value proposed by Cavallini.  

 

 

Figure 3.3 The observations of CO2 condensing flow regimes by Jang and Hrnjak[8] with the customised flow 
boiling transition criteria for CO2[40] plotted in the mass flux-vapour quality coordinates 

 
 

One customised flow map for CO2 was proposed and developed by Cheng et al.[40] 

for flow boiling. The predicted flow patterns included fully-stratified flow (S), 

stratified-wavy flow (SW), intermittent flow (I), annular flow (A), mist flow (M) and 

bubbly flow (B) which were taken from the Wojtan-Ursenbacker-Thome flow boiling 

pattern map.[41] Transitions from intermittent flow to annular flow, and from annular 

flow to the dry out region were not based on visual observation but were fitted to the 

changes in experimental CO2 flow boiling heat transfer characteristics, such as, the 

drop in heat transfer coefficients with the appearance of annular flow which 

suppresses the nucleate boiling of intermittent flow, and the sharp drop of heat 

transfer coefficient which occurs with dry out. To evaluate the predictions of the 

Cheng et al. flow boiling map for CO2 flow condensation, the transition criteria are 

plotted in a mass flux-vapour quality diagram in Figure 3.3 with the observations of 

Jang and Hrnjak, expecting the dry out region, which does not occur for flow 

condensation. The SW-A transition for flow boiling is modified for flow condensation 
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by extending the boundary line from the lowest point to the vapour quality of x=1, 

which represents the beginning of condensation. It can be seen that the border line of 

I-A can acceptably predict the transition from slug to wavy flows for flow 

condensation, but all wavy flow observation points are predicted as annular flow. 

This is not surprising as the I-A transitions were defined by the decrease of nucleate 

boiling heat transfer coefficients for CO2 flow boiling by Cheng. For flow 

condensation in horizontal tubes, wavy flows account for a relatively high proportion 

in the whole condensation process, especially at the low mass flux conditions as 

shown in Table 2.2. The heat transfer mechanism for wavy flows is dependent on the 

interaction of the convective condensation heat transfer of annular flows and the 

dominant film condensation of stratified flows, and should be accounted for in a flow 

condensation model. Therefore, it can be concluded that the Cheng et al. flow map is 

not adequate for application to the case of CO2 flow condensation due to a lack of 

prediction accuracy for wavy flows. 

 

3.2  Evaluation of existing two-phase frictional pressure drop models 

It is desirable to minimise the energy required to operate heat exchangers in a 

refrigeration system.[4] Ideally condensing and evaporating heat exchangers should 

exhibit high heat transfer effectiveness with a low-pressure drop. Therefore, for the 

design of condensers, the ability to accurately predict pressure drop is as important as 

the prediction of heat transfer. 

For the modelling of the two-phase pressure drop, the one-dimensional flow analysis 

implies that the pressure drop inside horizontal tubes for two-phase flows includes the 

pressure drop component caused by the phase change under diabatic conditions and 

the frictional pressure drop component. Thus, the frictional pressure drop for two-

phase flow needs to be measured under adiabatic conditions so that the phase change 

effect is eliminated. Measurements of the frictional pressure drop of CO2 two-phase 

flow inside smooth tubes were conducted by the authors[7, 8, 13, 42] listed in Table 

3.1, and the pressure drop data from these references were summarised to create a 

databank. In Kang’s experimental studies, the pressure drop data with condensation 
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occurring were used to evaluate the frictional pressure drop models, and this might be 

the reason that the pressure drop data in these references tend to be under-predicted by 

the models which were developed for calculating the frictional pressure drop. As the 

quality change and the heat flux information was not given, the CO2 condensation 

pressure drop data in Kang’s study are not used to evaluate the frictional pressure 

drop models. 

                  Table 3.1 The databank for CO2 two-phase flow frictional pressure drop in horizontal tubes 
 
 

References Number of 

measurements 

Tube diameter 

(mm) 

Tsat (ºC) 𝐆  (kgm
-2

s
-1

) Measurement 

conditions 

Jang and Hrnjak[8] 53 6.1 -25,-15 200-400 adiabatic 

Zilly et al.[7] 14 6.1 -25,-15 200-400 adiabatic 

Kang et al.[13] 50 5.15 -10-5 600-1000 diabatic 

Park and Hrnjak[42] 24 6.1 -30,-15 200-400 adiabatic 

 

For CO2 frictional pressure drop in smooth tubes, the datasets of Zilly et al.[7], Jang 

and Hrnjak[8], and Park and Hrnjak[42] are used to evaluate the frictional pressure 

drop models of Cavallini et al.[35], Friedel[43] and Muller-Steinhagen and Heck[44]. 

Cavallini modified the Friedel model by correlating the constant and power numbers 

to the “high pressure” refrigerant experimental pressure drop data and the resulted 

new frictional pressure drop model was implemented into an annular flow heat 

transfer correlation[35]. The pressure drop model proposed by Muller-Steinhagen and 

Heck showed the best predictions for 788 pressure drop data points of five 

refrigerants irrespective of flow regimes. It gave the best prediction for the annular 

flow pressure drops of these refrigerants when compared to the other six pressure 

drop calculation methods in the study of Ould Didi et al.[45] In Park and Hrnjak[42]’s 

study on the CO2 frictional pressure drop, the Muller-Steinhagen and Heck model also 

performed better, with prediction errors of less than 20% compared to the other 

pressure drop models. The selected models for calculating the frictional pressure drop 

are listed in Table 3.2.  
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Table 3.2 The two-phase frictional pressure drop models proposed by Cavallini et al.[35], Friedel[43] and 
Muller-Steinhagen and Heck[44] 

 
 

Reference Pressure drop model 

Cavallini et al.[35] 

(𝑑𝑃 𝑑𝑧⁄ )𝑓 = 𝜙𝐿𝑜
2 (𝑑𝑃 𝑑𝑧⁄ )𝑓,𝐿𝑜 = 𝜙𝐿𝑜

2 2𝑓𝐿𝑜 𝐺
2 (𝐷𝜌𝐿)⁄  

𝜙𝐿𝑜
2 = 𝐸 + (𝟏. 𝟐𝟔𝟐𝐹𝐻) 𝑊𝑒𝟎.𝟏𝟒𝟓𝟖⁄  

𝐸 = (1 − 𝑥)2 + 𝑥2 (𝜌𝐿𝑓𝑉𝑜) (𝜌𝑉𝑓𝐿𝑜)⁄  

𝐹 = 𝑥𝟎.𝟔𝟗𝟕𝟖 

𝐻 = (𝜌𝐿 𝜌𝑉⁄ )𝟎.𝟑𝟐𝟕𝟖(𝜇𝑉 𝜇𝐿⁄ )−𝟏.𝟏𝟖𝟏(1 − 𝜇𝑉 𝜇𝐿⁄ )𝟑.𝟒𝟕𝟕 

𝑊𝑒 = 𝐺2𝐷 (𝜌𝑉𝜎)⁄  

𝑓𝐿𝑜 = 0.046[𝐺𝐷 𝜇𝐿⁄ ]−0.2            𝐺𝐷 𝜇𝐿⁄ > 2000 

𝑓𝑉𝑜 = 0.046[𝐺𝐷 𝜇𝑉⁄ ]−0.2            𝐺𝐷 𝜇𝑉⁄ > 2000 

𝑓𝐿𝑜 = 16 [𝐺𝐷 𝜇𝐿⁄ ]⁄            𝐺𝐷 𝜇𝐿⁄ ≤ 2000 

𝑓𝐺𝑜 = 16 [𝐺𝐷 𝜇𝐺⁄ ]⁄            𝐺𝐷 𝜇𝐺⁄ ≤ 2000 

Friedel[43] 

(𝑑𝑃 𝑑𝑧⁄ )𝑓 = 𝜙𝐿𝑜
2 (𝑑𝑃 𝑑𝑧⁄ )𝑓,𝐿𝑜 = 𝜙𝐿𝑜

2 2𝑓𝐿𝑜 𝐺
2 (𝐷𝜌𝐿)⁄  

𝜙𝐿𝑜
2 = 𝐸 + (3.24𝐹𝐻) (𝐹𝑟𝐻

0.045𝑊𝑒0.035)⁄  

𝐸 = (1 − 𝑥)2 + 𝑥2 (𝜌𝐿𝑓𝑉𝑜) (𝜌𝑉𝑓𝐿𝑜)⁄  

𝐹 = 𝑥0.78(1 − 𝑥)0.224 

𝐹𝑟𝐻 = 𝐺
2 (𝑔𝐷𝜌𝐻

2 )⁄  

𝜌𝐻 = (
𝑥

𝜌𝑉
+
1 − 𝑥

𝜌𝐿
)
−1

 

𝐻 = (𝜌𝐿 𝜌𝑉⁄ )0.91(𝜇𝑉 𝜇𝐿⁄ )0.19(1 − 𝜇𝑉 𝜇𝐿⁄ )0.7 

𝑊𝑒 = 𝐺2𝐷 (𝜌𝑉𝜎)⁄  

𝑓𝐿𝑜 = 0.046[𝐺𝐷 𝜇𝐿⁄ ]−0.2            𝐺𝐷 𝜇𝐿⁄ > 2000 

𝑓𝑉𝑜 = 0.046[𝐺𝐷 𝜇𝑉⁄ ]−0.2            𝐺𝐷 𝜇𝑉⁄ > 2000 

𝑓𝐿𝑜 = 16 [𝐺𝐷 𝜇𝐿⁄ ]⁄            𝐺𝐷 𝜇𝐿⁄ ≤ 2000 

𝑓𝐺𝑜 = 16 [𝐺𝐷 𝜇𝐺⁄ ]⁄            𝐺𝐷 𝜇𝐺⁄ ≤ 2000 

Muller-Steinhagen and 

Heck[44] 

(𝑑𝑃 𝑑𝑧⁄ )𝑓 = 𝑎(1 − 2𝑥)(1 − 𝑥)
1 3⁄ + 𝑏[2𝑥(1 − 𝑥)1 3⁄ + 𝑥3] 

𝑎 = (
𝑑𝑃

𝑑𝑧
)
𝐿𝑜
= 0.079 (

𝜇𝐿
𝐺𝐷
)
0.25

(
2𝐺2

𝐷𝜌𝐿
) 

𝑏 = (
𝑑𝑃

𝑑𝑧
)
𝑉𝑜
= 0.079 (

𝜇𝑉
𝐺𝐷
)
0.25

(
2𝐺2

𝐷𝜌𝑉
) 
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Figure 3.4 Comparison between the pressure drop predicted by a. Cavallini model[35], b. Friedel model[43], c. 
Muller-Steinhagen and Heck model[44], and experimental CO2 flow pressure drop inside smooth tubes from 

references[7, 8, 42] 
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Table 3.3 Statistical comparison between the frictional pressure drop predicted by models[35, 43, 44], and the 
experimental CO2 flow pressure drop inside smooth tubes from references[7, 8, 42] 

 

The results are plotted for comparison in Figure 3.4, and the statistics are listed in 

Table 3.3. It is shown that all of these models can predict the experimental data of 

CO2 frictional pressure drop with acceptable errors. To individually check the 

evaluations of the pressure drop models, comparisons between these models and all 

the data points in different flow regimes are also listed in Table 3.3. The classification 

of the data points is as per Jang’s observations since these studies used the same test 

rig as Jang’s. The results show that all the models make more accurate predictions of 

the pressure drop in wavy flows compared to those for stratified and annular flows. In 

Figure 3.4, it is shown that the Muller-Steinhagen & Heck correlation makes better 

predictions in small and medium pressure drop range, while the Cavallini model is 

more accurate for the high-pressure regions. The statistical results also show that the 

Muller-Steinhagen& Heck model predicts the CO2 frictional pressure drop in 

stratified wavy flows accurately while the Cavallini model has a slightly more 

accurate prediction for the data points in annular flow. 

 

3.3  Evaluation of existing flow condensation heat transfer models 

A number of widely used flow condensation models which were developed from 

experimental studies on other refrigerants, are the models proposed by Dobson and 

Chato[26], Cavallini et al.[27], Shah[28], Akers and Rosson[46], and Thome et al.[47] 

These models are listed in Table 3.4.  

  

 Zilly et al.[7] 
Jang and 

Hrnjak[8] 

Park and 

Hrnjak[42] 

Stratified 

flows 

Wavy 

flows 

Annular 

flows 
Total 

 σa σb σa σb σa σb σa σb σa σb σa σb σa σb 

Cavallini et al.[35] 2 18 0 15 6 22 24 24 6 8 -8 15 2 17 

Friedel[43] -14 28 -11 21 -8 21 30 30 1 7 -25 25 -10 22 

Müller-Steinhagen 

and Heck[44] 
-14 17 -12 14 -9 17 3 7 -4 4 -19 19 -12 15 
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Table 3.4 The flow condensation heat transfer models developed by Dobson and Chato[26], Cavallini et al.[27], 
Shah[28], Akers and Rosson[46], and Thome et al.[47] in horizontal tubes 

 
 

Reference Heat transfer models for flow condensation  

Dobson and Chato[26] 

𝑁𝑢 =
ℎ𝐷

𝑘𝐿
= 0.023𝑅𝑒𝐿

0.8𝑃𝑟𝐿
0.4(1 + 2.22 𝑋𝑡𝑡

0.889⁄ ) 

For G>500kg/m
2
-s or G<500kg/m

2
-s and Frso>20 

𝑁𝑢 =
ℎ𝐷

𝑘𝐿
= 𝑁𝑢𝑓𝑙 + (1 − 𝜃𝑠𝑎𝑡 𝜋⁄ )𝑁𝑢𝑓𝑐 

For G<500kg/m
2
-s and Frso<20 

𝑁𝑢𝑓𝑙 = 0.23𝑅𝑒𝑉𝑜
0.12 (𝐺𝑎𝐿𝑃𝑟𝐿 𝐽𝑎𝐿⁄ )0.25 (1 + 1.11𝑋𝑡𝑡

0.58)⁄  

𝑁𝑢𝑓𝑐 = 0.0195𝑅𝑒𝐿
0.8𝑃𝑟𝐿

0.4(1.376 + 𝐶1 𝑋𝑡𝑡
𝐶2⁄ )

0.5
 

𝐶1 = 4.172 + 5.48𝐹𝑟𝐿 − 1.564𝐹𝑟𝐿
2; 𝐶2 = 1.773 − 0.169𝐹𝑟𝐿 

For 𝐹𝑟𝐿 = (𝐺 𝜌𝐿⁄ )2 (𝑔𝐷)⁄ <0.7 

𝐶1 = 7.242; 𝐶2 = 1.655 

For 𝐹𝑟𝐿 = (𝐺 𝜌𝐿⁄ )2 (𝑔𝐷)⁄ ≥0.7 

𝜃𝑠𝑡𝑟𝑎 = 𝜋 − cos
−1(2휀 − 1) 

Where 휀 = [1 +
1−𝑥

𝑥
(
𝜌𝑉

𝜌𝐿
)
2 3⁄

]
−1

 

Cavallini et al.[27] 

For annular flow: ℎ𝑎 = 𝜌𝐿𝑐𝑝,𝐿(𝜏 𝜌𝐿⁄ )0.5 𝑇+⁄  

𝑇+ = 𝛿+𝑃𝑟𝐿                                                                    𝛿+ ≤ 5 

𝑇+ = 5{𝑃𝑟𝐿 + ln[1 + 𝑃𝑟𝐿(𝛿
+ 5⁄ − 1)]}               5 < 𝛿+ < 30 

𝑇+ = 5[𝑃𝑟𝐿 + ln(1 + 5𝑃𝑟𝐿) + 0.495 ln(𝛿
+ 30⁄ )]      𝛿+ ≥ 30 

𝑅𝑒𝐿 = 4𝑚𝐿 (𝜋𝐷𝜇𝐿)⁄ = 𝐺(1 − 𝑥)𝐷 𝜇𝐿⁄  

𝛿+ = (𝑅𝑒𝐿 2⁄ )0.5                                        for        𝑅𝑒𝐿 ≤ 1145 

𝛿+ = 0.0504𝑅𝑒𝐿
7 8⁄                                    for        𝑅𝑒𝐿 > 1145 

𝜏 = (𝑑𝑃 𝑑𝑧⁄ )𝑓 𝐷 4⁄  

(𝑑𝑃 𝑑𝑧⁄ )𝑓 = 𝜙𝐿𝑜
2 (𝑑𝑃 𝑑𝑧⁄ )𝑓,𝐿𝑜 = 𝜙𝐿𝑜

2 2𝑓𝐿𝑜 𝐺
2 (𝐷𝜌𝐿)⁄  

𝜙𝐿𝑜
2 = 𝐸 + (𝟏. 𝟐𝟔𝟐𝐹𝐻) 𝑊𝑒𝟎.𝟏𝟒𝟓𝟖⁄  

𝐸 = (1 − 𝑥)2 + 𝑥2 (𝜌𝐿𝑓𝑉𝑜) (𝜌𝑉𝑓𝐿𝑜)⁄  

𝐹 = 𝑥𝟎.𝟔𝟗𝟕𝟖 

𝐻 = (𝜌𝐿 𝜌𝑉⁄ )𝟎.𝟑𝟐𝟕𝟖(𝜇𝑉 𝜇𝐿⁄ )−𝟏.𝟏𝟖𝟏(1 − 𝜇𝑉 𝜇𝐿⁄ )𝟑.𝟒𝟕𝟕 

𝑊𝑒 = 𝐺2𝐷 (𝜌𝑉𝜎)⁄  

𝑓𝐿𝑜 = 0.046[𝐺𝐷 𝜇𝐿⁄ ]−0.2            𝐺𝐷 𝜇𝐿⁄ > 2000 

𝑓𝑉𝑜 = 0.046[𝐺𝐷 𝜇𝑉⁄ ]−0.2            𝐺𝐷 𝜇𝑉⁄ > 2000 

𝑓𝐿𝑜 = 16 [𝐺𝐷 𝜇𝐿⁄ ]⁄            𝐺𝐷 𝜇𝐿⁄ ≤ 2000 

𝑓𝐺𝑜 = 16 [𝐺𝐷 𝜇𝐺⁄ ]⁄            𝐺𝐷 𝜇𝐺⁄ ≤ 2000 

For stratified and annular-stratified transition flow when 𝑱𝑽<2.5 and 

𝑿𝒕𝒕<1.6: 

 ℎ𝑡𝑟𝑎𝑛𝑠 = (ℎ𝑎(𝐽𝑉 = 2.5) − ℎ𝑠𝑡𝑟𝑎𝑡)(𝐽𝑉 2.5⁄ ) + ℎ𝑠𝑡𝑟𝑎𝑡 
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ℎ𝑠𝑡𝑟𝑎𝑡

= 0.725{1 + 0.82[(1 − 𝑥) 𝑥⁄ ]0.268}−1[𝑘𝐿
3𝜌𝐿(𝜌𝐿 − 𝜌𝑉)𝑔𝑖𝐿𝑉 (𝜇𝐿𝐷∆𝑇)⁄ ]0.25

+ ℎ𝐿(1 − 𝜃𝑠𝑡𝑟𝑎 𝜋⁄ ) 

ℎ𝐿 = ℎ𝐿𝑂(1 − 𝑥)
0.8 

ℎ𝐿𝑂 = 0.023(𝐺𝐷 𝜇𝐿⁄ )0.8𝑃𝑟𝐿
0.4 𝑘𝐿 𝐷⁄  

𝜃𝑠𝑡𝑟𝑎 = 𝜋 − cos
−1(2휀 − 1) 

Where 휀 = [1 +
1−𝑥

𝑥
(
𝜌𝑉

𝜌𝐿
)
2 3⁄

]
−1

 

For slug and stratified-slug transition flow when 𝑱𝑽<2.5 and 𝑿𝒕𝒕>1.6: 

 ℎ𝑠𝑡−𝑠𝑙 = ℎ𝐿𝑂 + 𝑥(ℎ1.6 − ℎ𝐿𝑂)/𝑥1.6 

𝑥1.6 = (𝜇𝐿 𝜇𝑉⁄ )1 9⁄ (𝜌𝑉 𝜌𝐿⁄ )5 9⁄ /[1.686 + (𝜇𝐿 𝜇𝑉⁄ )1 9⁄ (𝜌𝑉 𝜌𝐿⁄ )5 9⁄ ] 

ℎ1.6 is for ℎ𝑡𝑟𝑎𝑛𝑠 with 𝑥1.6 

Shah[28] 

𝑁𝑢 = [(1 − 𝑥)0.8 + 3.8𝑥0.76 (1 − 𝑥)0.04 𝑃𝑟
0.38⁄ ]0.023(𝐺𝐷 𝜇𝐿⁄ )0.8𝑃𝑟𝐿

0.4 

0.002 < 𝑃𝑟 ≤ 0.44; 10.8 < 𝑃𝑟 ≤ 1600kg/m
2
-s; 𝑃𝑟 > 0.5; 0 < 𝑥 < 1 

𝑅𝑒𝐿𝑜 = 𝐺𝐷 𝜇𝐿⁄ >350; 7 < 𝐷 < 40mm; 3 ≤ 𝐷 𝜌𝑉⁄ ≤ 300m/s 

Akers and Rosson[46] 

𝑁𝑢 = 13.8𝑃𝑟𝐿
1 3⁄ [𝑖𝐿𝑉 (𝑐𝑝∆𝑇)⁄ ]

1 6⁄
[𝐺𝐷𝑥(𝜌𝐿 𝜌𝑉⁄ )1 2⁄ 𝜇𝐿⁄ ]

0.2
 

For     1000 < 𝐺𝐷𝑥(𝜌𝐿 𝜌𝑉⁄ )1 2⁄ 𝜇𝐿⁄ < 20000 

𝑁𝑢 = 0.1𝑃𝑟𝐿
1 3⁄ [𝑖𝐿𝑉 (𝑐𝑝∆𝑇)⁄ ]

1 6⁄
[𝐺𝐷𝑥(𝜌𝐿 𝜌𝑉⁄ )1 2⁄ 𝜇𝐿⁄ ]

2 3⁄
 

For     20000 < 𝐺𝐷𝑥(𝜌𝐿 𝜌𝑉⁄ )1 2⁄ 𝜇𝐿⁄ < 100000 

𝑁𝑢 = 0.026𝑃𝑟𝐿
1 3⁄ {𝐷[𝐺𝑥(𝜌𝐿 𝜌𝑉⁄ )1 2⁄ + 𝐺(1 − 𝑥)] 𝜇𝐿⁄ }

0.8
 

For     𝐺𝐷(1 − 𝑥) 𝜇𝐿⁄ > 5000 and 𝐺𝐷𝑥(𝜌𝐿 𝜌𝑉⁄ )1 2⁄ 𝜇𝐿⁄ > 20000 

Thome et al.[47] 

휀 = ℎ− 𝑟𝑎

ln( ℎ 𝑟𝑎⁄ )
                     휀ℎ = [1 + (

1−𝑥

𝑥
) (

𝜌𝑣

𝜌𝑙
)]
−1

 

 

   휀𝑟𝑎 =
𝑥

𝜌𝑣
([1 + 0.12(1 − 𝑥)] (

𝑥

𝜌𝑣
+
1 − 𝑥

𝜌𝑙
)

+
1.18(1 − 𝑥)[𝑔𝜎(𝜌𝑙 − 𝜌𝑣)]

0.25

𝐺𝜌𝑙
0.5 )

−1

 

 

𝜃𝑠 𝜋⁄ =
𝑎𝑟𝑐𝑐𝑜𝑠(2휀 − 1)

𝜋
 

 For annular, intermittent and mist flow, 

ℎ𝑎 = 0.003𝑅𝑒𝐿
0.74𝑃𝑟𝐿

0.5𝑘𝐿 𝛿⁄ 𝑓𝑖 

𝑓𝑖 = 1 + (
𝑢𝑉
𝑢𝐿
)
0.5

(
(𝜌𝑙 − 𝜌𝑣)𝑔𝛿

2

𝜎
)

0.25

 

𝐴𝑐(1 − 휀) =
2𝜋 − 𝜃

8
[𝐷2 − (𝐷 − 2𝛿)2] 

𝜃 = 𝜃𝑠𝑡𝑟𝑎 [
𝐺𝑤𝑎𝑣𝑦 − 𝐺

𝐺𝑤𝑎𝑣𝑦 − 𝐺𝑠𝑡𝑟𝑎𝑡
]

0.5

 

 where 𝐺𝑤𝑎𝑣𝑦 , 𝐺𝑠𝑡𝑟𝑎𝑡 determined from flow pattern criteria[48] 
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𝐴𝑐(1 − 휀) =
𝐷2

8
[(2𝜋 − 𝜃𝑠𝑡𝑟𝑎) − sin(2𝜋 − 𝜃𝑠𝑡𝑟𝑎)] 

ℎ𝑡𝑝 =
ℎ𝑓𝑅𝜃 + (2𝜋 − 𝜃)𝑅ℎ𝑎

2𝜋𝑅
 

 

ℎ𝑓 = 0.728(𝐺𝑎𝐿𝑃𝑟𝐿 𝐽𝑎𝐿⁄ )0.25 

For stratified flow, 𝜽 = 𝜽𝒔𝒕𝒓𝒂, 

 

𝑓𝑖 = 1 + (
𝑢𝑉
𝑢𝐿
)
0.5

(
(𝜌𝑙 − 𝜌𝑣)𝑔𝛿

2

𝜎
)

0.25

(
𝐺

𝐺𝑠𝑡𝑟𝑎𝑡
) 

 

For stratified-annular flow, 𝜽 = 𝜽  

 

For general purpose applications, the predictions of the condensation models are 

compared with the experimental heat transfer data of CO2 flow condensation. A 

databank is created from the experimental studies in the open literature. A summary is 

listed in the following table.  

                      Table 3.5 Heat transfer data bank from the experimental studies in the open literature 
 

 

 
Number of 

measurements 

Tube inner 

diameter (mm) 
Tsat (ºC) 𝐆 (kgm

-2
s

-1
) ∆T (K) 

Zilly et al.[7] 26 6.1 -25,-15 200-400 3,6 

Jang and Hrnjak[8] 83 6.1 -25,-15 200-400 3,6 

Kim et al.[10] 45 3.48 -25,-15 200-800 3,6 

Kondou and Hrnjak[11] 83 6.1 
14.3-45 

Psat: 5-7.5MPa 
100-240 - 

Iqbal and Bansal[12] 72 6.52 -15-0 50-200 - 

Kang et al.[13] 83 5.15 -10-5 600-1000 - 

Son and Oh[14] 35 4.95 20-30 400-800 - 

 

The in-tube flow condensation models listed in Table 3.4 are evaluated against the 

experimental smooth tube CO2 condensation data. The comparisons between these 

models and the CO2 low-temperature condensation data are shown in Figure 3.5. The 

worst prediction by these models is obtained for the dataset of Kang et al.[13]. As 

such it has been omitted from further analysis.  
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Figure 3.5 Comparison between Nusselt number predicted by models; a.Dobson and Chato[26] b.Cavallini et 
al.[27] c.Shah[28] d.Akers and Rosson[46] e.Thome et al.[47] and the experimental Nusselt number of CO2 flow 

condensation inside smooth tubes[7, 8, 10, 12, 13] 
 
 

Statistical comparisons of the data  (without the Kang dataset) are listed in Table 3.6 

showing that all the selected heat transfer models over predict the experimental data. 
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It can be seen that except Dobson’s, all models predict the experimental data with a 

mean absolute deviation of approximately 30%. The Cavallini model[27] gives the 

most accurate prediction, and it is thought that the reason is that the heat transfer 

databank used to develop the Cavallini correlations included the CO2 experimental 

dataset of Jang and Hrnjak[8]. As shown in Figure 3.5, the Thome, Cavallini, and 

Shah models all correctly capture the trends of the experimental Nusselt numbers of 

Zilly et al.[7], Jang and Hrnjak[8] and Kim et al.[10], but they have different 

predictions for the dataset of Iqbal and Bansal[12]. 

Table 3.6 Statistical comparison between Nusselt number predicted by models a.Dobson and Chato[26] 
b.Cavallini et al.[27] c.Shah[28] d.Akers and Rosson[46] e.Thome et al.[47] and the experimental Nusselt 

number of CO2 flow condensation inside smooth tubes [7, 8, 10, 12, 13] 
 
 

 Zilly et al.[7] 
Jang and 

Hrnjak[8] 
Kim et al.[10] 

Iqbal and 

Bansal[12] 
Total 

 σa σb σa σb σa σb σa σb σa σb 

Dobson and 

Chato[26] 
46 46 49 49 54 54 56 57 52 52 

Cavallini et al.[27] 16 18 22 23 21 23 33 43 25 29 

Shah[28] 28 28 32 33 31 35 8 27 24 31 

Akers and Rosson[46] 15 22 19 26 47 51 13 33 22 32 

Thome et al.[47] 14 17 20 24 14 17 52 66 28 35 

 

As Kondou and Hrnjak[11], Son and Oh[14] datasets are outside of the reduced 

pressure validity range of these models, the comparison is plotted separately in Figure 

3.6 with the statistical deviations given in Table 3.7. Kondou and Hrnjak modified 

Cavallini’s correlations[27] with the liquid properties evaluated by the film 

temperature rather than the saturation temperature, due to the great variation of 

specific heat of CO2 near the critical temperature, to enable the accurate predictions 

for up to a reduced pressure of 0.97. It can be seen in Table 3.7 that the modified 

Cavallini model gives the best prediction on the Kondou and Hrnjak dataset. All the 

selected models significantly overpredict the Son and Oh dataset, and the Shah 

model[28] predicts most accurately with an absolute deviation of 63%. It should be 

pointed out that, in Son and Oh’s paper[14], models of Dobson and Chato, Shah, and 

the modified Cavallini’s were evaluated against the experimental data with mean 
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absolute deviations of 45%, 42%, and 21%, respectively. This conclusion is in 

substantial variance with the current comparison given in Table 3.7.  

 

 

 

Figure 3.6 Comparison between Nusselt number predicted by models[11, 26, 28, 46, 47] and the experimental 
Nusselt number of CO2 flow condensation inside smooth tubes at high saturation temperatures a.Kondou and 

Hrnjak[11] b.Son and Oh[14] 
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Table 3.7 Statistical comparison between Nusselt number predicted by models [11, 26, 28, 46, 47] and the 
experimental Nusselt number of CO2 flow condensation inside smooth tubes at high saturation temperatures 

a.Kondou and Hrnjak [11] b.Son and Oh [14] 
 
 

 Kondou and Hrnjak [11] Son and Oh [14] Total 

 σa σb σa σb σa σb 

Cavallini et al. [11]  5 11 57 69 21 28 

Dobson and Chato [26] 18 22 203 203 73 75 

Shah [28] -5 13 52 63 12 28 

Akers and Rosson [46] 35 35 91 107 51 56 

Thome et al. [47] -1 20 114 129 33 53 

 

3.4  Discussions on the comparisons 

Based on the evaluation of the condensation models in the above section, it is noted 

that the experimental heat transfer data of CO2 flow condensation are predicted with 

significant errors using the selected models. The reason for these prediction errors can 

be traced back to the unique heat transfer properties of CO2 at high reduced pressure 

conditions. Since the existing condensation models were developed from the 

experimental data of traditional refrigerants, such as R134a, R22, R404a, and R410a, 

condensing at saturation temperatures typically ranging from 30 to 50°C. At low 

temperatures, CO2 has thermophysical properties substantially different from those of 

traditional refrigerants under their typical condensation temperatures.  

In Figure 3.7, specific enthalpy of vaporization of CO2 and other traditional 

refrigerants are plotted as a function of saturation temperature from -30 to 60°C. It 

can be seen that the specific enthalpy of vaporization for CO2 at a saturation 

temperature of -15°C, is 170%, 160%, 220% and 170%, of that of R134a, R22, R404a 

and R410a at the condensation temperature of 40°C, respectively. The enthalpy of 

vaporisation is linked to the heat transfer coefficient of film condensation. For the 

same mass flow rate, a high enthalpy of vaporisation enhances the conductive heat 

flux through the condensate liquid film.    
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                   Figure 3.7 Comparison of the enthalpy of vaporisation between CO2 and selected refrigerants 
 
 

 

Figure 3.8 Comparison of the thermal conductivity between the saturated liquid CO2 and selected refrigerants 
 
 

The thermal conductivity of liquid CO2 and other refrigerants at different saturation 

temperatures is depicted in Figure 3.8. As can be seen, the thermal conductivity of 

CO2 at -15°C is 170%, 160%, 200%, and 160%, of that of R134a, R22, R404a and 

R410a at 40°C, respectively. This feature of CO2 leads to a higher heat transfer rate 

through a liquid film than other refrigerants at typical operating conditions. 
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In Figure 3.9, the specific heat of different refrigerants at saturation temperatures 

ranging from -30°C to 60°C is plotted. It can be seen that the specific heat of liquid 

CO2 at -15°C is 150%, 170%, 130% and 120%, of that of R134a, R22, R404a and 

R410a at 40°C, respectively. The specific heat affects the film condensation process 

when the convective item of the energy equation is not negligible. It applies to 

condensation inside horizontal tubes as the condensate on the inner tube wall is 

subjected to a vertical gravity body force and a horizontal vapour shear stress. The 

high specific heat of CO2 enhances the condensation heat transfer under the small 

saturation-to-tube wall temperature difference condition.  

 

 

         Figure 3.9 Comparison of the specific heat between the saturated liquid CO2 and selected refrigerants 

 

From these property comparisons, it can be seen that the heat transfer properties of 

CO2 at low temperatures are outside of the range for which the existed models were 

developed, it might be expected that these models would give prediction errors when 

applied to CO2 condensation.  
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3.5  Chapter conclusions 

In this chapter, firstly, the flow regime transition criteria including the Soliman’s 

modified Froude number, the dimensionless vapour velocity are evaluated based on 

the experimental observations. The experimental frictional pressure drop and heat 

transfer results are compared with the predictions given by existing correlations. 

Based on these comparisons, conclusion is made that the prediction errors regarding 

heat transfer are caused by the unique thermophysical properties CO2 at the high 

reduced pressure conditions. Comparisons between the CO2 frictional pressure drop 

experimental data and the available models show that the predictions by the Muller-

Steinhagen& Heck correlation are acceptable.  
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Chapter 4.  A new model for CO2 flow condensation 

inside horizontal tubes 

In Chapter 3, it was concluded that the existing condensation heat transfer models, 

such as those of Dobson[26], Cavallini[35] and Thome[47], over-predicted the rate of 

CO2 condensation measured in experiments.[7, 8, 10, 12-14] For some experimental 

results, errors can be great than a factor of 2.[13]  

To remedy this deficiency, this chapter will develop a heat transfer model for CO2 in-

tube flowing condensation based on the heat transfer data published by Zilly et al.[7], 

Jang and Hrnjak[8], Kim et al.[10] and Park and Hrnjak[15]. The same closed circuit 

test rig with different test tubes was used to measure the flow condensation heat 

transfer coefficient of CO2 by these authors. Experimental heat transfer data were 

obtained with mass fluxes ranging from 200 to 800kg/m
-2

-s
-1

 at saturation 

temperatures of -15 and -25˚C. Three different double-pipe test sections were used, 

consisting of test tubes with inner diameters of 6.1mm, 3.48mm, and 0.89mm, 

respectively. Jang and Hrnjak[8] also completed visual observations of condensing 

flow regimes for CO2 across the full range of vapour quality.  

Firstly, the flow regime classification using Soliman’s modified Froude number is 

verified by the trends of the relevant experimental heat transfer coefficients varying 

with different working conditions. Typical heat transfer characteristics of the stratified 

and annular flow are verified from the effects of mass flux, vapour quality and tube 

geometry on the experimental heat transfer coefficients in the designated stratified 

and annular flow regimes. For each flow regime, a heat transfer correlation is 

proposed and fitted to the relevant experimental data points. The developed model is 

compared with existing heat transfer models developed from other refrigerants to 

predict CO2 flowing condensation. Deviations between the predictions of the 

proposed model and the experimental results are discussed. 
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4.1  Flow regime transition criteria for CO2 in-tube flow 

condensation  

Comparisons between the observed CO2 two-phase flow regimes and the selected 

flow regime transition criteria in Figure 3.1 and 3.2 illustrate that the Soliman’s 

modified Froude number Frso, in Equation 2.19, can predict transitions between the 

representative flow regimes well with suitable values. In addition, the proper 

agreement between values of Frso=14, Frso=6 to transitions of annular-to-wavy and 

wavy-to-stratified has fundamental meanings for developing a CO2 flow condensation 

model because these threshold values denote the transition of heat transfer 

mechanisms from convective flow condensation to film condensation. Therefore, this 

part examines the heat transfer characteristics of published experimental data 

categorised by Frso, to verify its utility as a flow regime transition predictor of CO2 

flow condensation. 

Figure 4.1 shows the experimental CO2 condensation heat transfer coefficients 

varying with the vapour quality under different mass flux conditions from these 

studies. Soliman’s flow regime transition values, Frso=14 and Frso=6, are indicated on 

each trend line. Under each mass flux condition, Frso decreases with decreasing 

vapour quality as the two-phase fluid condenses. It can be seen from all three groups 

that, under the condition of Frso>14, experimental condensation heat transfer 

coefficients (HTCs) are strongly affected by mass flux and vapour quality. More 

specifically, high mass fluxes lead to higher heat transfer coefficients and a higher 

gradient of heat transfer coefficient respect to vapour quality than at low mass fluxes. 

These are typical characteristics for annular flow heat transfer.  

In contrast, for flows with Frso<6, the heat transfer coefficients for the three tubes are 

within a similar range and display the feature of stratified flow heat transfer that 

HTCs are independent of mass flux. Also, for all the three tubes, when the flow 

regime changes from annular to wavy, differences in HTCs for each mass flux 

condition start to decrease and approach the stratified flow regime, and the effect of 

mass flux on HTCs becomes negligible. This observation also agrees with the fact that 

flow regimes are undergoing the transition from annular to stratified flow.     
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Figure 4.1.  Heat transfer coefficients varying with vapour quality at different mass flux conditions under 
saturation temperature of -15°C from references a. Jang and Hrnjak[8] D=6.1mm b. Kim et al.[10] D=3.48mm c. 

Park and Hrnjak[15] D=0.89mm 
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The effect of tube diameter on the annular flow regime heat transfer can also be seen 

from the variation in the measured HTCs for Frso>14 in Figure 4.1. Comparing the 

heat transfer coefficients in annular flows for the same mass flux but in different 

tubes, not only does the smaller diameter tube have higher heat transfer coefficients, 

but the variation of HTCs with vapour quality also increases with decreasing tube 

diameter. Furthermore, as the tube diameter decreases, the region of annular flow 

occurs over a wider range of vapour qualities, which is of benefit in flowing 

condensation heat transfer. This dependence of annular flow heat transfer coefficient 

upon tube diameter is the reason to condense refrigerants within microchannels to 

obtain better heat transfer effects.  

To summarise, the transition values of Frso=6 and Frso=14 were found by fitting these 

values into the observed flow regime points plotted into the mass flux-vapour quality 

coordinate. In Figure 4.1, effects of mass flux, vapour quality, and tube geometry on 

the divided annular, wavy, and stratified flow experimental heat transfer coefficients 

by Soliman’s Froude number with the appropriate values agree with typical 

condensation heat transfer characteristics of the annular, wavy and stratified flow 

regimes.  

 

4.2  The main heat transfer mechanisms for in-tube flow 

condensation 

Wavy, stratified and intermittent flow condensation The overall heat transfer 

mechanism of these flow patterns has two contributions due to the stratification 

between the vapour and the liquid phases. In the upper portion of the tube, saturated 

vapour near the wall is cooled down to condense. Because the vapour velocity is not 

sufficiently strong to sustain an annular liquid layer, the condensate clinging on the 

wall is driven by its weight to move to the bottom of the tube, which is similar to 

Nusselt film condensation[49]. In the lower part of the tube, the accumulated 

condensate flows horizontally, and the liquid-vapour interface may contain different 

types of waves depending on the horizontal shear stress. For most stratified flows, 

film condensation dominates the overall heat transfer rate over that due to the 

convection of the accumulated liquid.  
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The general solution to model the upper film condensation heat transfer was 

modifying Nusselt’s analysis for film condensation on the external surface of a 

horizontal tube. An example of a stratified flow model based on film condensation is 

the model of Chato[30]. However, the convective heat transfer by the bottom liquid 

cannot be neglected under high mass flow rate and low vapour quality conditions. 

Therefore, the total heat transfer for the stratified flow is assumed to be due to both 

the upper portion film condensation and the bottom convection. Correlations of this 

form for stratified flows are the models of Dobson and Chato[26], Cavallini[27, 35] 

and Thome et al.[47] All these models used the same structure for the stratified flow 

correlation but differed in the modifications to Nusselt’s correlation and the bottom 

liquid convection items. 

Annular flows condensation The annular flow regime dominates the flowing 

condensation process and is geometrically simple compared with other flow regimes. 

Due to the flow structure of annular flows, the main thermal resistance between the 

saturated vapour and the sub-cooled tube wall lies in the liquid annular layer. The 

dominant heat transfer mechanism of annular flows is the liquid convective flow 

condensation, for which the latent heat of horizontally moving vapour is conducted 

through the liquid annular layer to the cooled inner tube wall. This feature resembles 

the single phase flow convection due to the main thermal resistance lying in the 

thermal boundary layer. Thus, the laminar or turbulent regime of liquid annular layer, 

which is represented by the superficial liquid Reynolds number 𝑅𝑒𝐿, dominates the 

overall heat transfer.  

A variety of condensation models for annular flows has been proposed based on the 

main heat transfer resistance being inside the annular liquid film. These annular flow 

models can be categorised as semi-analytical or empirical types.  

Two typical and successful semi-analytical condensation correlations for the annular 

flow are the model of Cavallini et al.[35], which originated from the Kosky and Staub 

model[33], and the model developed by Traviss et al.[24] These correlations are 

similar as they are based on the same assumption that the annular liquid layer is 

symmetrical with the thickness δ (𝛿 ≪ 𝐷), and the turbulent regime of liquid within 

the annular layer is valid, so that the log law-of-the-wall model, which was defined 

for single phase flows, can be used to establish the temperature and velocity profile 
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within the annular liquid film. Therefore, the resulting condensation heat transfer 

coefficient for annular flow is related to the inner temperature profile of the annular 

liquid film. The von-Kármán universal velocity distribution was commonly selected 

to provide the turbulent eddy diffusivity model for these correlations. 

Because the law-of-the-wall is scaled by the wall shear stress, the frictional pressure 

drop item in the one-dimensional flow model for two-phase pressure drop was used 

by these semi-analytical correlations for annular flow. The Cavallini model differs 

from the Traviss model in the means employed to find the frictional pressure drop. 

The Friedel frictional pressure drop model[43] was modified by Cavallini to correlate 

the pressure drop data of high-pressure refrigerants, while Traviss analysed the 

momentum balance on an element inside the annular liquid film. The liquid film 

thickness prediction method in the Cavallini model also differed from that used by 

Traviss model. Traviss’s annular flowing condensation correlation is given in 

Equation 4. 1. 

 
𝑁𝑢 = 𝑓(𝑋𝑡𝑡)

𝑃𝑟𝐿𝑅𝑒𝐿
0.9

𝐹
 

𝐹 = 0.707𝑃𝑟𝐿𝑅𝑒𝐿
0.5                                                           𝑅𝑒𝐿 < 50 

 

𝐹 = 5𝑃𝑟𝑙 + 5 ln[1 + 𝑃𝑟𝑙(0.09669𝑅𝑒𝐿
0.585 − 1)]    50 < 𝑅𝑒𝐿 < 1125 

 

𝐹 = 5𝑃𝑟𝑙 + 5 ln(1 + 5𝑃𝑟𝑙) + 2.5 ln(0.00313𝑅𝑒𝐿
0.812)    𝑅𝑒𝐿 > 1125 

(4.1) 

 

A second method for modelling heat transfer in annular flow comes from adding a 

two-phase multiplier to the Dittus-Boelter equation for single-phase convection. This 

method is based on the physical intuition that the flowing condensation heat transfer 

in the annular regime resembles that for single-phase convection through the thermal 

boundary layer. The two-phase multiplier is usually obtained empirically by fitting to 

experimental heat transfer data.  

The two-phase multiplier method results in empirical correlations with a simplified 

structure, and can achieve high accuracy predictions for fluid condensation. The 

available correlations for annular flows of this type are the model developed by 

Shah[28, 50], the annular flow correlation of Dobson and Chato[26], and the 

correlation of Cavallini[27]. Even though the two-phase multipliers in these 
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references differ, the various types of two-phase multiplier ultimately represent the 

ratio between the two-phase annular flowing condensation and single-phase 

convection. For example, the Shah correlation[50] is the most frequently cited two-

phase multiplier correlation to predict the annular heat transfer. The improved Shah’s 

correlation which is listed in Table 3.4, shows that when the vapour quality decreases 

to 0, the two-phase multiplier approaches unity to indicate the single-phase 

convection. Therefore, the structure of two-phase multiplier equation simplifies its 

application for generic prediction. 

 

4.3  Development of the correlation for stratified flows 

 

Figure 4.2. Schematic drawing of Nusselt type film condensation a. on the external horizontal tube wall b.in 
the upper portion of a horizontal tube 

 

As can be seen in Figure 4.2, the film condensation inside the upper tube wall for a 

stratified flow is similar to Nusselt type film condensation on the external surface of a 

horizontal tube but is different in the film condensation range and is limited in the 

azimuthal direction θ. For in-tube stratified flow, the falling film extends to its 

intersection line with the accumulated liquid from the top centre of the tube, rather 

than to the bottom of the tube. The proportion of two heat transfer parts is determined 

by a stratified angle θsat, from the top of the tube to the boundary of the accumulated 



CHAPTER 4.  A NEW MODEL FOR  CO2 FLOW CONDENSATION INSIDE HORIZONTAL TUBES 

 

54 
 

liquid level. Thus, the total heat transfer coefficient of wavy, stratified and 

intermittent flows can be expressed by, 

 
ℎ𝑠𝑎𝑡 =

𝜃𝑠𝑎𝑡
𝜋
ℎ𝑓𝑖𝑙𝑚 +

1 − 𝜃𝑠𝑎𝑡
𝜋

ℎ𝑐 (4.2) 

To model the upper portion film condensation of a stratified flow, the assumptions of 

Nusselt’s original analysis[49] can be applied from the top centre of the tube to the 

stratified angle θsat: 

1. The falling liquid film has negligible sub-cooling and constant properties, 

2. No convection heat transfer within the liquid film and the inertia force of 

liquid film can be neglected,  

3. Vapour shear stress has a negligible effect on the surface of falling film. 

Based on these assumptions, the conservation equations of momentum and energy are 

simplified as, 

 
𝜌𝐿 (𝑢

𝜕𝑢

𝜕𝑥
+ 𝑣

𝜕𝑢

𝜕𝑦
)

⏟          
𝑎𝑠𝑠𝑢𝑚𝑝𝑡𝑖𝑜𝑛 2

0 = −
𝑑𝑃

𝑑𝑥
+ 𝜇𝐿

𝜕2𝑢

𝜕𝑦2
+ 𝜌𝐿𝑔 sin 𝜃 

(4.3) 

 

 
𝜌𝐿𝑐𝑝,𝐿 (𝑢

𝜕𝑇

𝜕𝑥
+ 𝑣

𝜕𝑇

𝜕𝑦
)

⏟            
𝑎𝑠𝑠𝑢𝑚𝑝𝑡𝑖𝑜𝑛 1,2

0 = 𝑘𝐿
𝜕2𝑇

𝜕𝑦2
 

(4.4) 

The temperature and velocity boundary conditions at the tube wall and the surface of 

falling liquid film are obtained from assumption 1 and 3, 

 𝑦 = 0; 𝑇 = 𝑇𝑤, 𝑢 = 0 

𝑦 = 𝛿; 𝑇 = 𝑇𝑠𝑎𝑡 , 𝑑𝑢 𝑑𝑦⁄ = 0 

(4.5) 

Applying Equation 4.3 along the direction of y to the horizontal flowing vapour which 

has negligible velocity distribution along x direction, it is simplified to, 

 
−
𝑑𝑃

𝑑𝑥
= −𝜌𝑉𝑔 sin 𝜃 (4.6) 
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Substituting it back to Equation 4.3 with the velocity boundary condition, and 

integrating Equation 4.4 with temperature boundary condition, the liquid velocity, and 

temperature distribution along y direction at a precise location of x, which is related to 

θ, by 𝑥 = 𝑟𝜃, are reduced to, 

 

𝑢 =
(𝛿𝑦 −

𝑦2

2 )
(𝜌𝐿 − 𝜌𝑉)𝑔 sin 𝜃

𝜇𝐿
 

𝑇 =
𝑦

𝛿
(𝑇𝑠𝑎𝑡 − 𝑇𝑤) + 𝑇𝑤 

(4.7) 

The mass flow rate of condensate at a certain angle θ per unit length of the stratified 

flowing direction is obtained as, 

 
�̇� = ∫ 𝜌𝐿𝑢𝑑𝑦

𝛿

0

=
𝛿3𝜌𝐿(𝜌𝐿 − 𝜌𝑉)𝑔 sin 𝜃

3𝜇𝐿
 (4.8) 

At location x, the conductive heat transfer rate through the area, dx times the unit 

length along the axis direction, equals the latent heat of the increased condensate mass 

flow rate, and this relationship leads to, 

 
𝑖𝐿𝑉𝑑�̇� = 𝑘𝐿

𝑇𝑠𝑎𝑡 − 𝑇𝑤
𝛿

𝑑𝑥 (4.9) 

Using the expression of 𝑑�̇� after manipulation of Equation 4.10, the total increased 

mass flow rate of condensate �̇�′ from the top centre of tube to the stratified angle θsat 

is given by Equation 4.11. 

 

∫ �̇�1/3𝑑�̇�
�̇�′

0

= ∫ 𝑘𝐿
𝑇𝑠𝑎𝑡 − 𝑇𝑤
𝑖𝐿𝑉𝛿

(
𝛿3𝜌𝐿(𝜌𝐿 − 𝜌𝑉)𝑔 sin 𝜃

3𝜇𝐿
)

1/3

𝑟𝑑𝜃
𝜃𝑠𝑎𝑡

0

 (4.10) 

 

�̇�′ = 1.24(
𝑘𝐿
3(𝑇𝑠𝑎𝑡 − 𝑇𝑤)

3𝑟3𝜌𝐿(𝜌𝐿 − 𝜌𝑉)𝑔

3𝑖𝐿𝑉
3 𝜇𝐿

)

0.25

(∫ (sin𝜃)1/3

𝜃𝑠𝑎𝑡

0

𝑑𝜃)

0.75

 (4.11) 

The latent heat of the total increased condensate equals the total heat transfer rate of 

film condensation, 

 ℎ𝐿𝑉�̇�
′ = 𝑟𝜃𝑠𝑎𝑡ℎ̅(𝑇𝑠𝑎𝑡 − 𝑇𝑤) (4.12) 
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and the average heat transfer coefficient of the stratified flow film condensation to the 

stratified angle θsat is obtained as Equation 4.13. When 𝜃𝑠𝑎𝑡 = 𝜋, the coefficient of 

Equation 4.13 is 0.728, which equals that of heat transfer coefficient of film 

condensation on the external horizontal tube wall. 

 

ℎ̅ =
1.12

𝜃𝑠𝑎𝑡
(∫ (sin 𝜃)1/3

𝜃𝑠𝑎𝑡

0

𝑑𝜃)

0.75

(
ℎ𝐿𝑉𝑘𝐿

3𝜌𝐿(𝜌𝐿 − 𝜌𝑉)𝑔

𝐷𝜇𝐿(𝑇𝑠𝑎𝑡 − 𝑇𝑤)
)

0.25

 (4.13) 

The above equation can be reduced to the Nusselt number form as, 

 

𝑁𝑢0
𝜃 =

1.12

𝜃𝑠𝑎𝑡
(∫ (sin 𝜃)1/3

𝜃𝑠𝑎𝑡

0

𝑑𝜃)

0.75

⏟                  
𝐴

(
ℎ𝐿𝑉𝐷

3𝜌𝐿(𝜌𝐿 − 𝜌𝑉)𝑔

𝑘𝐿𝜇𝐿(𝑇𝑠𝑎𝑡 − 𝑇𝑤)
)

0.25

 (4.14) 

So far, it has been shown that the average Nusselt number to a given angle 𝜃 for the 

condensation outside a horizontal tube is determined by the classical film 

condensation Nusselt equation with a geometry factor related with 𝜃. Numerically 

solving the factor in front of the film condensation item in Equation 4.14, the equation 

is: 

 
𝐴 = −0.0274𝜃2 + 0.0472𝜃 + 0.84 +

0.0194

𝜃
 (4.15) 

Based on the above equation development and the basic form of stratified flow 

correlation in Equation 4.2, the below correlation is proposed to correlate the relevant 

experimental heat transfer data, more specifically, with the condition of Frso<6.  

 
𝑁𝑢𝑠𝑎𝑡 =

0.56

1 + 𝑎𝑋𝑙𝑙
𝑏 (
ℎ𝐿𝑉𝐷

3𝜌𝐿(𝜌𝐿 − 𝜌𝑉)𝑔

𝑘𝐿𝜇𝐿(𝑇𝑠𝑎𝑡 − 𝑇𝑤)
)

0.25

+ (1

− 𝜃𝑠𝑎𝑡 𝜋⁄ ) 0.023𝑅𝑒𝐿𝑜
0.8𝑃𝑟𝐿

0.4 

(4.16) 

    

The parameter 1 (1 + 𝑎𝑋𝑙𝑙
𝑏)⁄ of the film condensation term contains the laminar-

laminar Lockhart-Martinelli two-phase multiplier 𝑋𝑙𝑙  and originates from the void 

fraction developed by Butterworth et al.[51] The physical justification for this 

parameter is to express the effect of horizontal vapour drag on the gravity drained film 

condensate under the low mass flow rate conditions. Given that the ratio of the film 
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condensation on the inner upper surface of the tube to that on the horizontal tube 

external surface is uncertain, the present model has replaced the original factor 0.728 

with 0.56, which was determined by experimental data in the stratified flow regime, 

was used as the particular geometry factor for the upper tube part film condensation. 

The constant numbers in the prefactor 1 (1 + 𝑎𝑋𝑙𝑙
𝑏)⁄  are then obtained by curve-fitting 

to experimental data points of Zilly et al.[7], Jang and Hrnjak[8] and Kim et al.[10] 

for macro scale tubes with 𝑎 = 0.42 and 𝑏 = 0.786 , while for microchannel heat 

transfer data points of Park and Hrnjak[15], 𝑎 = 0.54 and 𝑏 = 1.61 are more suitable. 

The stratified angle 𝜃𝑠𝑎𝑡  was geometrically determined by the local void fraction 

proposed by EI Hajal et al.[48] for high reduced pressure refrigerants, and its 

geometry function for the stratified angle was determined using the expression of 

Jaster and Kosky[52]. Consequently, the bottom part convection was determined by 

the superficial liquid Reynolds number based Dittus-Boelter equation with a geometry 

proportion factor.       

 

4.4  Development of the correlation for annular flows 

In this study, the theoretical development of annular correlation is based on the 

Prandtl-Taylor universal velocity distribution model[53], which was numerically 

verified to give more accurate predictions of CO2 experimental flow condensation 

data compared to other models as detailed in Appendix A and shown as, 

 
𝑢+ = {

𝑦+                         for  0 < 𝑦+ < 11.5

2.44 ln 𝑦+ + 5.5         for  𝑦+ > 11.5
 (4.17) 

The Couette flow approximation is valid for the liquid in the region adjacent to the 

inner tube wall by assuming that the cross-stream molecular diffusion dominates 

advection term of the energy and momentum conservation equations. This assumption 

leads to constant heat flux and constant shear stress within the inner region, which 

equals the heat flux and the shear stress at the wall, respectively: 

 
�̇�𝑠
′′ = (𝑘 + 𝜌𝐿𝑐𝑝,𝐿휀𝐻)

𝑑𝑇

𝑑𝑦
 (4.18) 
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𝜏𝑠 = (𝜇 + 휀𝑀)
𝑑𝑢

𝑑𝑦
 

Integrating the temperature from the wall to the surface of the liquid film, and using 

the inner parameter 𝑦∗ = 𝜈𝐿 𝑢
∗⁄  to make y dimensionless as the inner position 

𝑦+ = 𝑦 𝑦∗⁄ , the heat transfer coefficient can be obtained as, 

 

∫
𝜈𝐿

(𝑘 + 𝜌𝐿𝑐𝑝,𝐿휀𝐻)𝑢∗

𝛿+

0

𝑑𝑦+ =
𝑇𝑠𝑎𝑡 − 𝑇𝑤
�̇�𝑠′′

=
1

ℎ𝑎
 (4.19) 

It can be seen that the heat transfer coefficient is determined by the inner distribution 

of eddy conductivity 휀𝐻 . As the turbulent Prandtl number is defined as 𝑃𝑟𝑡𝑢𝑟𝑏 =

휀𝑀 휀𝐻 ⁄ , the above equation of ℎ𝑎  can be solved given that the eddy viscosity is 

available. By using the inner parameter to non-dimensionlise the simplified 

momentum conservation equation in Equation 4.18, the distribution of eddy viscosity 

to the inner position can be obtained as, 

 휀𝑀
𝜈
= {
0                         for 𝑦+ < 11.5

0.41𝑦+ − 1      for 𝑦+ > 11.5
 (4.20) 

Substituting it with the turbulent Prandtl number to Equation 4.19, after arrangement 

and manipulation, the heat transfer coefficient equation is given by, 

 

1

ℎ𝑎
=

{
 
 

 
 
𝑃𝑟𝐿𝛿

+

𝜌𝐿𝑐𝑝,𝐿𝑢∗
                                                                                          for 𝛿+ < 11.5

1

𝜌𝐿𝑐𝑝,𝐿𝑢∗
[
𝑃𝑟𝑡𝑢𝑟𝑏
0.41

ln
𝑃𝑟𝑡𝑢𝑟𝑏 + 𝑃𝑟𝐿(0.41𝛿

+ − 1)

𝑃𝑟𝑡𝑢𝑟𝑏 + 3.715𝑃𝑟𝐿
+ 11.5𝑃𝑟𝐿]

⏟                              
𝐹

for 𝛿+ > 11.5
 (4.21) 

As the dimensionless liquid layer thickness is unknown, using the mass balance 

𝐺𝐴𝑐(1 − 𝑥) = 𝜌𝐿𝑢𝛿𝜋𝐷 to rearrange the superficial liquid Reynolds number  𝑅𝑒𝐿, and 

then substituting the inner parameters gives,  

 

𝑅𝑒𝐿 =
𝐺𝐷(1 − 𝑥)

𝜇𝐿
=
4𝜌𝐿𝑢𝛿

𝜇𝐿
= 4∫ 𝑢+

𝛿+

0

𝑑𝑦+ (4.22) 

Substituting the inner velocity distribution of Equation 4.17, the superficial liquid 

Reynolds number has the following relationship to 𝛿+, 

 
𝑅𝑒𝐿 = {

2(𝛿+)2                                                                         for 𝛿+ < 11.5

2.44𝛿+(ln 𝛿+ − 1) + 5.5𝛿+ + 160.78               for 𝛿+ > 11.5
 (4.23) 
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It can be rearranged to result in the expression of 𝛿+as a function of 𝑅𝑒𝐿, 

 
𝛿+ = {

0.71𝑅𝑒𝐿
0.5              for 𝑅𝑒𝐿 < 264.5

0.103𝑅𝑒𝐿
0.925        for 𝑅𝑒𝐿 > 264.5

 (4.24) 

As for the usual cases, the superficial liquid Reynolds number 𝑅𝑒𝐿is well in excess of 

264.5, only the second segment of the piecewise function is substituted to the heat 

transfer coefficient of Equation 4.24, and further rearrangement gives, 

 1

ℎ𝑎
=

1

𝜌𝐿𝑐𝑝,𝐿𝑢
∗
[
𝑃𝑟𝑡𝑢𝑟𝑏
0.41

ln
𝑃𝑟𝑡𝑢𝑟𝑏 + 𝑃𝑟𝐿(0.0421𝑅𝑒𝐿

0.925  − 1)

𝑃𝑟𝑡𝑢𝑟𝑏 + 3.715𝑃𝑟𝐿
+ 11.5𝑃𝑟𝐿]

⏟                                    
𝐹

 (4.25) 

The term in brackets on the right side of Equation 4.25, referred to as factor F for 

convenience, can be deemed as the dimensionless thermal resistance, which is a 

function of 𝑅𝑒𝐿 and 𝑃𝑟𝐿. It is plotted in Figure 4.3 with 𝑃𝑟𝐿 varying from 0.5 to 10, 

which covers the Prandtl number of a wide range of working fluids, and with 

𝑅𝑒𝐿ranging up to 50000. It is seen that as 𝑅𝑒𝐿 approaches to 2000, values of F tend to 

approach a constant and F is simplified as a power function of 𝑅𝑒𝐿 and 𝑃𝑟𝐿, 

 𝐹 = 10.54𝑃𝑟𝐿
0.7𝑅𝑒𝐿

0.066 (4.26) 

 

 

Figure 4.3. The factor F in Equation 4.25 varying with superficial liquid Reynolds number at different liquid 
Prandtl numbers 
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As shown in the development of Soliman’s modified Froude number, the eddy 

velocity can be written in the form of the wall shear stress expressed by Lockhart-

Martinelli’s two-phase multiplier correlation in Equation  2.17,  

 
𝑢∗ = 0.152

𝜙𝑉
2𝐺𝑥

(𝜌𝑉𝜌𝐿)
0.5
(
1

𝑅𝑒𝐿
)
0.1

(
𝜇𝑉
𝜇𝐿
)

0.1

(
1 − 𝑥

𝑥
)
0.1

  (4.27) 

The final result of heat transfer correlation for annular flows based on the Prandtl-

Taylor universal velocity distribution is given by, 

 
𝑁𝑢𝑎 =

𝜙
𝑉
2

𝑋𝑡𝑡
0.014𝑅𝑒𝐿

0.834𝑃𝑟𝐿
0.3 (4.28) 

The resultant form of annular flow correlation has a multiplier with the primary form 

of Dittus-Boelter correlation evaluated by the superficial liquid Reynolds number. 

This coincidently resembles the two-phase multiplier type correlation. In retrospect, 

Equation 4.28 is theoretically developed but with momentum transfer items 

empirically evaluated by the two-phase multiplier method of Lockhart-Martinelli. The 

similarity between Equation 4.28 and the empirical two-phase multiplier method 

might explain the fundamental reason for the successful application of two-phase 

multiplier type correlations.   

Ultimately, the correlation for CO2 condensing annular flows is chosen to the form of 

Dobson and Chato[26]’s annular correlation. The unique feature of this equation is the 

two-phase multiplier formed by the Lockhart-Martinelli multiplier 𝑋𝑡𝑡 . Shown as 

Equation 4.29, it is similar to the theoretically developed Equation 4.28, which 

depends on the frictional pressure drop two-phase multiplier 𝜙𝑉  to determine the two-

phase multiplier for the heat transfer correlation. 

 
𝑁𝑢𝑎 = (1 +

𝑚

𝑋𝑡𝑡
𝑛)0.023𝑅𝑒𝐿

0.8𝑃𝑟𝐿
0.4 (4.29) 

From this theoretical foundation, it is expected that heat transfer data of annular flows 

are well represented by the form of Equation 4.29. In Figure 4.4, the CO2 

condensation experimental heat transfer coefficients are plotted in the coordinate of 

ln(𝑁𝑢𝑒 0.023𝑅𝑒𝐿
0.8𝑃𝑟𝐿

0.4⁄ − 1) versus ln(𝑋𝑡𝑡).  
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Figure 4.4. Experimental data of a. Zilly et al.[7] Jang and Hrnjak[8] b.Kim et al.[10] c. Park and Hrnjak[15] 

plotted in the coordinate of 𝐥𝐧(𝑵𝒖𝒆 𝟎. 𝟎𝟐𝟑𝑹𝒆𝑳
𝟎.𝟖𝑷𝒓𝑳

𝟎.𝟒⁄ − 𝟏) versus 𝐥𝐧(𝑿𝒕𝒕) 
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It can be seen that for all experimental data points with Frso>14, which corresponds to 

the annular flow regime, there is a linear relation between the coordinate variables. 

The large and medium diameter tube experimental data points of Zilly, Jang, and 

Kim, are represented well by this linear relationship while the microchannel annular 

flow data of Park shows some slight variation. The linear relationship between 

annular flow data points and Frso>14 in Figure 4.4 shows that Equation 4.29 can be 

used as the basic form of the correlation for CO2 flow condensation in the annular 

flow regimes. In addition, it can be seen that the heat transfer data points for the 

stratified flow regime with Frso<6, exhibit a different trend compared to the annular 

flow data. The annular-to-stratified data points fall between the annular and 

stratification zones. Based on the regression of experimental heat transfer data points, 

the best values for m and n in Equation 4.29 for CO2 flowing condensation in the 

annular regime are determined to be m=1.2 and n=0.935. 

Basing on the physical meaning of Soliman’s modified Froude number, the transition 

from annular to stratified flow regimes is caused by the increasing gravity force and 

the decreasing vapour shear stress exerting on the liquid condensate. As shown in 

Figure 3.1, the modified Froude number decreasing from 14 to 6 reflects this trend, 

which also reflects the heat transfer mechanism transition from annular to stratified 

flow. Therefore, for the current model, the heat transfer coefficient in flow regime 

transition zone is determined by the interpolation of the actual Frso value between 

those boundary values at Frso=14 and Frso=6. The full proposed model, including 

flow regime transition criteria, is listed in Table 4.1. 𝐺𝑎
𝑇 and 𝐺𝑠

𝑇 are the threshold mass 

fluxes at which the modified Froude number is equal to 14 and 6, respectively. 
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Table 4.1. The initial model for predicting CO2 flow condensation in a horizontal tube at low temperatures 
 

 

Flow 
regime 

Transition 
value 

Heat transfer correlation 

Annular 𝐹𝑟𝑠𝑜 > 14 
ℎ𝑎 = (1 +

1.2

𝑋𝑡𝑡
0.935)0.023𝑅𝑒𝐿

0.8𝑃𝑟𝐿
0.4
𝑘𝐿
𝐷

 

 

   

Stratified 𝐹𝑟𝑠𝑜 < 6 

ℎ𝑠 =
0.56

1 + 𝑎𝑋𝑙𝑙
𝑏
ℎ𝑓𝑖𝑙𝑚 + (1 − 𝜃𝑠 𝜋⁄ )0.023𝑅𝑒𝐿𝑜

0.8𝑃𝑟𝐿
0.4
𝑘𝐿
𝐷

 

𝐷 > 3𝑚𝑚, 𝑎 = 0.42 𝑏 = 0.786 

𝐷 < 3𝑚𝑚, 𝑎 = 0.54 𝑏 = 1.61 

ℎ𝑓𝑖𝑙𝑚 = [
𝜌𝐿(𝜌𝐿 − 𝜌𝑉)𝑔𝑘𝐿

3𝑖𝐿𝑉
𝜇𝐿𝐷(𝑇𝑠 − 𝑇𝑤)

]

0.25

 

휀 = ℎ− 𝑟𝑎

ln( ℎ 𝑟𝑎⁄ )
                     휀ℎ = [1 + (

1−𝑥

𝑥
) (

𝜌𝑉

𝜌𝐿
)]
−1

 

   휀𝑟𝑎 =
𝑥

𝜌𝑉
([1 + 0.12(1 − 𝑥)] (

𝑥

𝜌𝑉
+
1 − 𝑥

𝜌𝐿
) +

1.18(1 − 𝑥)[𝑔𝜎(𝜌𝐿 − 𝜌𝑉)]
0.25

𝐺𝜌𝐿
0.5 )

−1

 

1 − 𝜃𝑠 𝜋⁄ =
𝑎𝑟𝑐𝑐𝑜𝑠(2휀 − 1)

𝜋
 

Transition 
from 

annular to 
stratified 

6 ≤ 𝐹𝑟𝑠𝑜 ≤ 14 

ℎ𝑤 = ℎ𝑎
𝑇 −

14 − 𝐹𝑟𝑠𝑜
8

(ℎ𝑎
𝑇 − ℎ𝑠

𝑇) 

ℎ𝑎
𝑇 = ℎ𝑎(𝐺 = 𝐺𝑎

𝑇)  
ℎ𝑠
𝑇 = ℎ𝑠(𝐺 = 𝐺𝑠

𝑇) 

𝐺𝑎
𝑇1 = [

1.26

14
(
𝐷(1 − 𝑥)

𝜇𝐿
)

1.04

(
1 + 1.09𝑋𝑡𝑡

0.039

𝑋𝑡𝑡
)

1.5
1

𝐺𝑎0.5
]

−
1
1.04

 

𝐺𝑎
𝑇2 = [

0.025

14
(
𝐷(1 − 𝑥)

𝜇𝐿
)

1.59

(
1 + 1.09𝑋𝑡𝑡

0.039

𝑋𝑡𝑡
)

1.5
1

𝐺𝑎0.5
]

−
1
1.59

 

For 𝐺𝑎
𝑇1(1 − 𝑥)𝐷 𝜇𝐿⁄ > 1250  𝐺𝑎

𝑇 = 𝐺𝑎
𝑇1 

For 𝐺𝑎
𝑇1(1 − 𝑥)𝐷 𝜇𝐿⁄ ≤ 1250  𝐺𝑎

𝑇 = 𝐺𝑎
𝑇2 

𝐺𝑠
𝑇1 = [

1.26

4
(
𝐷(1 − 𝑥)

𝜇𝐿
)

1.04

(
1 + 1.09𝑋𝑡𝑡

0.039

𝑋𝑡𝑡
)

1.5
1

𝐺𝑎0.5
]

−
1
1.04

 

𝐺𝑠
𝑇2 = [

0.025

4
(
𝐷(1 − 𝑥)

𝜇𝐿
)

1.59

(
1 + 1.09𝑋𝑡𝑡

0.039

𝑋𝑡𝑡
)

1.5
1

𝐺𝑎0.5
]

−
1
1.59

 

For 𝐺𝑠
𝑇1(1 − 𝑥)𝐷 𝜇𝐿⁄ > 1250  𝐺𝑠

𝑇 = 𝐺𝑠
𝑇1 

For 𝐺𝑠
𝑇1(1 − 𝑥)𝐷 𝜇𝐿⁄ ≤ 1250  𝐺𝑠

𝑇 = 𝐺𝑠
𝑇2 
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4.5  Comparison between the predictions by the model and 

experimental data 

 

Figure 4.5. Predictions by the initial model to the published CO2 condensation data groups 
 
 

Figure 4.5 gives a comparison between the developed model and a total of 217 

experimental heat transfer data points obtained in tube diameters ranging from 0.89 to 

6.1mm, with mass fluxes ranging from 200 to 800kgm
-2

s
-1

, at the saturation 

temperatures from -25 to -15°C. The statistical comparison results showed that the 

experimental heat transfer coefficients are predicted with a mean deviation σa of 

1.73% and an average absolute deviation σb of 7.74%.  93% of all points are predicted 

within ±20% error range. 

In Figure 4.6 to 4.9, the prediction errors ( (ℎ𝑝𝑟𝑒 − ℎ𝑒) ℎ𝑒⁄ × 100% ) are plotted as a 

function of the parameters which affect the local condensation heat transfer 

coefficients. In Figure 4.6 and Figure 4.7, errors are plotted versus the vapour quality 

and the flow pattern transition parameter 𝐹𝑟𝑠𝑜, respectively. It can be seen in Figure 

4.6 that nearly all the heat transfer data points inside the macro scale tubes of Zilly, 

Jang and Kim are predicted within ±20% under the full vapour quality range. For the 

microchannel experimental data points of Park and Hrnjak, prediction errors are less 
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than 20% for x>0.4. Below the vapour quality x=0.4, the prediction error increased 

with the decreasing of vapour quality, and remained around 30%.  

 

Figure 4.6. Predictions errors versus the vapour quality 
 
 

  

        Figure 4.7. Predictions errors versus the modified Froude number 
 

 

In Figure 4.7, the red lines represent the flow regime transition values Frso=6 and 

Frso=14, respectively. It can be seen more clearly that for the microchannel heat 

transfer data, with the disappearance of annular flow (Frso=14), the errors gradually 

increased and exceeded ±20%. The greatest errors occurred at the boundary between 
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annular and stratified flow regimes. After that, with the vapour quality decreasing, the 

prediction error started decreasing near the transition from the annular-stratified to the 

full stratified flow regime. In the stratified flow regime (Frso<6), the microchannel 

experimental data points are relatively well predicted by the developed model. 

 

            Figure 4.8. Predictions errors versus the superficial liquid Reynolds number 
 
 

In Figure 4.8, the prediction errors are plotted as a function of the superficial liquid 

Reynolds number.  Data points for macro scale tubes are still evenly distributed over 

the whole 𝑅𝑒𝐿 range. It can be seen that the high prediction errors of the microchannel 

heat transfer coefficients, which are over 20%, mainly concentrated in the region 

above 𝑅𝑒𝐿  = 2500. For a given tube diameter, a high 𝑅𝑒𝐿  value represents higher 

mass flux and lower vapour quality conditions than a low 𝑅𝑒𝐿 . From this point and 

the fact that prediction errors increased with decreasing vapour quality lower than 0.4, 

as shown in Figure 4.6, it can be concluded that the over-predictions for microchannel 

heat transfer data happened mostly under the conditions of medium to high mass 

fluxes at relatively low vapour qualities. These conditions correspond to the transition 

zone between annular and stratified flow regimes, within which the annular flow 

disappears and the fully stratified flow develops, as shown in Figure 4.7. 

The distribution of errors with different tube inner diameters is shown in Figure 4.9. It 

would seem that the prediction errors of the current model decrease with increasing 

tube diameters and the model is worst at predicting the results of the microchannel 

experimental data points. The high prediction errors for the microchannel data of Park 
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and Hrnjak[15] by the present model, are an average absolute deviation σb of 14.6% 

and the mean deviation σa of 4.2%. It should be noted that this, a large average 

absolute deviation but a small mean deviation, was also the case for other models 

when applied to the same dataset. In Park and Hrnjak’s study[15], predictions of the 

experimental data by the models of Chen et al.[54] and Soliman et al.[55] are with 

average absolute deviations of 22.8%, 27.1% but with a relatively small mean 

deviation of 0.8% and 7.5%, respectively.  

 

  Figure 4.9. Predictions errors versus the tube inner diameter 
 
 

According to the prediction errors plotted in Figure 4.6 to 4.9, it can be concluded that 

the high prediction errors of the microchannel heat transfer data by the present model 

occurred mainly in the wavy transition flow regime. The reason can be traced back to 

the measurement of the heat transfer data in the transition flow regime. During the 

flow transition from annular flow regime to fully stratified flow regime, the wavy 

flow containing waves in the horizontal interface is caused by the interaction of the 

gravitational and vapour shear stress forces. Therefore, the heat transfer mechanism in 

wavy flows is also a combination of annular liquid convection and film condensation.  

Compared to the relatively steady processes in annular and stratified flow regimes, the 

unstable transient heat transfer between the two types of heat transfer process is more 

frequently encountered. Consequently, the heat transfer measurement of wavy flows, 

which is based on the energy balance, is less reliable than those for annular and 

stratified flow regimes. Such unsteadiness of transient heat transfer during the 
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annular-to-stratified flow regime transition applies to all tubes but appears to result in 

higher prediction errors in microchannel than in macro scale tubes. This might be 

explained by the different test section geometry used in the microchannel study. For 

macro tubes, the test is performed in a single tube, but for microchannels, the test 

section usually consists of an array of small tubes connected in parallel. Thus, special 

care has to be taken to distribute the two-phase fluid into the multiple microchannels 

evenly. Park and Hrnjak[15] used a long multi-port tube to stabilize the CO2 two-

phase mixture, but the authors emphasised that an even distribution of liquid and 

vapour phase to each channel could not be entirely achieved. An uneven distribution 

causes uneven mass fluxes among each microchannel thereby affecting the 

measurement of local heat transfer coefficients.  

Also, the accurate measurement of the tube wall temperature is important for stratified 

and wavy flows because the thickness of the liquid condensate film varies around the 

inner surface of the tube, which causes the local tube wall temperatures to vary. 

Therefore, multiple thermocouples are required for the accurate temperature 

measurements. However, the small diameter of the microchannel and the parallel 

geometry of the microchannel ports limit the number of possible locations for the tube 

wall temperature measurement. A consequence of this is an increase in the uncertainty 

of the measured  local heat transfer coefficient of film condensation.  

Regarding the effect of tube geometry on the flow regime transition, it should be 

noted that surface tension plays a more important role to flow regime transition in 

microchannels than in larger tubes[26]. Surface tension induces a pressure difference 

across the liquid-vapour interface which minimises the interfacial region during the 

phase change process[56]. Thickening of the liquid film occurs during the 

condensation process, and the pressure gradient caused by surface tension, which is 

inversely proportional to the tube inner diameter, drives the film condensate towards 

the bottom of the tube. This mechanism determines the annular to wavy transition. 

Since the modified Froude number used in this study does not account for the surface 

tension, the flow regime transition prediction for microchannels might not be 

expected to be as accurate as for macro scale tubes. Due to the above reasons, 

predictions by the present model showed more deviations for microchannel data than 

for the macro scale tube data. 
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In Table 4.2, predictions of CO2 condensation at low temperatures by the current 

model are compared to some well-known correlations including Akers and 

Rosson[46], Dobson and Chato[26], Cavallini et al.[35], Thome et al.[47], the 

developed model of Cavallini et al.[27] and the model developed by Shah[28]. It can 

be seen from the mean deviation and average absolute deviation of different models 

listed in Table 4.2, that all models over-predicted the experimental heat transfer data 

and the prediction errors increased with decreasing tube inner diameter. Among the 

models compared, Thome’s and Cavallini’s model performed the best, achieving 

prediction errors of less than 30%, which are 27.16%, 28.34%, respectively. In 

contrast, the current initial model has an average absolute deviation of 7.74%. 

Table 4.2. The mean deviation and average absolute deviations of different heat transfer model for predicting 
CO2 flow condensation in a horizontal tube at low temperatures 

 
 

Experimental data bank Errors Akers[46] 
Dobson and 

Chato[26] 

Cavallini 

et al.[35] 

Thome et 

al.[47] 

Cavallini 

et al.[27] 
Shah[28] 

Current 

model 

Zilly et al.[7] 

Jang et al.[8] 

𝜎𝑎 18.19 48.55 21.71 20.96 20.53 31.01 3.90 

𝜎𝑏 24.81 48.55 28.18 25.51 21.98 31.52 4.02 

Kim et al.[10] 
𝜎𝑎 37.52 52.95 26.66 23.20 23.61 34.07 2.59 

𝜎𝑏 42.86 52.95 32.82 24.91 25.23 37.31 7.29 

Park and Hrnjak[15] 
𝜎𝑎 214.20 69.88 55.56 22.84 31.69 47.78 4.24 

𝜎𝑏 214.66 70.39 57.96 36.56 43.49 54.91 14.55 

Total heat transfer data 

bank 

𝜎𝑎 81.45 55.62 32.09 20.52 23.68 35.57 1.73 

𝜎𝑏 85.47 55.77 37.40 27.16 28.34 38.96 7.74 

 

4.6  Chapter conclusions 

A complete CO2 flow condensation model consisting of the flow regime transition 

predictor, and the correlations for annular and stratified flows are theoretically 

proposed, and fitted well with the relevant experimental data, respectively. Soliman’s 

Froude number which implies that the ratio of inertia to gravity forces is fitted to the 

flow regime observation of Jang and Hrnjak[8], semi-analytical correlations for 

stratified and annular flows are fitted to the databank which incorporates the 

experimental results produced from the same test rig. The developed model in this 

chapter correctly predicts these experimental data.  
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Chapter 5.  The experimental test rig 

An open-loop test rig was designed and built in the thermofluids lab, Department of 

Mechanical Engineering, the University of Auckland, to conduct heat transfer 

measurements of CO2 flow condensation. Bottled pressurised liquid CO2 is used to 

provide CO2 gas-liquid flow through the test rig and eventually discharged into the 

outdoor ambient. This open-loop design greatly eases the complexity to cycle the 

refrigerant inside a closed-loop circuit, but also leads to a challenge in stabilising the 

mass flow rate and the saturation pressure of CO2 fluid during the discharging 

process. This chapter describes the basic working principles of the test rig, including 

the mass flow rate and saturation pressure control, the circulating of coolant. It also 

details the selection of each component of the test rig. Finally, the commissioning and 

calibration results are discussed that lead to the successful operation of the test rig. 

 

5.1  Test rig design and working principles  

5.1.1 The closed-loop test rig 

The necessary working conditions for the heat transfer measurement of two-phase 

flow are maintaining the flowing test fluid with a desired vapour quality at the inlet of 

the test section, with a desired mass flux and under a desired saturation pressure. A 

typical layout of test rig consists of a closed-loop, mainly including a variable-speed 

pump to circulate the test fluid, and the heating and cooling devices to set the desired 

state of the working fluids. Once the fluid is charged into the closed-loop circuit, the 

saturation pressure is usually controlled by accurately adjusting the bulk temperature 

of the liquid-phase test fluid. All the main components work simultaneously during 

the heating and cooling process to have the test fluid with the desired vapour quality 

inside the test section, where the measurement of heat transfer taken place.  

The advantages of a closed-loop test rig include the limited charging of test fluid and 

the easy-quick setting of the desired test conditions. However, the cost of the 
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necessary components, i.e. the pump and the heating controller to adjusting the 

system pressure, etc., are high.  

The test rig design in this study was started with an open-loop design. The intention 

was to use low-cost, bottled pressurised liquid CO2 as the source of test fluid, and also 

to use its high pressure to allow the test gas-liquid two-phase fluid to flow through the 

test section. By using the high-pressure drop during the discharge of liquid CO2 from 

bottles to the atmosphere through the test rig, the desired mass flow is set by adjusting 

the flow coefficient of a metering valve while the system pressure is controlled by a 

pressure regulator in front of the exit of the test rig. Compared to the closed-loop 

design, the cost of a pump and the PID-heating device can be eliminated by using 

relatively low-cost valves. 

5.1.2 An open-loop test rig for CO2 flow condensation study 

 

Figure 5.1. The schematic drawing of the open-loop test rig 
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A schematic of the open-loop test rig used is shown in Figure 5.1, with the main 

components listed in Table.1. High pressure (55bar) liquid CO2 is initially drawn from 

the storage bottles (1) and is eventually discharged into the atmosphere (1bar). The 

mass flow rate of the CO2 fluid, which is measured by a Coriolis mass flow meter (3), 

is controlled by the flow coefficient of a throttling valve (4) and the set pressure of a 

back pressure regulator (8). There are two baths (9 and 11) which stabilise the 

temperature of the low-temperature coolant provided by the chiller (10).  

After being discharged from the bottles, the CO2 fluid is initially pre-cooled inside the 

internal circulating bath (9), where the internal temperature is maintained at -25°C. 

This precooling process is illustrated in the pressure-enthalpy (P-h) diagram Figure 

5.2a, with the frictional pressure drop of CO2 fluid ignored. The pre-cooled liquid 

CO2 is then throttled by the metering valve (4) and changes to two-phase flow as its 

saturation pressure Psat drops to the set pressure (26.5bar in Figure 5.2) of the back 

pressure regulator (8), shown in Figure 5.2b. Due to this throttling process, the CO2 

two-phase flow obtains sufficient kinetic energy to flow through the rest of test rig. 

After valve (4), the two-phase CO2 enters into the constant temperature bath (9) to be 

sub-cooled, shown in Figure 5.2c. This process is to allow the determination of the 

enthalpy of CO2 fluid before the preheater (5) from the local temperature T1 and 

pressure P1. 

The preheater (5) works by applying an adjustable low voltage and high amperage 

electric current to a stainless steel pipe coil. The preheating process enables the setting 

of the desired vapour quality of the CO2 two-phase flow at the inlet of the test section 

(6). In Figure 5.2d, the preheating process is represented with a starting point 

determined by T1 and P1, on the P-h diagram. A 1.5-meter long pipe after the 

preheater (5) serves as a calming section to stabilise the two-phase CO2 fluid before it 

enters the test section for the measurement of condensation.  

The test section (6) is a double-tube counter flow heat exchanger with the coolant 

flowing through the outer annulus and the CO2 fluid flowing inside the inner copper 

tube. The coolant is pumped by the external circulating bath (11) to the test section, 

and its temperature increases from T4 to T5 by removing part of the latent heat from 

the flowing CO2 two-phase fluid. The inlet temperature and flow rate fluctuations of 

the coolant are eliminated by the tempering bath (11) to ensure stable operating 
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conditions. The state change of the CO2 two-phase flow during the condensation 

measurement is illustrated in Figure 5.2e. 
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          Figure 5.2. The changes in state of CO2 fluid inside the test rig illustrated on Pressure-Enthalpy diagram 
 
 

Downstream of the test section, the two-phase CO2 enters into the post-heater (7) and 

is super-heated. The super-heated CO2 vapour then passes through the back pressure 

regulator (8) and is ultimately discharged into the outdoor ambient air. The post-

heating and discharging processes are shown in Figure 5.2f. Because the static 

pressure of CO2 drops below the triple-point pressure after the regulator (8), dry ice 

might be formed, represented by a vertical red dash-line (as indicated by line 1) 
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intersecting the solid-vapour region in Figure 5.2f. Formation of dry ice blocks the 

pipework and thus greatly affecting the stability of mass flow rate and system 

pressure. To avoid formation of dry ice, the end point of the post-heating process is 

kept sufficiently far away from the saturated vapour line (as indicated by line 2) in 

Figure 5.2f. Therefore, the resulting pressure drop process from the system pressure 

Psat  to the atmosphere pressure occurs without intersecting the solid-vapour zone. 

This is done by using a sufficiently long section of pipework as a post-heater (7).  

5.1.3 Mass flow rate and saturation pressure control  

The test range of this experimental study is listed in Table 5.1.  

Table 5.1. The range of working conditions in current experimental study 
 

 Tsat (˚C) Psat (bar) G (kg/m
2
-s) x (-) 

Test range -10,-5,0 25~35 100,200,300,400,500 0.1~0.9 

 

In order to maintain the desired working conditions and accurately measure the 

condensation heat transfer rate, the saturation pressure and mass flow rate of the CO2 

two-phase flow have to be stable as well as adjustable. As shown in the schematic 

drawing of the test rig in Figure 5.1, the arrangement of the metering valve (4) plus 

the back pressure regulator (8) provides a simple but effective solution to achieving 

these goals. In a run of the test, once the system pressure, which is also the saturation 

pressure, Psat is held stable by the back pressure regulator, the kinetic energy gained 

by CO2 flow is due to its static pressure loss across the metering valve (4). Given that 

no heat transfer occurs during this process, the throttled CO2 flow through the 

metering valve can be analysed according to Bernoulli’s equation, that the local 

velocity through the valve is proportional to the static pressure difference as long as 

no flashing of liquid occurring. Thus the velocity can be directly determined by the 

flow coefficient of the metering valve. Referring again to Figure 5.2, at the end of the 

flow process, another similar pressure drop process occurs across the back pressure 

regulator, which controls the final discharge rate of super-heated vapour CO2 to the 

atmosphere. The series connection arrangement of the metering valve and the back 

pressure regulator maintain the system pressure and simultaneously determine the 
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system mass flow rate of CO2 flow. In order to cover the desired mass flow rate range 

for this experimental study, the selections of valves follow the below analysis. 

5.1.4 The choked flow   

 

 

               Figure 5.3. The static pressure variation of CO2 fluid flowing through the metering valve (Technical 
drawing of the metering valve is screen captured from Swagelok[57]) 

 
 

Variations of the local static pressure of CO2 fluid during the throttling process are 

illustrated on the technical drawing of a Swagelok metering valve is shown in Figure 

5.3. The sub-cooled liquid CO2 at the inlet of the metering valve has a static pressure 

Pinlet, and after entering the metering valve, the velocity of CO2 fluid starts to increase 

due to the cross-section area contraction. After the physical restriction point of the 

metering valve, CO2 flow has its minimum passing through cross-section area, and the 

velocity of flow stream reaches its maximum value. This point is called the vena 

contracta. According to energy conservation, the increase in velocity (kinetic energy) 

is accompanied by a substantial decrease in the static pressure (potential energy), and 

at the vena contracta, the static pressure of CO2 flow is lowest, which is known as Pvc. 

After the metering valve, the CO2 flow velocity decreases due to the enlarging of 

cross-section area and the static pressure rises to the system pressure Psat, which is 

controlled by the back pressure regulator. Given that the liquid in front of the needle 

valve can be assumed to be stagnant, Bernoulli’s equation implies that the velocity of 
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liquid passing through the orifice is proportional to the square root of the static 

pressure difference across the orifice. By taking into account of the fluid properties, 

the flow rate passing through the orifice is given as,  

where 𝑆𝐺 is the specific gravity of the fluid. The coefficient 𝐶𝑉 is directly related to 

the specific geometry of the orifice and is usually experimentally determined and 

provided by the manufacturer.  

A major consideration when sizing the metering valve is the flashing of liquid. If the 

lowest static pressure of CO2 fluid Pvc drops below the saturation vapour pressure 

Psat,vc, the fluid is flashed from liquid to vapour and formed as bubbles in the stream 

after the point of vena contracta. Since vapour occupies hundreds of times as much 

volume as a comparable mass of liquid, the flow is choked. [58] The choked flow rate 

is no longer proportional to the square root of the pressure difference. The pressure 

drop corresponding to the choked flow is ∆𝑃𝑎𝑙𝑙𝑜𝑤, which is calculated from Equation 

5.2, and any greater pressure drop than ∆𝑃𝑎𝑙𝑙𝑜𝑤 will not increase the flow rate.  

where, 𝐾𝑚 is the valve recovery coefficient provided by the manufacture. 

 

Figure 5.4. Relationship between the flow rate of choked flow and the actual pressure drop across the 
metering valve 

 𝑄 = 𝐶𝑉√∆𝑃 𝑆𝐺⁄  (5.1) 

 ∆𝑃𝑎𝑙𝑙𝑜𝑤 = 𝐾𝑚(𝑃𝑖𝑛𝑙𝑒𝑡 − 𝑃𝑠𝑎𝑡,𝑣𝑐) (5.2) 
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The relationship between the choked flow rate and the pressure drop is shown in 

Figure 5.4. Since the system pressure is kept under 30bar and is lower than Psat,vc, 

even when the static pressure rises to the system pressure downstream of the metering 

valve, bubbles remain in the flow.  

5.1.5 Sizing of the metering valve 

For the valve sizing problem, it is known that the choked flow for a metering valve 

should be higher than the maximum value of the desired mass flow rate and ∆𝑃𝑎𝑙𝑙𝑜𝑤 

should be higher than the minimum pressure drop across the valve, which is the 

difference between the inlet pressure and the maximum system pressure. Therefore, 

the minimum required value of 𝐶𝑉 is calculated by substituting the desired maximum 

range of flow rates 𝑄 and the minimum pressure drop into the relationship illustrated 

in Figure 5.4. The minimum value of  𝐶𝑉 is calculated by, 

 
𝐶𝑉𝑚𝑖𝑛 =

𝑄𝑚𝑎𝑥

√∆𝑃𝑚𝑖𝑛 𝑆𝐺⁄
 (5.3) 

where, 𝑆𝐺 is the specific gravity to water for liquid, and to air for gas, 

 
∆𝑃𝑚𝑖𝑛 = {

∆𝑃𝑎𝑐𝑡𝑢𝑎𝑙        ∆𝑃𝑎𝑐𝑡𝑢𝑎𝑙 < ∆𝑃𝑎𝑙𝑙𝑜𝑤
∆𝑃𝑎𝑙𝑙𝑜𝑤        ∆𝑃𝑎𝑐𝑡𝑢𝑎𝑙 > ∆𝑃𝑎𝑙𝑙𝑜𝑤

 (5.4) 

where, ∆𝑃𝑎𝑐𝑡𝑢𝑎𝑙 = 𝑃𝑖𝑛𝑙𝑒𝑡 − 𝑃𝑠𝑎𝑡,𝑚𝑎𝑥, 𝑄𝑚𝑎𝑥 and 𝑃𝑠𝑎𝑡,𝑚𝑎𝑥 is the maximum value of the 

desired flow rate and saturation pressure, respectively. A plot of the minimum 

required flow coefficient of a metering valve to achieve a given mass flux of CO2 

flow for a saturation pressure of 35bar, is plotted in Figure 5.5. 
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Figure 5.5. The required flow coefficient of metering valve to achieve the desired mass flux at a saturation 
pressure of 35bar 

 
 

 

                   Figure 5.6. The varying flow coefficient with number of turns open provided from Swagelok[57] 
 
 

Based on the sizing calculation in Figure 5.5, it was determined that a suitable valve 

should be set with a flow coefficient 𝐶𝑉 over 0.02, and so a SS-4MG straight pattern 
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metering valve manufactured by Swagelok was selected[57]. Its flow coefficient with 

number of turns opening is shown in Figure 5.6. 

5.1.6 Sizing of the back pressure regulator 

At the exit of the test rig, CO2 fluid passes through the back pressure regulator and 

undergoes a significant pressure drop from the system pressure (30bar) to the 

atmosphere pressure (1bar). If the resulted flow rate by the throttling process is 

greater than the flow passing-through capacity of the back pressure regulator, CO2 

fluid is accumulated before the back pressure regulator causing the volume of the 

saturated vapour diminished. This consequently raises the system pressure up and 

simultaneously destabilises the mass flow rate. Therefore, sizing of the back pressure 

regulator with an adequate flow capacity is of equally great importance.  

Referring to the discharging process in Figure 5.2f, the state of the CO2 fluid in front 

of the back pressure regulator is the super-heated vapour. This causes a similarly 

choked flow condition caused by the compressible gas passing through an orifice. The 

reason is similar to the case of throttled liquid flow that the velocity of the gas is 

highest at the vena contracta, but for a compressible flow, its velocity is limited by the 

speed of sound. Thus, when the critical flow condition is reached, any additional 

increase in the pressure drop by reducing the pressure downstream of the orifice will 

not increase the flow rate. The actual pressure drop across the flow restriction 

corresponding to the gas velocity near sonic velocity is about half of the inlet 

pressure. The sizing equation for a compressible fluid through an orifice is given 

as[59], 

 

𝑄𝑐𝑟𝑖𝑡𝑖𝑐𝑎𝑙 = 𝐶𝑉𝑃𝑖𝑛𝑙𝑒𝑡√
520

𝑇𝑖𝑛𝑙𝑒𝑡𝑆𝐺𝑉
 (5.5) 

Where, 𝑄𝑐𝑟𝑖𝑡𝑖𝑐𝑎𝑙  is the maximum flow rate (ft
3
/h) for the gas with the absolute 

pressure 𝑃𝑖𝑛𝑙𝑒𝑡  (psi) and the temperature 𝑇𝑖𝑛𝑙𝑒𝑡  in the degree of Rankine, flowing 

through a restriction with the flow coefficient of 𝐶𝑉. 𝑆𝐺𝑉 is the specific gravity of the 

super-heated CO2 vapour.  

For sizing the back pressure regulator in this study, 𝑄𝑐𝑟𝑖𝑡𝑖𝑐𝑎𝑙 is converted from the 

maximum desired mass flux of CO2 two-phase flow passing through the test section, 
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and the relationship between the required 𝐶𝑉 with the design mass flux G is plotted in 

Figure 5.7. Based on the calculation results, a back pressure regulator with a flow 

coefficient of 0.2 was selected from Swagelok. 

 

Figure 5.7. The required flow coefficient of back pressure regulator to achieve the desired mass flux of CO2 
two-phase flow through the test section under the saturation pressure of 35bar 

 
 

5.1.7 Coolant flow path 

 

The supply of a low-temperature coolant is required for the running of a condensation 

heat transfer experiment. As shown in Figures 5.2a and 5.2c, CO2 is pre-cooled and 

sub-cooled inside the precooler, after which a sub-cooled liquid state is reached. This 

is to ensure the two-phase state of the CO2 fluid at the inlet of the test section is 

predictable through the preheater, which is shown as the preheating process in Figure 

5.2d. While running at the lowest system pressure of 25bar, which corresponds to a 

saturation temperature of -10˚C, the coolant temperature needs to be approximate -

30˚C to sub-cool the throttled CO2 two-phase fluid to the desired state.  

During the sub-cooling process, a large amount of energy relating to the latent heat of 

CO2 two-phase flow is transferred to the coolant inside the pre-cooler under high 

mass flux conditions. The minimum required capacity for the precooling process is 

calculated based on the enthalpy difference between the high temperature, high-
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pressure liquid CO2 coming out of bottles 𝑖1 and the sub-cooled liquid CO2 in front of 

the pre-heater 𝑖5,𝑖𝑛 with a mass flux condition �̇�𝐶𝑂2,𝑚𝑎𝑥, and given as,  

 𝑄𝑐𝑜𝑜𝑙𝑖𝑛𝑔 = �̇�𝐶𝑂2,𝑚𝑎𝑥(𝑖1 − 𝑖5,𝑖𝑛) (5.6) 

It should be noted that, not only the low temperature and a sufficient cooling capacity 

are required, the coolant supply must also be maintained at a stable temperature and a 

steady flow rate during the test runs. The reason is that a stable state of the sub-cooled 

liquid is the basis for calculating the energy input into the preheater, and ultimately 

determines the vapour quality of the CO2 two-phase flow at the inlet of the test 

section. Furthermore, inside the test section, measurements of the condensation heat 

transfer rate of CO2 two-phase flow is based on an energy balance. This is 

accomplished by measuring the temperature rise of the coolant passing through the 

test section with a stable mass flow rate. To accurately determine the experimental 

heat transfer coefficient and avoid any transient heat transfer effects, a coolant supply 

with extremely stable temperature and mass flow rate is required.  

 

 

       Figure 5.8. The arrangement of coolant distribution to the precooler and the test section 
 
 

To provide a coolant supply with the required low-temperature, sufficient cooling 

capacity and stable temperature and mass flow rate, a main refrigeration unit with two 
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tempering baths are used as the coolant supply system. A schematic drawing of 

coolant supply arrangement is shown in Figure 5.8. It can be seen that, the low-

temperature coolant is pumped into two tempering baths from the refrigeration unit. 

For each bath, the inside temperature is adjusted by a PID-controlling heater with an 

internal circulating pump to stabilise any temperature fluctuations. The first bath is 

the precooler. The second bath circulates the coolant externally to the test section. The 

return of the high-temperature coolant from the two baths is through an internal 

standpipe which can adjust the liquid level and also drain the coolant to the main 

refrigerator.  

The primary refrigeration unit and two tempering baths are provided by Thermofisher, 

and the cooling capacity of the selected ULT95 main refrigerator working under 50Hz 

is shown in Figure 5.9. 

The coolant compatible to the main refrigerator and two constant temperature baths 

with a design working temperature to -30˚C is determined to be the mixture of 

ethylene glycol and water. To achieve the best heat transfer performance which is 

limited by its high viscosity at low temperatures, the mass concentration was adjusted 

to 45.55% and the relevant freezing point was -28˚C. 

 

 

 Figure 5.9 The cooling capacity of the main refrigeration unit ULT95 manufactured by Thermofisher[60] 
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5.1.8 Design of the pre-heater 

Inside the preheater, a measurable amount of energy is added to the sub-cooled liquid 

CO2 to produce a CO2 two-phase flow with the desired vapour quality at the inlet of 

the test section. The final design involves the application of an adjustable low-voltage, 

high-amperage current to a stainless steel pipe coil, through which the CO2 fluid 

passes. A schematic drawing of the preheater is shown in Figure 5.10, and the heating 

section between the two dielectric fittings is sealed in a vacuum cabinet which is filled 

with nitrogen gas to avoid the possibility of condensation on the exterior of the tube, 

which could cause an electrical leakage. 

 

       Figure 5.10. The schematic drawing of the preheater 
 
 

The required heating capacity of the pre-heater is calculated based on the case that the 

saturated liquid CO2 with a mass flow rate of  �̇�𝐶𝑂2,𝑚𝑎𝑥 is heated to the saturated 

vapour by flowing through the preheater under the minimum system pressure 

𝑃𝑠𝑎𝑡,𝑚𝑖𝑛. For a given heat transfer area 𝐴𝑝𝑟𝑒ℎ𝑒𝑎𝑡𝑒𝑟, the according heat flux is given by, 

 
�̇�𝑝𝑟𝑒ℎ𝑒𝑎𝑡𝑒𝑟
′′ =

�̇�𝐶𝑂2,𝑚𝑎𝑥(𝑖𝐿𝑉@𝑃𝑠𝑎𝑡,𝑚𝑖𝑛)

𝐴𝑝𝑟𝑒ℎ𝑒𝑎𝑡𝑒𝑟
 (5.7) 

where, 𝑖𝐿𝑉 is the enthalpy of vaporization.  

To avoid the potential failure of the preheating process, the applied actual heat flux 

should be less than the critical heat flux, which is the highest possible rate of nucleate 

boiling. In addition, the surface temperature of the heating coil should be kept as low 

as possible not to affect the capacity of the external insulation. Both of these factors 

are dependent on the size of pipe coil for a given heat flux. The calculation of critical 

heat flux is based on the correlation suggested by Nellis and Klein[61].  
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               Figure 5.11. The applied heat flux and the critical heat flux varying with different length of preheater 

 

                          Table 5.2 Shah’s correlation for flow boiling heat transfer coefficient in a tube 
 

 

𝐶𝑜 = (
1

𝑥
− 1)

0.8

√
𝜌𝑉
𝜌𝐿
  𝐵𝑜 =

�̇�𝑝𝑟𝑒ℎ𝑒𝑎𝑡𝑒𝑟
′′

𝐺𝑖𝐿𝑉
   𝐹𝑟 =

𝐺2

𝜌𝐿
2𝑔𝐷

 

𝑁 = {
𝐶𝑜                      𝐹𝑟 > 0.4

0.38𝐶𝑜𝐹𝑟−0.3        𝐹𝑟 > 0.4      
 

ℎ̃𝑐𝑏 = 1.8𝑁
−0.8 

ℎ̃𝑛𝑏 = {
230√𝐵𝑜          𝐵𝑜 ≥ 0.3 × 10−4

1 + 46√𝐵𝑜         𝐵𝑜 < 0.3 × 10−4
 

ℎ̃𝑏𝑠,1 = {
14.7√𝐵𝑜 𝑒𝑥𝑝(2.74𝑁−0.1)          𝐵𝑜 ≥ 11 × 10−4

15.43√𝐵𝑜 𝑒𝑥𝑝(2.74𝑁−0.1)        𝐵𝑜 < 11 × 10−4
 

ℎ̃𝑏𝑠,2 = {
14.7√𝐵𝑜 𝑒𝑥𝑝(2.47𝑁−0.15)          𝐵𝑜 ≥ 11 × 10−4

15.43√𝐵𝑜 𝑒𝑥𝑝(2.47𝑁−0.15)       𝐵𝑜 < 11 × 10−4
 

ℎ̃ = {

𝑀𝐴𝑋(ℎ̃𝑐𝑏 , ℎ̃𝑏𝑠,2)              𝑁 ≤ 1

𝑀𝐴𝑋(ℎ̃𝑐𝑏 , ℎ̃𝑏𝑠,1)   0.1 < 𝑁 ≤ 1

𝑀𝐴𝑋(ℎ̃𝑐𝑏 , ℎ̃𝑛𝑏)            𝑁 > 0.1

 

ℎ𝐿 =

[
 
 
 (
𝑓𝐿
8
) (𝑅𝑒𝐿 − 1000)𝑃𝑟𝐿

1 + 12.7(𝑃𝑟𝐿
2 3⁄ − 1)√

𝑓𝐿
8 ]
 
 
 
𝑘𝐿
𝐷

 

𝑓𝐿 =
1

[0.79 ln(𝑅𝑒𝐿) − 1.64]
2
 

(5.8) 
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With a mass flow rate which has an equivalent mass flux of 500kg/m
2
-s, at a system 

temperature of -25˚C, the actual heat flux and the critical heat flux of a 6.52mm inner 

diameter stainless steel coil vary with the length as plotted in Figure 5.11. After nearly 

half a meter, the actual heat flux is below the critical heat flux and after the length of 

4m, the actual heat flux is weakly dependent on the length of the preheater. Shah’s 

flow boiling correlation[62] is selected to estimate the local flow boiling heat transfer 

coefficient, ℎ = ℎ̃ℎ𝐿, and is listed in Table 5.2.  

The local tube wall temperature thus is obtained by, 

 
𝑇𝑤 =

�̇�𝑝𝑟𝑒ℎ𝑒𝑎𝑡𝑒𝑟
′′

ℎ
+ 𝑇𝑠𝑎𝑡 (5.9) 

   

 

Figure 5.12 The estimated tube wall temperature for the preheater of a length of 6m when heating CO2 from 
the saturated liquid to saturated vapour for a mass flux of 500kg/m

2
-s under a saturation temperature of -25˚C 

 

Based on the above analysis, the required length of stainless steel coil is determined to 

be 6m to allow for the possible estimation errors. The calculated tube wall 

temperature of a 6-meter long pipe coil when a constant heat flux is applied to heat 

the saturated liquid to the saturated vapour is plotted respect to vapour quality in 

Figure 5.12, with a mass flux of 500kg/m
2
-s under a saturation temperature of -25˚C. 

It shows that the tube wall temperature is kept around -7˚C during the heating when 
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the vapour quality is below 0.8, and it increases sharply when the vapour quality 

approaches to 1. This calculation agrees well to the measured preheater wall 

temperature during the test running. 

5.1.9 Design of the test section 

The test section consists of a concentric circular tube counter-flow heat exchanger 

with the coolant flowing through the outer annulus and the two-phase CO2 flowing 

through the inner tube. The detailed drawing of the test section is shown in Appendix 

B. This is to model how CO2 vapour is condensed in a horizontal tube in a condenser. 

The overall energy balance implies that by removing part of the latent heat from the 

CO2 two-phase fluid flowing inside the inner tube, the temperature of the coolant 

increases. Thus, the flow condensation heat transfer rate is measured indirectly by 

determining the rate of energy gained by the coolant. 

 

 

     
Figure 5.13. a. The concentric tube type test section b. Detailed drawing of temperature measurement location 

on the external tube wall (Unit:mm) 
 
 

The total vapour quality change of CO2 two-phase flow across the test section should 

be kept sufficiently small so that this partial condensation process might approach to 

the local heat transfer for a particular vapour quality point of a whole condensation 

process occurring in a real condenser. However, the vapour quality change should be 
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large enough to be detected by the change in temperature of the coolant. A 200mm 

long test section is used, which is shown in Figure 5.13a.  

In order to accurately measure the tube wall temperature, thermocouples are attached 

to the external surface of the inner tube and placed inside four grooves which are cut 

from a short sleeve tube and evenly distributed around the external perimeter of the 

test tube. The sleeve tube, which has an inner diameter equal to the external diameter 

of the inner tube, ensures that thermocouples do not protrude into the thermal 

boundary layer of the flowing the coolant, ensuring the external tube wall 

temperatures are accurately measured. 

 

5.2  Measurement instrumentation 

5.2.1 Temperature measurement and calibration 

 

 

Figure 5.14. The detailed connection of pressure and temperature transducers to the CO2 pipework by a cross 
union  

 
 

As shown in the schematic drawing of the test rig in Figure 5.13b, a number of 

thermocouples are placed along the test rig to measure the temperatures of the CO2 

fluid and the coolant. Due to the high working pressure of the test rig, thermocouples 

and other transducers are installed by the cross tube fittings to avoid holes drilled 

through the CO2 pipework, which might cause CO2 leakage and reduce the safety 
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pressure rating of the tube. Figure 5.14 shows the temperature and pressure measuring 

instrument connected to CO2 pipework by a cross union tube fitting. The location and 

usage of each thermocouple are listed in Table 5.3. 

         Table 5.3 The location and measurement usage of each thermocouple used in the experimental test rig  
 
 

Reference Type Location Purpose 

1 K 
Connected by cross union in front 

of the preheater 

Measure the enthalpy of sub-cooled  

CO2 liquid 

2 K 
Connected by cross union in front 

of the test section 

Measure the enthalpy of two-phase  

CO2 flow 

3 K 
Connected by cross union after 

the test section 

Check the two-phase  state of CO2 

fluid passing through the test section 

4 K 
The coolant circuit at the inlet of 

test section annulus 

Measure the energy gained by the 

coolant through the test section 

5 K 
The coolant circuit at the outlet of 

test section annulus 

Measure the energy gained by the 

coolant through the test section 

6 T 
Soldered in the groove on the 

external wall of test tube 
Measure the test tube wall temperature 

7 T 
Soldered in the groove on the 

external wall of test tube 
Measure the test tube wall temperature 

8 T 
Soldered in the groove on the 

external wall of test tube 
Measure the test tube wall temperature 

9 T 
Soldered in the groove on the 

external wall of test tube 
Measure the test tube wall temperature 
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Figure 5.15. The thermocouple readings inside the constant temperature bath a.the raw readings b. the 
calibrated readings 

 
 

All the measurement instruments are connected to a CR1000 measurement data 

logger designed and manufactured by Campbell Scientific. According to the Seebeck 

effect, the temperature differences between the thermocouple measurement junction 

and reference-junction are converted to the voltage signals which are measured by the 

datalogger and displayed as the temperature information on the computer screen. 

Errors during one single temperature reading scan include the error in the reference-

junction temperature measurement, the temperature-to-voltage polynomial fit error, 

the noise error, the non-ideal nature of the thermocouple, the thermocouple voltage 

measurement accuracy, and the voltage-to-temperature polynomial fit error. [63] 
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These errors cause the raw thermocouple readings to be different when measuring the 

same object. Shown in Figure 5.15a, are the uncalibrated thermocouple measurements 

of the coolant temperature inside an internal circulating bath. The inside coolant 

temperatures are adjusted to different values as the reference temperature to obtain the 

raw readings of each thermocouple. Each unit of time log axis is 10-second. 

                     Table 5.4. The calibrated coefficient, offset and uncertainty for each thermocouple reading 
 
  

Reference Coefficient a Offset b Uncertainty (˚C) 

1 1.0312 -0.2792 ±0.015 

2 1.0019 0.02504 ±0.015 

3 0.9998 0.0657 ±0.015 

4 1.0001 0.0670 ±0.015 

5 1.0261 -0.2553 ±0.015 

6 1.0008 0.1594 ±0.015 

7 1.0008 0.1410 ±0.015 

8 1.0012 0.1659 ±0.015 

9 0.9996 0.1424 ±0.015 

 

During the actual test runs, the low-conductivity insulation material is used on all the 

thermocouple bodies to avoid the conduction effect through the probe from the low-

temperature CO2 fluid to the ambient which might disturb the temperature reading. 

The same insulation is used on all thermocouples during the calibration process when 

raw temperature readings are taken under a steady, stable condition. The calibration 

coefficients 𝑎[𝑖] and offsets 𝑏[𝑖] are calculated according to the following equation: 

 �̅�𝑟𝑎𝑤 = 𝑎[𝑖]𝑇𝑟𝑎𝑤[𝑖] + 𝑏[𝑖] (5.10) 

where [𝑖]  represents the reference number of each thermocouple and �̅�𝑟𝑎𝑤  is the 

average reading of all thermocouples relative to one reference temperature. For the 

four thermocouples soldered on the external surface of the test tube, the calibration is 

preceded by setting T4 and T5 as the references readings, and follows the same 

calculation procedure. The overall calculation results and the measurement 

uncertainties for each thermocouple are listed in Table 5.4. The uncertainty consists of 

the uncertainties caused by the noise error, and the voltage measurement error after all 

the random errors are reduced by the calibration process. According to the 

manufacture manual of the datalogger, the uncertainties are calculated to be ±0.015˚C 
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for all thermocouples. The calibrated readings of each thermocouple are plotted in 

Figure 5.15b. 

5.2.2 Pressure measurement and calibration 

Three pressure transducers are used on the test rig at different locations to measure the 

system pressure. The pressure transducer 1 is used to identify the sub-cooled liquid 

state of CO2 fluid after the pre-cooler with the reference of thermocouple 1. Pressure 

transducers 2 and 3 are placed in front of and after the test section to measure the 

local system pressures adjacent to the test section, and also confirm the two-phase 

state of CO2 fluid passing through the test section.  

During the calibration process, the raw voltage readings from each transducer are 

recorded with the reference pressures, which are provided by a Bundenberg 

deadweight pressure tester. The calibrated values of the coefficient, offset and 

uncertainty for each pressure transducer are listed in Table 5.5. 

                 Table 5.5. The location and calibrated coefficient, offset and uncertainty for each pressure transducer 
 
  

Reference Location Coefficient a Offset b Uncertainty (KPa) 

1 
After the metering valve, same as 

thermocouple1 
0.0069 0.9577 ±4 

2 
Connected by cross union with 

thermocouple2 in front of the test section 
0.0138 0.8738 ±3 

3 
Connected by cross union with 

thermocouple3 after the test section 
0.0138 0.9375 ±7 

 

5.2.3 Mass flow rate measurement 

The mass flow rate of the CO2 fluid is measured by a Coriolis type mass flow meter, 

manufactured by Yokogawa, which consists of an RCCS31 remote detector and an 

RCCF31 field-mount converter[64]. This CO2 mass flow meter is installed after the 

storage bottles. Under steady, stable conditions, the mass flow rate of liquid CO2 

coming out of the bottles is firstly measured by the detector and then transferred to the 

converter which displays the mass flow rate information onscreen. The measurement 

system is capable of measuring the multi-phase fluids with high accuracy. The 
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uncertainty of the CO2 liquid mass flow rate measurement is ±0.1% of the flow rate 

from the manufacturer manual. 

The mass flow rate of the coolant is measured by an RS liquid flow sensor which 

provides a pulsed output proportional to the flow rate and is connected to the data 

logger which processes the pulse signal as the readable flow rate. The mass flow rate 

of the coolant is calibrated with an uncertainty of ±1.5%. 

5.2.4 Energy input measurement 

During the pre-heating process, an adjustable and measurable amount of electric 

energy is applied to the preheater. For safety, the voltage output from the variac is 

limited to less than 24V, and this results in a high current of up to 85A. The voltage 

and amperage are measured in real-time by a clamp meter[65], which has a 

measurement uncertainty of ±1.5% and ±1% for voltage and current, respectively. 

5.2.5 Experimental result uncertainty 

The analysis of uncertainty propagation for the experimental heat transfer coefficients 

and the vapour qualities is performed using the Taylor Series Method. [66] 

 

𝑈𝑌 = √∑(
𝜕𝑌

𝜕𝑋
)
2

𝑈𝑋𝑖
2

𝑖

 (5.11) 

In Equation 5.11, 𝑈𝑌 represents the uncertainty for the calculated variables (Y) and 

𝑈𝑋 is the uncertainty for the measured variables (X), which include the measurements 

of the temperature, pressure, mass flow rate and the electrical input to the preheater. 

For example, the final uncertainty of the experimental heat transfer coefficient equals 

to the sum of partial deviations of the full equation multiplied by uncertainty values of 

each measured variable, and is given as, 
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(5.12) 

 

 
Table 5.6. The uncertainty propagation for the experimental heat transfer coefficient  

 
 

Measured variables Symbol Partial derivative Unit 
% of 

Uncertainty 

Log-mean temperature difference of 

the test section 
∆𝑇𝑙𝑚,𝑡𝑠 𝜕ℎ 𝜕∆𝑇𝑙𝑚,𝑡𝑠⁄ =-61.04 K 0 

CO2 temperature at inlet of test 

section 
𝑇2 𝜕ℎ 𝜕𝑇2⁄ =-597.1 K 0.02 

CO2 temperature at outlet of test 

section 
𝑇3 𝜕ℎ 𝜕𝑇3⁄ =-597.1 K 0.02 

Coolant temperature at inlet of test 

section 
𝑇4 𝜕ℎ 𝜕𝑇4⁄ =-24415 K 35.84 

Coolant temperature at outlet of test 

section 
𝑇5 𝜕ℎ 𝜕𝑇5⁄ =-24422 K 35.84 

Test tube wall temperature  𝑇6 𝜕ℎ 𝜕𝑇6⁄ =298.6 K 0.01 

Test tube wall temperature  𝑇7 𝜕ℎ 𝜕𝑇7⁄ =298.6 K 0.01 

Test tube wall temperature  𝑇8 𝜕ℎ 𝜕𝑇8⁄ =298.6 K 0.01 

Test tube wall temperature  𝑇9 𝜕ℎ 𝜕𝑇9⁄ =298.6 K 0.01 

Heat loss coefficient of test section 𝑈𝐴𝑡𝑒𝑠𝑡 𝜕ℎ 𝜕𝑈𝐴𝑡𝑒𝑠𝑡⁄ =-3769 K 27.43 

Coolant flow rate �̇�𝑒−𝑔𝑙𝑦𝑐𝑜𝑙 𝜕ℎ 𝜕�̇�𝑒−𝑔𝑙𝑦𝑐𝑜𝑙⁄ =1006 m
3
/s 0.82 

 

Table 5.6 lists the percentage of each measured variables to the final heat transfer 

coefficient under the experimental conditions that the saturation temperature of 0˚C, 

the mass flux of 500kg/m
2
-s with the vapour quality of 0.2. The uncertainty 
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propagation results for the experimental heat transfer coefficients are ±7.8% to 

±23.7%, and are ±1.6% to ±2.5% for the vapour qualities. 

 

5.3  Validation of the test rig 

5.3.1 Calibration of the heat loss coefficient of the preheater and the test section 

To validate the pressure and temperature measurements obtained from the test rig, the 

heat loss of the sub-cooled liquid CO2 with purely single-phase flow to the ambient 

through the preheater �̇�𝑙𝑜𝑠𝑠,𝑝𝑟𝑒 is measured for different mass flow rate conditions. 

�̇�𝑙𝑜𝑠𝑠,𝑝𝑟𝑒 of the sub-cooled liquid CO2 can be determined from by its sensible heat 

transfer rate from the ambient by passing through the preheater which is turned off. 

As shown in Equation 5.13, it also can be determined by using the heat loss 

coefficient  (𝑈𝐴)𝑝𝑟𝑒  of the preheater multiplied by the log-mean temperature 

difference ∆𝑇𝑙𝑜𝑔𝑚,𝑝𝑟𝑒 between the sub-cooled liquid CO2 and the ambient temperature 

𝑇𝑎𝑚𝑏. 

 �̇�𝑙𝑜𝑠𝑠,𝑝𝑟𝑒 = (𝑈𝐴)𝑝𝑟𝑒∆𝑇𝑙𝑜𝑔𝑚,𝑝𝑟𝑒 = �̇�𝐶𝑂2𝑐𝑝,𝐶𝑂2(𝑇2 − 𝑇1 ) 
(5.13) 

where,  

∆𝑇𝑙𝑜𝑔𝑚,𝑝𝑟𝑒 = ((𝑇𝑎𝑚𝑏 − 𝑇1 ) − (𝑇𝑎𝑚𝑏 − 𝑇2 )) ln((𝑇𝑎𝑚𝑏 − 𝑇1 ) (𝑇𝑎𝑚𝑏 − 𝑇2 )⁄ )⁄ , 𝑇1 and 

𝑇2 are the single-phase CO2 temperatures at the inlet and outlet of the preheater. 

Under stable saturation pressure conditions with the preheater supplying zero heat, it 

is expected that the heat loss rate from the low-temperature, single-phase liquid CO2 

to the ambient through the preheater varies with a fixed relationship to the CO2 mass 

flow rate. By validating the measurements, the heat loss coefficient of preheater 

(𝑈𝐴)𝑝𝑟𝑒 can be calibrated for the subsequent experimental data processing. The total 

thermal resistance between the sub-cooled liquid CO2 and the ambient environment 

through the preheater is, 

 1

(𝑈𝐴)𝑝𝑟𝑒
= 𝑅𝑐𝑜𝑛𝑣,𝑖𝑛 + 𝑅𝑐𝑜𝑛𝑑,𝑡𝑢𝑏𝑒 + 𝑅𝑐𝑜𝑛𝑑,𝑖𝑛𝑠 + 𝑅𝑐𝑜𝑛𝑣,𝑜𝑢𝑡 (5.14) 
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where 𝑅𝑐𝑜𝑛𝑣,𝑖𝑛 , 𝑅𝑐𝑜𝑛𝑑,𝑡𝑢𝑏𝑒 , 𝑅𝑐𝑜𝑛𝑑,𝑖𝑛𝑠  and 𝑅𝑐𝑜𝑛𝑣,𝑜𝑢𝑡  are the internal single-phase 

convection resistance of CO2, the conduction resistance of the tube wall of the test 

section, the conduction resistance of insulation, and the external convection resistance 

between the external insulation surface and the room temperature air, respectively. 

From the Dittus-Boelter equation, the convection heat transfer coefficient for single-

phase pipe turbulent flow has the relationship with fluid velocity ℎ ∝ 𝑢0.8 .  

Therefore, at different mass flow rate of CO2 single-phase liquid, given that all the 

resistances remain unchanged except the variation of the internal convection 

resistance, 𝑅𝑐𝑜𝑛𝑣,𝑖𝑛, Equation 5.14 is reduced to, 

 1

(𝑈𝐴)𝑝𝑟𝑒
= 𝑎

1

𝑢0.8
+ 𝑏 (5.15) 

This linear relationship between  1 (𝑈𝐴)𝑝𝑟𝑒⁄  and 1 𝑢0.8⁄  is determined from the 

measurement of the heat loss, �̇�𝑙𝑜𝑠𝑠,𝑝𝑟𝑒, for different CO2 mass flow rates.  

 

Figure 5.16 Validation of the linear relationship between 𝟏 (𝐔𝐀)𝐩𝐫𝐞 ⁄ and 𝟏 𝒖𝟎.𝟖 ⁄ in Equation 5.15 and the 

determination of thermal conductance of the preheater   
 
 

The measured validation data points, at the single-phase liquid CO2 Reynolds 

numbers of 2388, 4459 and 10316, are plotted in Figure 5.16, and Equation 5.15 is 

determined to be 1 (𝑈𝐴)𝑝𝑟𝑒⁄ = 0.04 𝑢0.8⁄ + 1.35 (K/W). Even though the heat loss 

coefficient of the preheater (𝑈𝐴)𝑝𝑟𝑒  is calibrated from the single-phase convection 

case, the resistance of the heat loss from the preheater is dominated by 𝑅𝑐𝑜𝑛𝑑,𝑖𝑛𝑠 and 
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𝑅𝑐𝑜𝑛𝑣,𝑜𝑢𝑡 , and so the calibrated (𝑈𝐴)𝑝𝑟𝑒  could be used to calculate the heat loss 

�̇�𝑙𝑜𝑠𝑠,𝑝𝑟𝑒 for the preheating of sub-cooled liquid CO2, which partly involves two-phase 

flow boiling inside the preheater. 

The heat loss coefficient of test section, (𝑈𝐴)𝑡𝑒𝑠𝑡, is defined by, 

 �̇�𝑙𝑜𝑠𝑠,𝑡𝑒𝑠𝑡 = (𝑈𝐴)𝑡𝑒𝑠𝑡∆𝑇𝑙𝑜𝑔𝑚,𝑡𝑒𝑠𝑡 (5.16) 

where ∆𝑇𝑙𝑜𝑔𝑚,𝑡𝑒𝑠𝑡  is the log-mean temperature difference between the temperature 

change of the coolant from 𝑇4 to 𝑇5, to the ambient temperature 𝑇𝑎𝑚𝑏 . In order to 

determine the value of (𝑈𝐴)𝑡𝑒𝑠𝑡 and make it applicable to the experimental test runs, 

the flow rate of the coolant supplied to test section is set to a fixed value for both the 

calibration and the experimental test runs. During the calibration, the coolant is 

pumped into the outer annulus of the test section without CO2 fluid flowing inside the 

inner tube, in order to determine the heat loss to the ambient by measuring the 

temperature change of the coolant. A settling time is required to eliminate the 

transient axial conduction effects along the test tube. The inlet temperatures of the 

coolant are set to different values, and the outlet temperatures are recorded. For 

calibration, the heat loss gained by the coolant was calculated by the following 

equation, 

 �̇�𝑡𝑒𝑠𝑡 = �̇�𝑒−𝑔𝑙𝑦𝑐𝑜𝑙𝑐𝑝,𝑒−𝑔𝑙𝑦𝑐𝑜𝑙(𝑇5 − 𝑇4 ) (5.17) 

   

 

                  Figure 5.17 Determination of thermal conductance of the test section 
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The measured calibration points are plotted in Figure 5.17, which shows a linear 

relationship of �̇�𝑙𝑜𝑠𝑠,𝑡𝑒𝑠𝑡 = 0.075 + 0.48∆𝑇𝑙𝑜𝑔𝑚,𝑡𝑒𝑠𝑡  (W). The heat conductance of 

test section (𝑈𝐴)𝑡𝑒𝑠𝑡 is determined to be 0.48±0.085 W/K. 

 

5.3.2 Repeatability of the heat transfer measurements  

To prove the repeatability of the experimental measurements, two groups of 

experimental heat transfer data obtained under similar working conditions but taken a 

fortnight apart are compared in Figure 5.18. At the saturation temperature of -10˚C, 

the experimental heat transfer coefficients with a mass flux of 400kg/m
2
-s under high 

vapour quality conditions show extremely good repeatability, experiencing some 

deviations for the low vapour quality point. According to the two-phase flow regime 

classification, the working condition at low vapour quality corresponds to wavy flow 

and this deviation might be caused by the unstable transient heat transfer, or could be 

due to an uneven tube wall temperature distribution around the inner perimeter of the 

test tube. Both of these are features of wavy flows.  

At the saturation temperature of -5˚C with a mass flux of 300kg/m
2
-s, the repeatability 

between the two groups of data is again good, and the deviation is within the 

experimental uncertainty.  

The last comparison is between two groups of data obtained under a saturation 

temperature of 0˚C with a mass flux of 200kg/m
2
-s. It can be seen that the low vapour 

quality point data from Sep-18, 2015 has a relatively large deviation from the 

corresponding data point from Oct-02 2015. Examination of the raw experimental 

data revealed that the temperature of CO2 fluid through the test section dropped from 

0.37 to -1.84˚C for the left-most blue point while the CO2 fluid temperature change 

for the left-most black point is approximately constant. The reason is that the CO2 

two-phase flow is cooled to the sub-cooled liquid state for the blue point, and thus the 

corresponding heat transfer process contains a significant portion of single-phase 

convection.  
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                         Figure 5.18 Repeatability of the experimental data obtained under similar conditions 
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5.4  Chapter conclusions 

This chapter describes the re-design of an open-loop test rig for the heat transfer 

measurement of CO2 flow condensation. The working principles and the selections of 

each component are presents to meet the required experimental data range 

summarised from Chapter 3. The temperature and pressure measurements are 

introduced with the calibration. The validation of the test rig is presented as well.  
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Chapter 6.  Experimental data reduction and results 

This chapter presents the experimental data reduction method and the experimental 

results. Heat transfer characteristics of CO2 flow condensation are presented in terms 

of the experimental heat transfer coefficients varying with the vapour quality under 

different mass flux and saturation temperature. Prediction on the flow regime of the 

experimental data is based on the proposed Soliman’s modified Froude number in 

Chapter 3. Effects of the vapour quality, mass flux and saturation pressure on CO2 

flow condensation heat transfer are discussed. Finally, the experimental results are 

used to evaluate the flow condensation model developed in Chapter 4. 

 

6.1  Data reduction  

The heat transfer coefficient for flow condensation of CO2 in the test section is 

defined as, 

 
ℎ =

�̇�𝐶𝑂2
𝐴𝑐,𝑖𝑛(𝑇𝑠𝑎𝑡 − 𝑇𝑤,𝑖𝑛)

 (6.1) 

where �̇�𝐶𝑂2 is the heat transferred from the two-phase CO2 flow to the coolant, 𝐴𝑐,𝑖𝑛is 

the inner surface area of the test tube, and 𝑇𝑤,𝑖𝑛  and 𝑇𝑠𝑎𝑡  are the inner surface 

temperature of the test tube and the system saturation temperature, respectively. As 

𝑇𝑤,𝑖𝑛 cannot be measured directly, it is calculated by,  

 𝑇𝑤,𝑖𝑛 = �̇�𝐶𝑂2𝑅𝑡𝑢𝑏𝑒 + 𝑇𝑤,𝑜𝑢𝑡 (6.2) 

in which, 𝑅𝑡𝑢𝑏𝑒  and 𝑇𝑤,𝑜𝑢𝑡  are the conductive resistance and the external surface 

temperature of the test tube, respectively. As shown in Figure 5.13b, in order not to 

alter the pressure rating of the test tube, four thermocouples are attached to the 

external surface of inner tube and are placed inside the four grooves which are evenly 

distributed around the external perimeter of the test tube and located at the mid-point 

of the test section. 𝑇𝑤,𝑜𝑢𝑡  is the average value of these four thermocouple 

measurements.  
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The vapour quality of the two-phase CO2 flow at the inlet of the test section, 𝑥𝑖𝑛, is 

determined from the local pressure 𝑃2 and enthalpy 𝑖2. The calculation of 𝑖2 is given 

by the following equation, 

 𝑖2 = (�̇�𝑝𝑟𝑒 + �̇�𝑙𝑜𝑠𝑠,𝑝𝑟𝑒) �̇�𝐶𝑂2⁄ + 𝑖1 (6.3) 

where, �̇�𝑝𝑟𝑒 equals the electric power input into the preheater, which is measured in 

real-time by a clamp meter, �̇�𝑙𝑜𝑠𝑠,𝑝𝑟𝑒 is the ambient heat loss through the preheater to 

the CO2 flow,  �̇�𝐶𝑂2 is the CO2 mass flow rate, and 𝑖1 is enthalpy of the sub-cooled 

liquid CO2 which is determined from the local temperature 𝑇1 and pressure 𝑃1.  

The representative vapour quality 𝑥 for the quasi-local heat transfer coefficient ℎ is 

defined as the average value of vapour qualities at the inlet and outlet of the test 

section. 𝑥𝑜𝑢𝑡 is determined from the following equation, 

 �̇�𝐶𝑂2 = �̇�𝐶𝑂2𝑖𝐿𝑉(𝑥𝑖𝑛 − 𝑥𝑜𝑢𝑡 ) (6.4) 

where 𝑖𝐿𝑉 is enthalpy of vaporization of CO2 at the system pressure 𝑃𝑠𝑎𝑡. The decrease 

of vapour quality through the test section was between 2% to 13.5% of the inlet 

vapour quality 𝑥𝑖𝑛 for the majority of measurements, except for data points at low 

vapour quality and low mass flux conditions, for which vapour quality changes are up 

to approximately 30%. 

6.1.1 Axial conduction effect 

 

  Figure 6.1. Energy balance analysis of the test section 
 
 

The overall energy balance of the test section implies that, heat transfer rate to the 

coolant  �̇�𝑐𝑜𝑜𝑙𝑎𝑛𝑡 has several sources, which include the latent heat from the CO2 two-

phase flow passing through the test section �̇�𝐶𝑂2 , the energy loss to the ambient 
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through the whole test section �̇�𝑙𝑜𝑠𝑠, and the axial direction conduction from both 

ends to the mid-point of the test section along the test tube wall �̇�𝑎𝑥𝑖𝑎𝑙,𝑐𝑜𝑛𝑑𝑢𝑐𝑡𝑖𝑜𝑛. As 

shown in Figure 6.1, the axial conduction is represented by the red arrows. The total 

energy balance of the test section is given as, 

            �̇�𝑐𝑜𝑜𝑙𝑎𝑛𝑡 = �̇�𝑒−𝑔𝑙𝑦𝑐𝑜𝑙𝑐𝑝,𝑒−𝑔𝑙𝑦𝑐𝑜𝑙(𝑇5 − 𝑇4 )    

= �̇�𝐶𝑂2 + �̇�𝑙𝑜𝑠𝑠 + �̇�𝑎𝑥𝑖𝑎𝑙,𝑐𝑜𝑛𝑑𝑢𝑐𝑡𝑖𝑜𝑛 

(6.5) 

To accurately calculate the axial conduction effect to the test section, the following 

numerical method is used to simulate the total conduction heat flow rate transferred 

into the test section at the boundaries of the test section.  

Firstly, a large number of temperature nodes (100 nodes outside of the test section and 

499 modes within the test section) which represent the test tube wall temperature, are 

placed along the test tube from the inlet temperature measurement 𝑇2 to the mid-point 

test tube wall temperature measurement 𝑇𝑚. A small control volume is defined around 

each node, as shown in Figure 6.2. The boundary nodes of the calculation domain at 

the inlet and mid-point of the test section are marked with numbers such as node 1 

and node 6. Node 3 and node 4 are placed next to each other and separated by the 

boundary line of the test section. The conductive heat flow rate from node 3 to 4 is the 

required axial conduction �̇�𝑎𝑥𝑖𝑎𝑙,𝑐𝑜𝑛𝑑𝑢𝑐𝑡𝑖𝑜𝑛 to the test section from left-side. The same 

arrangement of temperature nodes is mirrored to the other side of test section, from 

the outlet temperature measurement 𝑇3 to 𝑇𝑚. An energy balance is established within 

each small control volume based on the following assumptions: 

1. The coolant temperature change inside the test section is linear from 

inlet temperature 𝑇4 to outlet temperature 𝑇5; 

2. The circumference temperature of the test tube wall is uniform and 

is represented by the node temperature at different control volumes. 

3. The flow condensation heat transfer coefficient of CO2 two-phase 

flow is assumed constant throughout the whole test section. 
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                       Figure 6.2. Location of each representative temperature node along the test section 
 
 

The energy balance of each representative control volume in Figure 6.2 is shown 

below in Figure 6.3. The red arrow represents the heat transfer rate from CO2 to the 

inner tube wall, and the blue arrow represents the convection heat transfer rate of the 

coolant flowing externally of the tube wall, and the black arrow represents the axial 

conduction entering into and leaving each control volume. 

Accordingly, the energy balance equations for each control volume and the boundary 

conditions are listed in Table 6.1. 𝐴𝑐 is the tube wall cross-section area and ℎ, ℎ𝑐 are 

the flow condensation heat transfer coefficient and the coolant convection heat 

transfer coefficient inside the annulus, respectively. 

 

   Figure 6.3. Energy balance of each representative control volume  
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Table 6.1. Energy balance equation with the boundary conditions for each representative control volume  
 
 

Node Energy balance equation 
Boundary 

condition 

1 - T[1]=T2 

2 

𝐴𝑐𝑘
𝑇[𝑖 − 1] − 𝑇[𝑖]

∆𝑥
+ ℎ𝜋𝐷𝑖∆𝑥(𝑇𝑠𝑎𝑡 − 𝑇[𝑖])

= 𝐴𝑐𝑘
𝑇[𝑖] − 𝑇[𝑖 + 1]

∆𝑥
 

- 

3 

𝐴𝑐𝑘
𝑇[𝑖 − 1] − 𝑇[𝑖]

∆𝑥
+ ℎ𝜋𝐷𝑖∆𝑥(𝑇𝑠𝑎𝑡 − 𝑇[𝑖])

= 𝐴𝑐𝑘
𝑇[𝑖] − 𝑇[𝑖 + 1]

∆𝑥
 

T[i+1]=Tnode4 

4 

𝐴𝑐𝑘
𝑇[𝑖 − 1] − 𝑇[𝑖]

∆𝑥
+ ℎ𝜋𝐷𝑖∆𝑥(𝑇𝑠𝑎𝑡 − 𝑇[𝑖])

= 𝐴𝑐𝑘
𝑇[𝑖] − 𝑇[𝑖 + 1]

∆𝑥

+ ℎ𝑐𝜋𝐷𝑜∆𝑥(𝑇[𝑖] − 𝑇𝑐[𝑖]) 

T[i-1]=Tnode3 

5 

𝐴𝑐𝑘
𝑇[𝑖 − 1] − 𝑇[𝑖]

∆𝑥
+ ℎ𝜋𝐷𝑖∆𝑥(𝑇𝑠𝑎𝑡 − 𝑇[𝑖])

= 𝐴𝑐𝑘
𝑇[𝑖] − 𝑇[𝑖 + 1]

∆𝑥

+ ℎ𝑐𝜋𝐷𝑜∆𝑥(𝑇[𝑖] − 𝑇𝑐[𝑖]) 

- 

6 

𝐴𝑐𝑘
𝑇[𝑚 − 1] − 𝑇[𝑚]

∆𝑥
+ ℎ𝜋𝐷𝑖∆𝑥(𝑇𝑠𝑎𝑡 − 𝑇[𝑚])

+ 𝐴𝑐𝑘
𝑇[𝑚 + 1] − 𝑇[𝑚]

∆𝑥

= ℎ𝑐𝜋𝐷𝑜∆𝑥(𝑇[𝑚] − 𝑇𝑐[𝑚]) 

Tm=Tw 

 
 

 

Applying the complete set of energy equations to the experimental conditions that 

mass flux of 300kg/m
2
-s at the saturation temperature of -5.8˚C with the vapour 

quality of 0.3, the test tube wall temperature from inlet to outlet of the test section T2 

to T3 can be calculated. The simulation results were processed in EES and the tube 

wall temperature is plotted along the axial direction in Figure 6.4. The coolant 

temperature is changed from -14.7 to -14.4˚C. It can be seen that the main 

temperature gradients for axial conduction are approximately within 4cm, more 

specifically 2cm in front of and after the test section boundary line. The calculated 
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conductive heat flow rates are 0.44W and 0.46W from the left-side and right-side to 

the test section, respectively. According to calculation, the axial conduction accounts 

for 4% of the total heat flow rate transferred to the coolant. The simulation results 

show that higher mass flux conditions result in a minor axial conduction effect and the 

resulted effect to the measured heat transfer coefficient is less than 5% to all 

experimental data. 

 

 

Figure 6.4. The wall temperature of the test tube between the inlet and outlet temperature measurement of 
the test section  

 
 

6.2  Prediction of the flow regime 

In Chapter 4, the boundary values of 𝐹𝑟𝑠𝑜 = 6 and 𝐹𝑟𝑠𝑜 = 14 were proposed as the 

criteria for the stratified-to-wavy and wavy-to-annular transitions for CO2 two-phase 

condensation flow in smooth tubes based on the experimental observations by Jang 

and Hrnjak[8]. The measurement points in the experimental study are plotted in 

Figure 6.5 using this set of transition values shown in terms of a graph of mass flux 

and vapour quality, with the predicted flow regime being denoted by the symbol as ●: 

annular, ■: wavy, and ▲: stratified. 
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     Figure 6.5. The predicted flow regime for the present experimental data points 
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Figure 6.6 The experimental heat transfer coefficients for mass flux ranging from 100 to 500kg/m
2
-s under 

different saturation temperatures  
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6.3  Effect of mass flux and vapour quality  

In Figure 6.6, the experimental heat transfer coefficients (HTCs) are plotted over the 

full range of vapour quality for mass fluxes ranging from 100 to 500kg/m
2
-s under 

saturation temperatures of -10˚C, -5˚C and 0˚C. It can be seen that under all saturation 

temperatures, the HTCs increased with the increasing mass flux and vapour quality. 

At low mass fluxes of 100 and 200kg/m
2
-s, the variation of HTC with increasing mass 

flux and vapour quality was moderate. When mass fluxes increased to 300kg/m
2
-s, 

with vapour qualities greater than 0.4, the HTCs increased more significantly with 

increasing of vapour quality. A similar trend was found for higher mass fluxes of 400 

and 500kg/m
2
-s, but occurred at a lower vapour quality of approximately 0.2. 

Therefore, it can be concluded that the dependence of HTC upon vapour quality is 

weak for mass fluxes below 300kg/m
2
-s, but is much stronger for mass fluxes above 

300kg/m
2
-s. Quantitatively, under a saturation temperature of -5˚C, HTCs at the range 

of vapour quality from 0.2 to 0.8 increased by 71%, 81% and 77% for mass fluxes of 

300, 400 and 500kg/m
2
-s, respectively. However, for mass fluxes of 100, 200kg/m

2
-s, 

HTCs at the full range of vapour quality from 0.2 to 0.8 only increased by 38% and 

48%. 

The flow regimes of measurement points are illustrated with different symbols in 

Figure 6.6, corresponding to predictions shown in Figure 6.5. It can be seen that the 

HTCs of the annular flow data points are much more strongly depend on the mass 

flux and vapour quality than those for stratified flow. This trend agrees with the 

convective and film condensation mechanisms in annular and stratified flows 

discussed in Thome et al. [47]. In annular flow, the HTC is limited by the heat 

transfer rate through the liquid annular layer. An increase in the vapour quality 

reduces the thickness of the annular layer, and for a given vapour quality, an increase 

in the mass flux increases the velocity of the vapour, increasing the shearing in the 

annular layer. The resulting effect is the increasing temperature gradient in the layer, 

thereby increasing the HTC. For stratified flow, the heat transfer is dominated by the 

conduction through the film on the upper surface of the tube. Due to the low two-

phase velocities, the flow in the condensing film is dominated by gravity [26]. 

Therefore, variations in mass fraction and vapour quality have a lower effect than for 

annular flows. It should be noted that the hypothesis that these phenomena can be 



CHAPTER 6. EXPERIMENTAL DATA REDUCTION AND RESULTS 

 

112 
 

related to single-phase flow convection and Nusselt film condensation is not a new 

one, and is the basis for several successful models [26-28].  

 

6.4  Effect of saturation temperature  

The experimental HTCs at saturation temperatures of -10˚C, -5˚C and 0˚C are plotted 

versus vapour quality for different mass fluxes in Figure 6.7. The general trend is that 

heat transfer increased with a decrease in the saturation temperature.  

In Figure 6.7, the dependency of heat transfer on saturation temperature becomes 

greater with increasing mass flux. At low mass fluxes of 100 and 200kg/m
2
-s, for 

vapour qualities less than 0.6, heat transfer was insensitive to saturation temperature. 

But for high mass fluxes from 300 to 500kg/m
2
-s, for vapour qualities less than 0.4, 

there were no apparent dependency upon saturation temperature. Using the 

predictions of the flow regime shown Figure 6.7, it can be concluded that decreasing 

saturation temperature has a much more significant effect on the annular flow 

condensation than the stratified flow condensation. 

Examining the effect of saturation temperature on thermophysical properties, the 

vapour density of CO2 at -10˚C and -5˚C is 73% and 85% of the value at 0˚C, 

respectively. For heat transfer in annular flows, for a given mass flux and vapour 

quality, the lower vapour density of CO2 will result in a higher vapour velocity, and 

thus a higher vapour shear stress will be exerted on the liquid film. The mean velocity 

within the liquid film is increased and so the increased turbulence will lead to the 

higher heat transfer rate. For stratified flow, the property differences caused by the 

decreasing saturation temperature had a minor effect in determining the liquid film 

thickness and so the HTC. 
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Figure 6.7. Experimental heat transfer coefficients at saturation temperatures of -10˚C, -5˚C and 0˚C for 
different mass flux  
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6.5  Comparison between the experimental data under similar 

working conditions  

The present experimental results are compared with the experimental datasets which 

were used to develop the initial flow condensation model to illustrate the overall 

ranges and trends of experimental heat transfer coefficients obtained at the similar 

working conditions. In Figure 6.8 and 6.9, the experimental heat transfer coefficients 

with a mass flux of 200 and 400kg/m
2
-s are plotted, respectively, to compare the 

effect of saturation temperature and inner diameter of the test tube on heat transfer.  

In Figure 6.8, the current heat transfer data at a saturation temperature of -10˚C are 

firstly compared to the data at a saturation temperature of -15˚C of the group a. Zilly 

et al., c. Kim et al. and d. Park and Hrnjak. It can be seen that the overall range of the 

present heat transfer coefficient from 3500 to 5000W/m
2
-K is higher than those of 

these two groups, which are from 2500 to 4000 and from 3000 to 4500W/m
2
-K, 

respectively. Including the last group of microchannel heat transfer data, one 

noticeable feature can be found that the effect of saturation temperature on heat 

transfer becomes more significant with the decreasing of the tube inner diameters. 

More specifically, it hardly can be seen any differences in the heat transfer coefficient 

at different saturation temperatures in the group a. In the present data, it can be seen 

that the heat transfer coefficients increase with the decreasing saturation temperatures 

from 0 to -10˚C, more specifically, occurring at a vapour quality of 0.4. For the rest of 

two groups, the differences in heat transfer coefficients caused by saturation pressure 

start increasing at a low vapour quality of 0.2.  
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Figure 6.8. Experimental heat transfer coefficients of a.Zilly et al.[7] b.the present data c.Kim et al.[10] d.Park 
and Hrnjak[15] at different saturation temperatures inside different tubes with a mass flux of 200kg/m

2
-s 
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Another feature from the data comparison is the slope of heat transfer coefficient 

versus vapour quality increases with the decreasing of inner diameters from 6.1mm 

group a to 0.89mm group d. The overall increasing range of the current HTCs relative 

to vapour quality at a saturation temperature of -10˚C is 1200W/m
2
-K. This is slightly 

higher than that of the group a, at a saturation temperature of -15˚C, which is 1100 

W/m
2
-K, but lower than those of group c and d, which are nearly 1500 and 

3500W/m
2
-K, respectively. 

It can be concluded that based on the above discussions, datasets from different 

studies in Figure 6.8 show that at a mass flux of 200kg/m
2
-s, the experimental heat 

transfer coefficients increase with the decreasing of saturation temperatures, and this 

effect behaves more significantly, and also starts at a lower vapour quality, with the 

decreasing of the inner diameters.  

In Figure 6.9, the experimental data with a higher mass flux of 400kg/m
2
-s are 

compared. Firstly, the overall ranges of the heat transfer coefficients from different 

studies are more consistent than the case of a low mass flux 200kg/m
2
-s. As can be 

seen that the present data at a temperature of -10˚C are nearly identical to the macro-

scale tube experimental data a temperature of -15˚C of the group a and c, which all 

range from 3000-6500W/m
2
-K. The microchannel dataset of group d exceed the rest 

of data after vapour quality of 0.3 and reach up to 9000W/m
2
-K.  

In addition, all datasets show that the effect of decreasing saturation temperature on 

heat transfer occurs at a lower vapour quality compared to datasets with the low mass 

flux of 200kg/m
2
-s in Figure 6.8. The comparison also shows that all macro-scale tube 

datasets display a similar slope of the HTC varying to vapour quality but the 

microchannel dataset still differs by displaying a higher slope. This can be explained 

by the annular heat transfer mechanism, which is dominant at a high mass flux of 

400kg/m
2
-s. The annular flow heat transfer greatly depends on the superficial liquid 

Reynolds number 𝑅𝑒𝐿 = 𝐺𝐷(1 − 𝑥) 𝜇𝐿⁄ . For a given mass flux, the heat transfer 

coefficient has a relatively constant linear relationship with the decreasing vapour 

quality.  

 



CHAPTER 6. EXPERIMENTAL DATA REDUCTION AND RESULTS 

 

117 
 

 

Figure 6.9. Experimental heat transfer coefficients of a.Zilly et al.[7] b.the present data c.Kim et al.[10] d.Park 
and Hrnjak[15] at different saturation temperatures inside different tubes with a mass flux of 400kg/m

2
-s 
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Figure 6.10 compares the data points from the present study at a saturation 

temperature of -10˚C and the rest of datasets at a saturation temperature of -15˚C to 

illustrate the effect of mass flux on heat transfer. It can be seen that the effect of high 

mass fluxes behaves more significantly with the increasing of vapour quality. 

The comparison also displays that the slope of heat transfer over vapour quality at low 

mass fluxes is lower than those of heat transfer at high mass flux conditions. The 

present data with mass fluxes of 100, 200kg/m
2
-s, show a similar slope to those of the 

macro-scale tube data with a mass flux of 200kg/m
2
-s. With high mass fluxes over 

300kg/m
2
-s, heat transfer data points from all groups show higher slopes than those of 

200kg/m
2
-s. 

Last but not least, from all the compared data, the slopes of heat transfer over the full 

vapour quality at high mass flux conditions are increasing with the decreasing of inner 

diameters. This feature can also be explained by the corresponding annular flow heat 

transfer at high mass flux conditions. As the annular heat transfer rate is proportional 

to the value of 𝑅𝑒𝐿, for a constant value of 𝑅𝑒𝐿, smaller inner diameter results into a 

higher slope of heat transfer coefficient versus the vapour quality. 
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Figure 6.10 Experimental heat transfer coefficients of a.Zilly et al.[7] b.the present data c.Kim et al.[10] d.Park 
and Hrnjak[15] at close saturation temperatures inside different tubes with different mass flux  

 



CHAPTER 6. EXPERIMENTAL DATA REDUCTION AND RESULTS 

 

120 
 

6.6  Comparison between the predictions by the existing CO2 flow 

condensation models 

 

Figure 6.10 Comparison between experimental heat transfer coefficients and predictions by CO2 flow 
condensation models[67, 68] and model in Chapter 4 

 
 

Compared to the numerous heat transfer models for CO2 flow boiling[17], there are 

very few specialised flow condensation models for CO2 in the open literature. 

Recently, two new heat transfer models for CO2 flow condensation have been 

proposed and evaluated against experimental data in the open literature. The model 

developed by Heo and Yun[67] combined the existing Thome et al.[47] condensation 

model with the flow regime transition criteria established by Soliman.[25, 31] The 

overall prediction of the experimental data from different sources[7, 8, 10, 12-16] 

using the Heo and Yun model gave an average absolute deviation of 45% and only 

one group of data[15] was predicted to within ±30%. Another one is proposed in the 

comparison study by Shah[68]. Several selected generic condensation models were 

evaluated to predict the experimental results from 14 different CO2 condensation data 

sources. All models shared poor agreement with the experimental data, and the best 

condensation correlation[69] was found to predict the heat transfer data for mass flux 

below 300kg/m
2
-s with an average absolute deviation of 23%.  
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The initial model developed in Table 4.1 Chapter 4 is based on the experimental data 

from a selected subset of CO2 flow condensation studies in the open literature[7, 8, 

10, 15], and the predictions agreed with the experimental data with an average 

absolute deviation of 8%. Thus, the total three specialised CO2 flow condensation 

models are evaluated against the experimental data presented above. From the 

comparisons plotted in Figure 6.10, it can be seen that the Shah model over predicts 

data points at high Nusselt number conditions while it has an acceptable agreement 

for the low Nusselt number range data points. The Heo and Yun model under predicts 

the low Nusselt number data points, and over predicts the experimental results at high 

Nusselt number range. The initial model in Chapter 4 predicts most of the 

experimental data points within ±20%, but there are under-predictions for data points 

at low Nusselt numbers. The reason is that the heat transfer data bank used for the 

development of the initial model didn’t incorporate low mass flux data, and so the 

predictions of low Nusselt number data give relatively high errors. The average 

absolute deviations by these models are shown in Figure 6.10, and the model in 

Chapter 4 provides the best prediction with an average absolute deviation of 12%. 

 

6.7  Chapter conclusions 

The experimental results are presented in this chapter. The heat transfer characteristics 

of flow condensation greatly depend on the flow regimes. For annular flows, the 

higher mass flux and lower saturation temperature result into the higher flow 

condensation heat transfer. For stratified flows, the effects of mass flux and saturation 

temperature are less noticeable. Similar trends of heat transfer are found from the 

experimental results obtained under similar working conditions from the references in 

the open literature.  

The experimental data are used to evaluate the initial model proposed in Chapter 4 

and comparison shows the initial model should be improved to correctly predict the 

present experimental results at low Nusselt numbers. 
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Chapter 7.  An improved model for CO2 flow 

condensation inside horizontal tubes 

In Chapter 6 the experimental results obtained in this study are used to evaluate the 

model proposed in Chapter 4. Comparisons between the predicted and experimental 

heat transfer results show that the initial model is inaccurate when predicting heat 

transfer data with low values of Nusselt number. To improve its predicting ability, 

this chapter firstly identifies the heat transfer data points which cause the large 

prediction errors, and reviews the corresponding parts of the initial model. 

Modifications are made and the updated flow condensation model is evaluated against 

the experimental data from the present study and references[7, 8, 10, 15]. 

 

7.1  Determination of experimental data points with high prediction 

errors 

 

Figure 7.1 Prediction errors by the initial model versus Soliman’s modified Froude number 
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To accurately identify the experimental data which cause the initial model to fail, the 

prediction error is plotted versus Soliman’s Froude number Frso and the vapour 

quality in Figures 7.1 and 7.2, respectively. In Figure 7.1, the boundary values of 

annular-to-wavy transition, Frso=14, and wavy-to-stratified transition, Frso=6, are 

highlighted with red lines. It can be seen that the prediction errors for Frso>14 are 

evenly distributed within ±20%. When Frso approaches 14, errors increase, and the 

maximum are presented by three data points with Frso≈12 which are approximate -

40%. With Frso decreasing below 10, prediction errors are again within ±20%. This 

trend suggests that data points near the annular-to-wavy transition boundary, Frso=14, 

are not correctly predicted by the initial model. In Figure 7.2, which shows prediction 

errors versus vapour quality, the experimental data with high prediction errors cluster 

at high vapour qualities of 0.6 and 0.8. Combined with the error distribution in Figure 

7.1, the total error analysis indicates that the experimental data points around Frso=14 

and at vapour qualities between 0.6 to 0.8 are predicted with large errors. 

 

  Figure 7.2 Prediction errors by the initial model versus the vapour quality 
 
 

In Figure 6.5, the flow regimes of each measurement point are predicted by Frso and 

plotted in the coordinate of mass flux versus vapour quality. Thus, according to the 

determined values of Frso and the range of vapour quality from error analysis,  the 

mass fluxes for the large prediction error data points can be determined to be 100 and 
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200kg/m
2
-s in the flow regime prediction map in Figure 6.5. This range of mass flux 

can be further supported by the comparison between the experimental and predicted 

Nusselt numbers in Figure 6.10, which shows the initial model has the poor 

predictions to the data points with low Nusselt numbers, which relate to the low mass 

fluxes of 100 and 200kg/m
2
-s.  

 

7.2  Prediction errors by the wavy flow correlation 

The development of the initial model in Chapter 4, defined that the heat transfer 

coefficient for the wavy flow was structured by interpolation between the boundary 

values of heat transfer coefficients for stratified flow and annular flow at Frso=6 and 

Frso=14, respectively. The reason is that the transition from annular to stratified flow 

is caused by a decrease in vapour velocity and a thickening of the bottom liquid layer, 

which can be interpreted by Frso decreasing from 14 to 6. The heat transfer 

correlations for annular and stratified flows were developed by correlating the 

analytical equations to the relevant heat transfer data and high prediction accuracy 

was maintained within each flow regime zone. This point can be seen in Figure 4.7 

where the high prediction errors are concentrated around the flow regime transition 

boundaries. In addition, a similar cluster of large prediction errors occurs around the 

annular-to-wavy flow transition in the comparison between the present experimental 

data and the initial model, as concluded from the error analysis in this Chapter. There 

is a need to re-evaluate the wavy flow correlation.  

Figure 7.3 shows the predicted heat transfer coefficient of the initial model varying 

with vapour quality at a mass flux of 200kg/m
2
-s for different saturation temperatures. 

The present experimental data points at the same working conditions are plotted to 

evaluate the prediction. As the vapour quality decreases from 1 to 0, the predicted 

heat transfer coefficients from vapour quality of 0.6 to 0.4 show a significant 

“increase”. This trend contradicts the fact that the experimental measurement values 

of two-phase flow heat transfer coefficient decrease with the decreasing vapour 

quality. At a mass flux of 200kg/m
2
-s, the conflicted region represents the predicted 

heat transfer in wavy flows where the interpolation manipulation was used. Another 

reason for the interpolation was to treat the value of wavy flow heat transfer 
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coefficient as a “connection” between those of annular and stratified flows. However, 

this effort now has been demonstrated to fail predict the corresponding heat transfer 

data correctly by the error analysis and the “increase” in Figure 7.3. As a matter of 

fact, the conflicted increasing trend was due to the lower heat transfer coefficient 

values for the ending of annular flow than those for the starting of stratified flow. 

 

Figure 7.3 The predicted heat transfer coefficients of full vapour quality range with a mass flux of 200kg/m
2
-s 

compared with the corresponding experimental results at different saturation temperatures 
 
 

 

Figure 7.4 The predicted heat transfer coefficients of full vapour quality range with a mass flux of 500kg/m
2
-s 

compared with the corresponding experimental results at different saturation temperatures 
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In Figure 7.4, similar comparisons are plotted for a mass flux of 500kg/m
2
-s. It is 

shown that at the high mass flux condition, the heat transfer coefficients at the ending 

point of annular flows exceed those at the starting point of stratified flows. However, 

the interpolation manipulation still leads to a “non-smooth” connection for wavy 

flows. Compared to Figure 7.3, the region of “non-smooth” transition is shorter, and 

this agrees to a more rapid transition from annular to stratified flows which occurs 

under a higher mass flux condition.  

 

7.3  Modification to the initial flow condensation model 

 

Figure 7.5 The predicted heat transfer coefficients for stratified and annular flows of full vapour quality range 
with different mass fluxes from 100 to 800kg/m

2
-s  

 
 

From the above discussions, it is clear that a proper agreement is required between the 

predicted and experimental heat transfer coefficients in wavy flows. This is also 

needed for a smooth transition from the heat transfer in annular flows to stratified 

flows. It was decided that an alternative method which determines the intersection 

points of the predicted annular and stratified heat transfer coefficient values was 

employed, rather than to use the method of interpolation between the ending of 

annular flows and the starting of stratified flows. 
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In Figure 7.5, the calculated heat transfer coefficients are plotted for the full vapour 

quality range by the annular and stratified flow correlations, respectively. At a 

particular mass flux from 100 to 800kg/m
2
-s, each pair of the annular and stratified 

heat transfer coefficients has a different intersection point where the values of the 

predicted annular and stratified heat transfer coefficients are equal. Every intersection 

point at different mass flux conditions corresponds to a unique vapour quality point, 

𝑥𝑖𝑛𝑡. The annular and stratified flow correlations were correlated to the corresponding 

heat transfer data separately, and the error analyses in Chapter 4 and Chapter 6 all 

validate their accurate prediction ability. Therefore, it can be argued that the stratified 

flow correlation is valid in front of each intersection vapour quality while the annular 

flow correlation is valid after these vapour quality points for each mass flux. 

Consequently, the intersection points in Figure 7.5 can be assumed as the boundary 

values for the transition between the different flow condensation heat transfer 

mechanisms in annular and stratified flows. 

 

 

Figure7.6 The vapour quality intersections between the predicted heat transfer coefficient for stratified and 
annular flows at different mass flux conditions 

 
 

As the vapour quality point corresponding to the intersection point is unique for each 

chosen mass flux, the determination of their relationship is illustrated by plotting the 

intersection vapour quality as a function of mass flux. As shown in Figure 7.6, the 
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plot indicates that for a given mass flux G, the connection vapour quality point which 

works as a transition value from the heat transfer mechanism in annular flows to 

stratified flows is determined by the following power function, 

 𝑥𝑖𝑛𝑡 = 104288𝐺
−2.23 (7.1) 

By implementing this new transition criterion into the initial model, the original 

correlation for wavy flows is eliminated, and the simplified model for CO2 flow 

condensation is listed in Table 7.1. 

 

Table 7.1 The updated model for predicting CO2 condensation in a horizontal tube at low temperatures 
 
 

Flow regime Transition value Heat transfer correlation 

Annular 𝑥 > 104288𝐺−2.23 

𝐷 > 3𝑚𝑚, 𝑎 = 0.023 𝑏 = 0.42 𝑐 = 0.786 

𝐷 < 3𝑚𝑚,          𝑎 = 0.02   𝑏 = 0.54 𝑐 = 1.61   
 

ℎ𝑎 = (1 +
1.2

𝑋𝑡𝑡
0.935) 𝑎𝑅𝑒𝑙

0.8𝑃𝑟𝑙
0.4 𝑘𝑙
𝐷

 

 

Stratified 𝑥 ≤ 104288𝐺−2.23 

ℎ𝑠 =
0.56

1 + 𝑏𝑋𝑙𝑙
𝑐 ℎ𝑓𝑖𝑙𝑚 + (1 − 𝜃𝑠 𝜋⁄ )0.023𝑅𝑒𝐿𝑜

0.8𝑃𝑟𝑙
0.4 𝑘𝑙
𝐷

 

 

ℎ𝑓𝑖𝑙𝑚 = [
𝜌𝑙(𝜌𝑙 − 𝜌𝑣)𝑔𝑘𝑙

3𝑖𝑙𝑣
𝜇𝑙𝐷(𝑇𝑠𝑎𝑡 − 𝑇𝑤)

]

0.25

 

휀 = ℎ− 𝑟𝑎

ln( ℎ 𝑟𝑎⁄ )
                     휀ℎ = [1 + (

1−𝑥

𝑥
) (

𝜌𝑣

𝜌𝑙
)]
−1

 

   휀𝑟𝑎 =
𝑥

𝜌𝑣
([1 + 0.12(1 − 𝑥)] (

𝑥

𝜌𝑣
+
1 − 𝑥

𝜌𝑙
) +

1.18(1 − 𝑥)[𝑔𝜎(𝜌𝑙 − 𝜌𝑣)]
0.25

𝐺𝜌𝑙
0.5 )

−1

 

1 − 𝜃𝑠 𝜋⁄ =
𝑎𝑟𝑐𝑐𝑜𝑠(2휀 − 1)

𝜋
 

   

 

The flow condensation heat transfer coefficients with different mass flux from 100 to 

800kg/m
2
-s at a saturation temperature of -5˚C with the current test tube inner 

diameter are plotted at the full range of vapour quality in Figure 7.7. It can be seen 

that the discontinuity in the initial model has been eliminated by using the updated 

criterion for the transition between the two main heat transfer mechanisms. 
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Figure 7.7 The predicted heat transfer coefficients of full vapour quality range with different mass fluxes from 
100 to 800kg/m

2
-s by the updated model 

 

7.4  Comparison between the updated model and the experimental 

data 

 

Figure 7.8 The comparison between the predictions of the updated model and experimental datasets including 
references[7, 8, 10, 15] and the present study 
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To evaluate the updated model, comparisons are made against all the experimental 

data, including the datasets of Zilly et al.[7], Jang and Hrnjak[8], Kim et al.[10] and 

Park and Hrnjak[15], which were used to develop the initial model, and the present 

experimental data. All datasets range over saturation temperatures from -25 to 0˚C, 

mass fluxes from 100 to 800kg/m
2
-s inside horizontal smooth circular tubes with 

inner diameters from 0.89 to 6.1mm. As shown in Figure 7.8, a comparison of 

predicted and measured Nusselt numbers indicates that the updated model from this 

Chapter successfully predicts the total 282 data points with a mean absolute deviation 

of 7%. The highest prediction errors are mostly for the dataset of Park and Hrnjak, 

which were obtained within the 0.89mm inner diameter microchannel. In addition, the 

prediction errors decrease with the increasing of test tube inner diameters. For 

example, the datasets of Zilly and Jang obtained within the biggest tube inner 

diameter of 6.1mm are nearly all correctly predicted by the updated model within 

±20%.   

 

7.5  Chapter conclusions 

In this chapter, prediction errors of the initial heat transfer model to the present 

experimental data are analysed. The improvement to the initial model is determined to 

modify the wavy flow correlation. The intersection vapour quality of the stratified and 

annular flow correlations at different mass flux conditions is used as the boundary 

value for the two separate correlations. The updated model shows a successful 

prediction to a total heat transfer databank for CO2 flow condensation. 
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Chapter 8.  Conclusions  

 The flow condensation of CO2 plays an important role in determining the 

overall system efficiency of a cascade or secondary refrigeration system with 

CO2 as the low-temperature refrigerant. There is a need to understand CO2 

flow condensation heat transfer characteristics to allow the optimisation of 

evaporator-condenser design and operation; 

 A literature review of the experimental studies in the open literature found that 

the available information for CO2 is limited. The experimental results of 

different researchers are inconsistent, and the existing flow condensation 

models fail to predict the heat transfer coefficients of CO2 flow condensation; 

 A set of flow regime transition criteria was proposed by fitting Soliman’s 

Froude number to the observed two-phase flow regime transition of CO2; 

 A semi-analytical model was proposed by analysing the main heat transfer 

mechanisms in stratified and annular flows, and was then correlated to the 

experimental data from open literature to establish an initial model for CO2 

flow condensation inside horizontal tubes; 

 An open-loop CO2 test rig was re-designed and employed to produce the 

experimental data with mass fluxes of 100 to 500kg/m
2
-s at saturation 

temperatures from -10 to 0˚C inside a horizontal copper tube with an inner 

diameter of 4.73mm. The obtained experimental data have fitted a gap in the 

data available in the existing literature; 

 Experimental results showed that higher mass flux and lower saturation 

temperature result in the higher heat transfer coefficients by increasing the 

superficial liquid Reynolds number. These effects were not significant at low 

vapour qualities. Comparison between the experimental results obtained under 

similar working conditions but inside different tubes showed the effects of 

mass flux and saturation pressure started at lower vapour qualities with the 

smaller inner diameters. The heat transfer characteristics from experimental 
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results agree with the typical flow condensation heat transfer mechanisms in 

stratified and annular flows; 

 The experimental data from this study were used to evaluate the prediction of 

the initial flow condensation model and the data points with high prediction 

errors were determined to correct the prediction failures of the initial model 

developed in Chapter 4; 

 Modifications were made to correctly predict the data points around the 

annular-to-wavy flow transition at low mass fluxes. An improved heat transfer 

model was proposed by dropping the modelling of the wavy flow. 

Manipulation was made by introducing a new parameter, the intersection 

vapour quality 𝑥𝑖𝑛𝑡 , to correctly predict the transition between the flow 

condensation heat transfer mechanism from annular flows to stratified flows; 

 The ultimate model accurately predicts a databank of CO2 flow condensation 

inside horizontal tubes with an average absolute deviation of 7%. The 

databank incorporates 282 data points from the current and published 

experimental studies, which covers tube inner diameters ranging from 0.89 to 

6.1mm, mass fluxes from 100 to 800kg/m
2
-s under the saturation temperatures 

from -25 to 0˚C.  
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Appendix A      Verification of Eddy diffusivity model 

Used in Chapter 4 Section4.4 on Page 57 

Resembling the thermal boundary layer in single phase flow, the liquid film is the 

main heat transfer resistance for two-phase annular flow condensation. As the film 

thickness is negligible compared to the tube inner diameter, the velocity and thermal 

laws of the wall are applicable to provide the radial velocity and temperature profiles 

within the annular film given that the frictional pressure drop information is known. 

Table A.1 lists three models for the variation of eddy diffusivity across a single-phase 

turbulent boundary.   

Table A1. Eddy diffusivity models for single-phase turbulent boundary layers 

Prandtl-Taylor[70] 
εM
υ
= {
0                          y+ < 11.5

0.41y+ − 1       y+ > 11.5
 

Von-Kármán[71] 
휀𝑀
𝜐
= { 

0                                                    𝑦+ < 5

0.2𝑦+ − 1                        5 < 𝑦+ < 30

0.41𝑦+ − 1                              𝑦+ > 30

 

Spalding[72] 
εM
υ
= 0.0526 [e0.41u

+
− 1 − 0.41u+ −

(0.41u+)2

2
−
(0.41u+)3

6
] 

 

The experimental flow condensation heat transfer coefficient is measured by adding a 

diabatic section to an adiabatic two-phase flow process. The phase change of the 

refrigerant flowing through the test section is controlled as small as possible based on 

the energy absorbed by the coolant so that the measured heat transfer coefficient can 

approach to the local value at the representative vapour quality, which is usually the 

arithmetic value of the inlet and outlet vapour qualities. A typical flow condensation 

process in annular flow under experimental conditions is shown between the two 

dashed lines in Figure A.1. 
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                  Figure A1. The simulation of the annular flow condensation heat transfer inside the test section  

 

The applicability of each of the momentum diffusivity models to CO2 annular flow 

condensation have been validated by the following numerical simulation based on the 

assumptions: 

 Thickness of the annular liquid film is axisymmetric and is constant across the 

test section; 

 No axial conduction inside the liquid film; 

 No entrainment of the liquid in the vapour core. 

The liquid film is divided into a number of control volumes in the radial direction. 

The inner position of each representative node was logarithmically distributed, shown 

in Equation A1 and A2. Such arrangement allocates the nodes more concentrated near 

the wall and keeps the reasonable distances for the first and last nodes from the tube 

wall and the liquid-vapour interface, respectively. 

 
𝑦𝑖
+ = 𝛿+

𝑖−1
𝑛−1        𝑖 = 1, 𝑛 − 1 (A.1) 

 

 
𝑦𝑛
+ =

1

2
 [
1

2
(𝛿+ + 𝑦𝑛−1

+ ) + 𝛿+] (A.2) 

 

Based on the conservation of mass, the relation between the dimensionless liquid film 

thickness 𝛿+ and the superficial liquid Reynolds number 𝑅𝑒𝐿 can be obtained by: 
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𝑅𝑒𝐿 =
𝐺𝐷(1 − 𝑥)

𝜇𝐿
=
4𝛿 ∙ 𝑢𝑚 ∙ 𝜌𝐿

𝜇𝐿
= 4∫ 𝑢+𝑑𝑦+

𝛿+

0

 (A.3) 

 

The inner velocity distribution, 𝑑𝑢+ 𝑑𝑦+⁄ = 1 (
εM

υ
)⁄ + 1 , can be established 

according to the different models given in Table. 1. Therefore, the radial location of 

each node can be calculated: 

 𝑟𝑖 = 𝑅 − 𝑦𝑖
+𝑦∗        𝑖 = 1, 𝑛 (A.4) 

 

Once the inner position is given, the eddy diffusivity of heat transfer for each control 

volume is known as 휀𝐻,𝑖 = 𝑃𝑟𝑡𝑢𝑟𝑏 휀𝑀,𝑖⁄  and the equivalent thermal conductivity inside 

each control volume is obtained as 𝑘𝑖
′ = 𝑘 + 𝜌𝐿𝑐𝑝,𝐿휀𝐻,𝑖 . Under the steady flow 

condensation process, the net conductive heat transfer equals to the increase of the 

enthalpy for each control volume inside the annular liquid film, shown in Figure A1. 

The energy balance equations for the control volume 1, n, and i can be expressed by 

Equation A5 to A7, respectively. 

 1

2
(𝑘1
′ + 𝑘2

′ )𝜋(𝑟1 + 𝑟2)∆𝑥
𝑇2 − 𝑇1
𝑟1 − 𝑟2

− 𝑘1
′𝜋𝐷∆𝑥

𝑇1 − 𝑇𝑤
𝑅 − 𝑟1

= 𝜌𝐿𝑐𝑝,𝐿𝑢1𝜋 [𝑅
2 − (

𝑟1 + 𝑟2
2

)2]
𝑑𝑇1
𝑑𝑥

∆𝑥 

(A.5) 

 

 
𝑘𝑛
′ 𝜋(𝐷 − 2𝛿)∆𝑥

𝑇𝑠 − 𝑇𝑛
𝑟𝑛 − (𝑅 − 𝛿)

−
1

2
(𝑘𝑛
′ + 𝑘𝑛−1

′ )𝜋(𝑟𝑛 + 𝑟𝑛−1)∆𝑥
𝑇𝑛 − 𝑇𝑛−1
𝑟𝑛−1 − 𝑟𝑛

= 𝜌𝐿𝑐𝑝,𝐿𝑢𝑛𝜋 [(
𝑟𝑛−1 + 𝑟𝑛

2
)
2

− (𝑅 − 𝛿)2]
𝑑𝑇𝑛
𝑑𝑥

∆𝑥 

 

(A.6) 
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 1

2
(𝑘𝑖
′ + 𝑘𝑖+1

′ )𝜋(𝑟𝑖 + 𝑟𝑖+1)∆𝑥
𝑇𝑖+1 − 𝑇𝑖
𝑟𝑖 − 𝑟𝑖+1

−
1

2
(𝑘𝑖
′ + 𝑘𝑖−1

′ )𝜋(𝑟𝑖−1 + 𝑟𝑖)∆𝑥
𝑇𝑖 − 𝑇𝑖−1
𝑟𝑖−1 − 𝑟𝑖

= 

𝜌𝐿𝑐𝑝,𝐿𝑢𝑖𝜋 [(
𝑟𝑖−1 + 𝑟𝑖
2

)
2

− (
𝑟𝑖 + 𝑟𝑖+1
2

)2]
𝑑𝑇𝑖
𝑑𝑥
∆𝑥 

(A.7) 

 

The temperature profile of the liquid film at location can be obtained by integrating 

𝑑𝑇𝑖 𝑑𝑥⁄  from the first dashed line at which the phase change occurs to 𝑥: 

 
𝑇𝑖 = 𝑇𝑠𝑎𝑡 +∫

𝑑𝑇𝑖
𝑑𝑥

𝑥

0

𝑑𝑥    𝑖 = 1, 𝑛 (A.8) 

The local heat transfer coefficient at 𝑥 can be expressed by the following equation: 

 
ℎ𝑥 =

�̇�𝑠,𝑥
′′

𝑇𝑠𝑎𝑡 − 𝑇𝑤
= 𝑘1

′
𝑇1,𝑥 − 𝑇𝑤
𝑅 − 𝑟1

1

𝑇𝑠 − 𝑇𝑤
 (A.9) 

 

The simulation results from three models are plotted in Figure A2 by the calculated vs. 

experimental heat transfer coefficients[8]. It can be seen that for the three models, the 

simulation using the Prandtl-Taylor model had the best agreement with the 

experimental results. 

 

        Figure A2. Comparison of simulated and experimental values for annular flow condensation heat transfer 
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Appendix B      Test section drawing 
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Appendix C      Experimental data 

h x_in x x_out G ΔT T_sat 
HTC 
error 

(W/m^2-k) - - - 
kg/m^2-

s 
K C 

(W/m^2-
k) 

3698 0.181 0.1739 0.167 493.2 3.097 0.018 521.2 

4397 0.408 0.4 0.392 493.2 2.860 0.206 565.6 

5043 0.628 0.6196 0.611 493.2 2.562 0.288 632.2 

6073 0.923 0.9144 0.906 493.2 2.259 0.373 719.1 

6607 0.955 0.9464 0.937 493.2 2.118 0.280 767.9 

3522 0.206 0.1979 0.190 393.6 2.920 -0.773 527.3 

4171 0.427 0.4176 0.409 393.6 2.691 -0.663 573.4 

4782 0.718 0.709 0.700 393.6 2.432 -0.588 635.3 

5483 0.887 0.877 0.867 393.6 2.249 -0.590 688.2 

3677 0.250 0.2377 0.225 298.8 3.162 -0.158 487.6 

4022 0.461 0.4478 0.435 298.8 3.003 -0.059 513.9 

4194 0.705 0.692 0.679 298.8 2.894 -0.018 533.4 

4452 0.897 0.8835 0.870 298.8 2.774 0.016 556.8 

3003 0.212 0.1967 0.182 208.7 3.277 -0.608 447.1 

3660 0.422 0.4056 0.390 208.7 2.928 -0.463 501.4 

3642 0.598 0.582 0.566 208.7 2.913 -0.456 503.9 

3792 0.801 0.7842 0.768 208.7 2.873 -0.419 511.2 

2944 0.247 0.2184 0.190 104.3 3.268 -0.549 470.3 

3411 0.465 0.4337 0.403 104.3 3.038 -0.557 506.7 

3583 0.603 0.571 0.539 104.3 2.943 -0.522 523.3 

3580 0.801 0.7692 0.738 104.3 2.918 -0.485 527.8 

3764 0.228 0.2219 0.216 493.2 2.500 -4.886 420.8 

4760 0.423 0.4165 0.410 493.2 2.185 -4.824 483.3 

5696 0.583 0.576 0.569 493.2 2.024 -4.807 523.8 

6674 0.804 0.7973 0.790 493.2 1.762 -4.821 603.5 

3203 0.186 0.1802 0.175 393.6 2.284 -6.033 469.0 

4118 0.440 0.4332 0.426 393.6 2.258 -5.826 476.8 

4720 0.612 0.6053 0.598 393.6 1.981 -5.874 544.3 

5801 0.770 0.763 0.756 393.6 1.712 -5.945 631.9 

3048 0.177 0.1676 0.159 298.8 2.978 -4.895 356.3 

3900 0.414 0.4032 0.393 298.8 2.645 -4.687 402.7 

4467 0.610 0.5986 0.587 298.8 2.586 -4.639 413.2 

5209 0.857 0.8444 0.832 298.8 2.353 -4.633 455.5 

2801 0.174 0.1617 0.150 208.7 2.950 -5.329 428.1 

3418 0.353 0.3401 0.327 208.7 2.649 -5.208 477.8 
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3780 0.540 0.5255 0.511 208.7 2.634 -5.118 481.3 

4150 0.766 0.7506 0.735 208.7 2.582 -5.082 491.8 

2828 0.170 0.1457 0.121 104.3 3.040 -5.435 415.7 

3173 0.387 0.3635 0.341 104.3 2.563 -5.366 493.1 

3450 0.498 0.4734 0.449 104.3 2.505 -5.345 505.0 

3894 0.767 0.7397 0.712 104.3 2.485 -5.155 510.1 

3401 0.089 0.08687 0.084 485.6 1.204 -9.431 595.5 

5232 0.485 0.4818 0.479 493.2 0.948 -9.700 762.4 

6431 0.675 0.6724 0.670 493.2 0.703 -9.825 1032.0 

7842 0.905 0.9018 0.899 494.2 0.751 -9.683 974.5 

3726 0.227 0.2246 0.222 398.4 1.057 -9.935 671.0 

4674 0.469 0.4659 0.463 398.4 1.028 -9.868 693.8 

5654 0.682 0.6784 0.675 398.4 0.865 -9.904 827.7 

6579 0.850 0.8461 0.843 398.4 0.750 -9.963 957.5 

3502 0.275 0.2716 0.268 303.5 0.981 -9.778 746.7 

4269 0.458 0.454 0.450 303.5 1.044 -9.684 704.9 

4839 0.601 0.5972 0.593 303.5 0.944 -9.759 781.5 

6179 0.848 0.8425 0.837 303.5 0.910 -9.712 815.9 

3680 0.229 0.2232 0.218 199.2 1.048 -9.457 684.9 

3931 0.443 0.4371 0.431 199.2 1.024 -9.241 701.9 

4366 0.634 0.6273 0.621 199.2 1.038 -9.321 694.0 

4989 0.886 0.8789 0.872 199.2 1.016 -9.294 711.3 

3368 0.288 0.2786 0.269 104.3 1.084 -9.688 660.8 

3627 0.463 0.4543 0.446 104.3 0.896 -9.748 799.4 

4145 0.641 0.632 0.623 104.3 0.787 -9.770 911.5 

4335 0.804 0.7962 0.788 104.3 0.696 -9.740 1032.0 
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Appendix D      Research publications 

Journal Publications: 

[1] Li, P., Chen, J. J. J., & Norris, S. E. Review of flow condensation of CO2 as a 

refrigerant. International Journal of Refrigeration. 10.1016/j.ijrefrig.2016.07.022 

[2] Li, P., & Norris, S. Heat transfer correlations for CO2 flowing condensation in a 

tube at low temperatures. Applied Thermal Engineering, 93, 872-883. 10.1016/j.a 

pplthermaleng.2015.09.072 

[3] Li, P. H., Deans, J., & Norris, S. Stratified Flow Condensation of CO2 in a Tube at 

Low Temperatures. Applied Mechanics and Materials, 789-790, 184-192.  10.402 

8/www.scientific.net/AMM.789-790.184 

[4] Li, P., Chen, J. J. J., & Norris, S. E.  (under review). Flow condensation heat 

transfer of CO2 in a horizontal tube at low temperatures. Applied Thermal 

Engineering 

 

Conference Publications: 

[5] Li, P. H., Norris, S. E., Bansal, P. K., & Deans, J. (2012). In-tube Carbon Dioxide 

Condensation in Stratified Flow Regime. In G. D. Mallinson (Ed.) Proceedings of the 

23rd International Symposium on Transport Phenomena Auckland, New Zealand. 

[6] Li, P. H., & Norris, S. (2016). A Heat Transfer Correlation for Carbon Dioxide 

Flow Condensation in Annular Flows. Proceedings of the First Pacific Rim Thermal 

Engineering Conference Hawaii, USA: The First Pacific Rim Thermal Engineering 

Conference. 

 

 

 

http://dx.doi.org/10.1016/j.ijrefrig.2016.07.022
http://dx.doi.org/10.1016/j.applthermaleng.2015.09.072
http://dx.doi.org/10.1016/j.applthermaleng.2015.09.072
http://dx.doi.org/10.4028/www.scientific.net/AMM.789-790.184
http://dx.doi.org/10.4028/www.scientific.net/AMM.789-790.184
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