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 Abstract 

 

This thesis aims to study the thermofluid dynamic behaviour through a component of an ultra-micro scale 

gas turbine (UMGT), the turbine. Here an experimental investigation is firstly conducted to serve as a 

basis for numerical validation and to prove the feasibility of a 3 dimensional (3D) UMGT scale radial 

inflow turbine. A numerical investigation of the experimental turbine is then carried out, where the effects 

of heat loss, which are enhanced at small (and therefore UMGT) scales, on the turbine performance are 

studied through adiabatic and isothermal boundary conditions. Lastly, four different turbines from micro 

scale gas turbines (MGT) (100kW and 20kW) to UMGT scales (1kW and 250W) that are geometrically 

and dynamically similar, are numerically investigated. The performance of the turbine and thermofluid 

dynamic losses due to lowered Reynolds (𝑅𝑒) numbers when scaling down to UMGT scale are 

quantified. 

The experimental investigation successfully tested the UMGT turbine, with a 20mm rotor diameter, 3D 

printed from Ti64. A maximum electrical power of 5.4W was attained at a rotational speed of 57,000rpm 

for the highest temperature and flow rate of 80°C and 150 standard litres per minute. Here an overall 

efficiency as large as 28% was attained, and has therefore successfully proven the feasibility of a UMGT 

turbine. Experimental findings however, were limited, as the turbine was not tested at design point due 

to component and material inabilities. The experimental turbine also served as a basis to validate the 

numerical procedure, and here a difference of less than 10 and 2% was attained for the turbine power and 

pressure ratio plots, as a function of the rotational speed. 

A numerical investigation on the experimental turbine showed the effects of heat loss reduced the 

performance of the turbine by 2% from the adiabatic wall boundary condition, where an efficiency of 

76% was attained, at the design specific speed (𝑁𝑠) of 0.51. The drop in efficiency is not as significant 

as would be expected, and this is due to the relaxation of the turbine parameters for experimental 

feasibility. If conventional gas turbine (CGT) parameters were imposed, the losses due to heat transfer 

would be expected to be significantly greater. The losses brought upon due to heat loss were classified 

to be 3 fold in nature; the loss of kinetic energy within the flow, the increment in viscous losses and the 

enhancement of secondary flow.  

Scaling down of the turbine from the MGT to the UMGT class showed isentropic efficiencies of 84.4, 

82.8, 80.8 and 77.6% for the 100kW, 20kW, 1kW and 250W turbines respectively. Therefore an 

approximate 7% loss is brought upon due to scaling a MGT to a UMGT, and this is attributed to the 

reduced 𝑅𝑒 numbers, placing the flow from the turbulent to the laminar/transitional regime. Also, the 
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observed off-design operation of the MGT is far superior to the UMGT, where a 73.8 and 60% efficiency 

was observed at the extreme off-design 𝑁𝑠 of 0.64, for the MGT (100kW) and UMGT (250W) 

respectively. An approximate 1% drop in the efficiency is noted between a 2D and 3D blade profile 

UMGT turbine when compared to literature. Although this can be considered insignificant, as it might 

be in the numerical error range, it is still suggested a 3D blade profile UMGT turbine is superior to a 2D 

blade profile. And this would result in better off-design operation, due to its better ability to account for 

3D variations within the flow; as the effects of heat losses are enhanced at UMGT scales. 

The present study has therefore revealed the thermofluid dynamics through a UMGT turbine, and has 

thus quantified the losses associated with it due to heat transfer, and has also quantified and classified 

the loss sources due to geometrical scaling. It has also successfully presented non-dimensional maps on 

the performance of a UMGT turbine, and this is hoped to serve as a basis for UMGT design and 

optimisation. 
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Chapter 1                              

Introduction 

 

 

 

 

 

 

 

 

  



2 

 

 UMGT 

Increases in the growth of the global population has led to increased utilisation of portable electronic 

devices. While portable electronic devices have been a growing trend globally, with enhancement in their 

performance capabilities, they still seem to operate off the same power source, namely the battery. 

Therefore focus must be shifted to alternative sources of power generation for these portable devices, 

and the ultra-micro scale gas turbine (UMGT) proves to be one of the most promising alternatives. 

The UMGT (see Figure 1-1) has a power range of 0 – 1000W (Peirs et al., 2008), and it has a variety of 

applications; unmanned air/ground vehicles, robots and other such portable electronic devices. It 

comprises of 5 main components: a compressor, combustor, turbine, electrical generator and bearings.  

 

 

Figure 1-1 UMGT schematic (Peirs et al., 2008) 

 

The UMGT has its primary advantage over other power sources in its power to weight ratio, and this can 

be up to 1000 times greater than their larger counterparts (conventional scale gas turbines (CGT)). 

However, scaling down of a CGT to a UMGT imposes several challenges that would otherwise hinder 

its development. When compared to CGTs; the flow is now in the laminar/transitional regime, hence the 

profile losses will increase. The relative increase in the surface area to volume ratio, imply the heat loss 

to heat generation ratio is increased, and therefore thermal isolation of components will be challenging. 

Manufacturing of complex geometry millimetre scaled components is still a developing field, and can 

consequently restrict design optimisation. Also, the feasibility of superalloys used in CGTs are no longer 

viable options at UMGT scales. 
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Based on the objective outlined below, this research project focuses on the thermofluid dynamics  through 

a 3 dimensional (3D) blade profiled UMGT turbine, as this is still a novel area of physics at UMGT 

scales (as outlined above). The findings firstly present an experimental investigation on a standalone 

UMGT turbine, the primary purpose of which is to study the feasibility of the turbine and to aid with 

numerical validation, as the bulk of this research is numerical. The outputs of this investigation consist 

of various dimensional and non-dimensional performance curves, extracted through a series of transient 

and steady state testing, over a range of inlet temperatures and flow rates. This is then followed with a 

numerical study of the experimentally tested turbine, where the thermofluid dynamics of the turbine are 

studied for an adiabatic and isothermal wall boundary condition. Here the components of the turbine are 

carefully investigated, under design and extreme off-design conditions. The main findings reported here 

are the component efficiencies; thus the effects of the heat loss due to an isothermal boundary condition 

on the performance of the turbine are made immediately apparent. The last chapter focuses on the losses 

brought upon due to low Reynolds (𝑅𝑒) numbers at UMGT scales, and this is conducted by testing four 

different turbines, from the micro scale gas turbine (MGT) to the UMGT class. Results consist of 

expressing various boundary layer characteristics, to understand the losses brought upon due to scaling. 

Also, non-dimensional performance plots of the efficiency and other such parameters, to help quantify 

and classify the loss sources due to scaling, over a range of operational points. 

The knowledge gained from this study will then extend the field of existing knowledge of CGTs to 

UMGTs, and can thus serve as a basis for UMGT design. 

 Objectives of the Study 

Extensive numerical studies have previously been carried out on the thermofluid dynamics of 2D blade 

profile UMGT turbines (a 2D blade profile turbine does not have any variation in its geometry in the z-

axis, as it is a simple extrusion), and these studies were limited to 2D blade profiles at the time; due to 

the limitations in manufacturing technologies. Over the recent years however, enhancement in 

manufacturing capability has led to the fabrication of 3D blade profile UMGT turbines (a 3D blade profile 

turbine varies in its geometry across all three axis, and therefore has a better ability to smoothly guide 

the flow); and therefore the bulk of the current experimental work conducted is on 3D blade profile 

UMGTs, as outlined in Chapter 2 and Chapter 4. It is then of importance to study the flow field through 

3D blade profile UMGT turbines, as this would help in the understanding of the losses associated with 

it, and can therefore serve as a basis for design optimisation. 

This research then aims to investigate the thermofluid dynamics through a 3D blade profiled UMGT 

turbine, and the losses brought upon due to scaling from CGTs. It aims to answer the following 

fundamental questions: 
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1. What are the inherent losses in a UMGT turbine, and how do these affect the performance of the 

overall turbine? How are these losses effected over extreme off-design operation? 

2. What is the effect of heat loss on the performance of the turbine? How does heat loss affect the 

fluid dynamics through a UMGT turbine, and thus change the losses through each of the turbine 

components when compared to an adiabatic wall boundary condition? 

3. What are the losses due to scaling a gas turbine from the MGT to the UMGT class? How do these 

losses vary over a range of off-design operational points? What is the theoretical cause of the 

expected loss increase for a UMGT when compared to a MGT, and if so can they be minimised? 

What are the benefits of a UMGT turbine with a 3D blade profile as opposed to a 2D blade 

profile? Is a 3D blade profile UMGT turbine a feasible option? 

Based on the fundamental questions, the objectives of the research are drawn: 

1. To study the fluid dynamics of the flow through a UMGT turbine 

2. To assess the thermodynamics of the flow through a UMGT turbine 

3. To analyse the performance of a UMGT turbine when compared to a CGT turbine 

 Thesis Structure and Organisation 

This thesis is structured to the guidelines of theses with publications. It consists of primary Chapters (4, 

5 and 6) and supplementary Chapters (1, 2, 3 and 7); the primary chapters will be submitted as journal 

papers; the manuscripts of which are currently under preparation. The supplementary chapters aid with 

the discussion of the primary chapters, thus completing the thesis as a whole. 

Chapter 1 introduces the feasibility of a UMGT as a potential power source for portable electronic 

devices, along with its potential applications. It also outlines the objectives of the current research and 

the thesis structure. 

Chapter 2 is a clear and concise presentation of a critical review of literature. It provides an overview of 

the research conducted by leading UMGT research groups, and it furthers parts of the review by 

performing various parametric analyses. The literature review mainly focuses on the turbomachinery 

components, in particular, the turbine, and it is deconstructed into two sections; fluid dynamics and heat 

transfer. It concludes with outlining the gaps in the knowledge, which can then serve as the basis for the 

present research. 

Chapter 3 presents the methodology, and this is common to all the primary Chapters (4, 5 and 6). The 

methodology section demonstrates the design of the turbine through 1D analysis; it then describes the 

entire experimental methodology. Here the development of the test rig, instrumentation, whole 

experimental procedure and the uncertainty analysis is discussed in great depth. Lastly, it is concluded 

with the numerical methodology, and this outlines the numerical modelling procedure. 
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Chapter 4 presents the experimental investigation carried out on a UMGT turbine. Here the results consist 

of dimensional and non-dimensional performance plots, and these are extracted through transient and 

steady state testing, over a range of prescribed inlet conditions. The outputs are then used to prove the 

feasibility of a UMGT turbine and for the numerical validation procedure. 

Chapter 5 conducts a numerical study on the thermofluid dynamics of the experimental turbine from 

Chapter 4. It studies the performance of the turbine at design and off-design operation, and this is 

conducted over an adiabatic and an isothermal wall boundary condition; to study the effects of heat 

transfer. 

Chapter 6 presents a numerical analysis on the fluid dynamics through a radial inflow turbine, and the 

losses brought upon them due to scaling from the MGT to the UMGT class. Here four different turbines 

are investigated, and the losses through each turbine component are quantified, classified and analysed 

at design and off-design conditions. 

Chapter 7 concludes the thesis by summarising the significant findings presented in this research. It also 

shows the future research potentials for a UMGT turbine. 

The Appendix compiles a summary of the main findings of the experimental and numerical work carried 

out by leading UMGT research groups. It also shows the working drawings of the relevant test rig 

components. 
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Energy harvesting methods have been an area of interest to researchers for centuries, and are continually 

being optimised. Driven by consumer demand, the growth of portable miniature electronic devices (cell 

phones, laptops, drones and humanoid robots (Epstein, Jacobson, Protz, & Frechette, 2000; Groshenry, 

1995) has led to research into more capable power generation sources. The enhanced performance 

capabilities of these devices also require high specific energy and power densities. These are currently 

being satisfied by lithium ion batteries, however at inadequate levels. Although they can fulfil the specific 

power requirements, the specific energy densities are far too low (Mehra, 1997) to sustain long desired 

durations of device utilisation. Research for an alternative power source is thus required, and the ultra-

micro scale gas turbine (UMGT) proves to be one of the most attractive option. 

The UMGT is an ultra-micro scaled version of a conventional gas turbine (CGT). It operates with a 

Brayton cycle as shown in Figure 2-1: a compressor is used to compress air at atmospheric pressure, a 

combustor then increases the enthalpy of the air, and a turbine extracts the energy from the air. Being a 

single shaft arrangement, the turbine in turn, drives the compressor, and an electrical generator retrieves 

the remaining shaft torque. 

 

Figure 2-1 Brayton cycle (Lichty, 1967) 

 

Although the UMGT shares many similar parameters with CGTs, such as pressure ratios 2 – 4 and turbine 

inlet temperature’s (TIT) 1300 – 1700K (Epstein et al., 1997), there are significant differences. Rotor 

diameters are in the millimetre range as opposed to the metre (Epstein et al., 2000), rotational speeds 

nearing on a million rpm versus tens of thousands of rpm (Epstein et al., 2000), power outputs in the tens 

to thousand watt range as opposed to megawatts (Epstein et al., 2000), and cyclic efficiencies between 5 

– 20% (Isomura, Murayama, & Kawakubo, 2001) versus 40 – 60%, for a UMGT versus a CGT 

respectively. 
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The UMGT was first proposed in the mid 1990s by Massachusetts Institute of Technology (MIT), funded 

by the Defense Advanced Research Projects Agency, with an aim to develop a UMGT to power 

unmanned air/ground vehicles for military usage. MITs proposed model, also known as the baseline 

design was the cornerstone for all UMGT designs to follow. Their baseline design was known as the 

“shirt button size gas turbine” (Epstein, 2003), with a proposed power output of 10W, pressure ratio of 

4, TIT of 1600K, rotational speed of 2.4 x 106rpm, 4mm rotor diameter with a 2 dimensional (2D) blade 

profile, tip speed of 500m/s, and an overall volume of 1cm3 (Epstein, 2003). Manufacturing limitations 

in fabrication technology at the time left the baseline design as a theoretical model. The shirt button size 

gas turbine’s parameters were then relaxed, and the H2 demo engine was proposed (Epstein, 2003). The 

H2 demo engine constitutes of a gas turbo jet engine with the objective of demonstrating a micro-electro 

mechanical systems (MEMS) gas turbine, and does not contain electrical machinery. Further details of 

the H2 demo engine are outlined later on. 

Research then began within many other universities, research firms and institutions, with all of them 

proposing their baseline models: Ishikawahajima Harima Industries (IHI) (Isomura, Tanaka, Togo, & 

Kanebako, 2005), proposing a UMGT with a power output of 100W and rotor diameter of 10mm; at 

NEDO (Nagashima, 2005), a three year research project comprising of Japanese universities, together 

with ONERA (France), CIAM (Russia) and VKI (Belgium), they researched the feasibility of a palm top 

turbine with a power output of 2 – 3kW and a finger top turbine with a power output of 1 – 10W; the 

University of Leuven proposed a UMGT with a power output of 1kW and a rotor diameter of 20mm 

(Peirs et al., 2007); at Sapienza University of Rome the alpha prototype was proposed with a power 

output of 300W and a diameter of approximately 40mm (Capata & Sciubba, 2009); at the Korean Institute 

of Mechanics and Materials (KIMM) a UMGT was proposed with a power output of 500W and a rotor 

diameter of 20mm (Han, Seo, Park, Choi, & Do, 2010); at Onera a research program known as Deca watt 

was undertaken to demonstrate the feasibility of a 100W UMGT with an 8mm rotor diameter (Nicoul, 

Guidez, Dessornes, & Ribaud, 2007); and lastly at the University of Auckland (UOA) (D’souza & 

Sharma, 2017; D'souza & Sharma, 2019; Giovannoni, Sharma, & Raine, 2017; Giovannoni, Sharma, & 

Raine, 2016; Turkeli-Ramadan, Sharma, & Raine, 2015) a UMGT combustor and turbine were studied. 

Most of the above universities have built and successfully tested individual components of the UMGT. 

However, only IHI has successfully developed a standalone UMGT model. It is claimed to have a power 

output of 400W at a rotational speed of 470,000rpm and an assembly mass of 13kg, with propane as the 

fuel (Isomura, March 23, 2015). Although this is quite heavy for portable applications, it nevertheless 

demonstrates the feasibility of a UMGT and this paves the way for optimisation of the design and 

miniaturisation through further innovations. 
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A literature search reveals the UMGT is not the only alternative method for micro power generation. 

There is currently a number of other methods under consideration by research groups across the world, 

such as fuel cells (Achmad, Kamarudin, Daud, & Majlan, 2011; Q. Chen et al., 2015; Dyer, 2004; 

Fernández-Moreno et al., 2013; Mitsos, Chachuat, & Barton, 2007; Najmi, Rowshanzamir, & Parnian, 

2016; Sim, Kim, & Yang, 2001), Rankine cycles (Carey, 2010; Demierre, Henchoz, & Favrat, 

2012; Liamini, Shahriar, Vengallatore, & Fréchette, 2011; Zhai et al., 2017) , reciprocating 

internal combustion engines (Lee, Park, Yoon, Kwon, & Yoon, 2001), Stirling engines (Backhaus 

& Swift, 1999; Formosa, 2009; Gomez, Berry, Roychoudhury, Coriton, & Huth, 2007; Kaldehi, 

Keshavarz, Pirooz, Batooei, & Ebrahimi, 2017; Nakajima, Ogawa, & Fujimasa, 1989), thermoelectric and 

photovoltaic devices (Chia & Feng, 2007; X. Kang & Veeraragavan, 2017; Wu, Kaviany, & Kwon, 2018; 

Yang, Chou, Shu, Li, & Xue, 2003; Yoshida, Tanaka, Tomonari, Satoh, & Esashi, 2006) and Wankel 

engines (Fu et al., 2001; Walther & Pisano, 2003; Wang, Zuo, & Liu, 2016). 

UMGTs have several advantages over the other sources and prove to be a far superior method for 

portable power generation. When compared to fuel cells, although fuel cells offer higher efficiency in 

converting chemical to electrical energy, they are larger and quite expensive, with low power densities 

(Mizuki, 2007). UMGTs also have less friction through continuous rotation, unlike reciprocating and 

internal combustion engines. Operating on a Brayton (air) cycle, it has fewer moving parts, simplicity 

of fabrication, and higher power densities when compared to Rankine (vapour), Stirling, and Otto cycles 

(Epstein et al.,  1997) . Compared to a battery, its biggest competitor, it has greater specific 

energy (energy to mass ratio), with Li-ion batteries having a specific energy of 300W-hr/kg 

(Shirley, 1998), and UMGTs having a specific energy of 13,000W -hr/kg with butane as 

the fuel source (Shirley, 1998). Therefore, UMGTs can theoretically have 43 times more specific 

energy than Li-ion batteries, and 4 – 8 times more specific energy when assuming a cyclic efficiency 

of 10 – 20% (Mehra, 1997). 

The UMGTs most attractive feature is its high power to weight ratio, and this is brought upon by scaling 

a CGT to a UMGT. Equation (2-1) expresses the power to volume ratio, and to further understand Eq. 

(2-1), the square cube law must be taken into consideration. 

 

 𝑃
𝑉

=
�̇�𝑝𝑡

𝜌𝐿3
 

(2-1) 

 

The square cube law is the ratio between the face area of an object to its overall volume. As the size of 

an object is reduced, both face area and volume reduce, and since volume reduces at a faster rate, the 

ratio between the two increases. The ratio of power (P) to volume (V) shown in Eq. (2-1), where power 
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is the product of the mass flow rate (�̇�) and total pressure (pt), and the volume is equivalent to the length 

scale (L) cubed. Eq. (2-1) is similar to the square-cube law, where power scales with mass flow rate, the 

mass flow rate with face area, and the volume is directly proportional to the length scale. Therefore, 

scaling down of a CGT to a UMGT increases the power to weight ratio. 

Dimensional analysis is also used to demonstrate the previously mentioned concept. Here Eq. (2-2) shows 

the dependence of dimensional power on the fluid density (𝜌), turbine size (diameter D) and rotational 

speed (n); whereas Eq. (2-3) shows the power per unit volume.  

 

 𝑃 ∝ 𝜌𝐷5𝑛3 (2-2) 

 

 𝑃
𝑉

∝ 𝜌𝐷2𝑛3 (2-3) 

 

It is known that for a set pressure ratio and inlet conditions the circumferential velocity of a turbine is 

independent of the rotor size (Zahed & Bayomi, 2015). For a given set of optimal working conditions, 

the product of angular velocity and turbine diameter must equal the circumferential velocity, which is 

denoted by the constant in Eq. (2-4). 

 

 𝐷 ×  𝑛 = 𝐶𝑜𝑛𝑠𝑡𝑎𝑛𝑡 (2-4) 

 

Substitution of Eq. (2-3) and (2-4), 

 

 𝑃

𝑉
∝

1

𝐷
 

(2-5) 

 

Equation (2-5) shows that the power per unit volume is inversely proportional to rotor diameter D, and 

through miniaturisation this is increased. Since UMGTs are in the millimetre range as opposed to CGTs 

which are in the metre range, a 1000-fold increase in the power to weight ratio at UMGT scales should 

be noted [2]. However, this is only valid for constant Reynolds numbers (Re). Thus UMGTs are an 

attractive alternate solution as a power source for portable electronic devices, where the weight of the 

power source plays a crucial role in performance. 
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Although the UMGT has a lot of potential given the many advantages that it has over its counterparts, 

there are however challenges yet to be overcome that would otherwise hinder the development of a 

UMGT. These include the high heat losses (Nagashima, Teramoto, Kato, & Yuasa, 2005) when compared 

to CGTs, arising from the uneven scaling of surface area to volume ratios; high viscous losses due to low 

𝑅𝑒 numbers (Mehra, 1997); enhanced losses with 2D (Mehra, 1997) blades that cannot account for 

variation in the flow, due to the inability to manufacture 3D blade profiles at UMGT scales until recently 

(Isomura et al., 2005); and the limited operating temperatures because of the unfeasibility of super alloys 

at UMGT scales (Epstein et al., 2000).  

This chapter presents an in-depth review of the theoretical and numerical studies conducted by the 

aforementioned research groups. The chapter first presents an overview of the UMGT cycle, after which 

a review is conducted of the turbomachinery components. It should be noted that all the weight in the 

review is placed on the turbo components, and in particular the turbine, as it is the integral component of 

this study. A critical analysis is also carried out on the review, and the gaps in the literature are also 

addressed. This has the advantage of furthering the pool of knowledge in this field through further 

research. 

 The UMGT Cycle 

The starting point for the analysis of any gas turbine is the Brayton cycle. As thermodynamics is invariant 

of scale, similar cyclic efficiencies and TITs of CGTs can theoretically be obtained. Although the Brayton 

cycle has many advantages, as mentioned previously, the major disadvantage is the need to establish a 

minimum component efficiency to deem the cycle viable. A theoretical analysis carried out by IHI 

(Isomura et al., 2005) for a 100W UMGT with a 10mm rotor diameter showed a Brayton cycle efficiency 

of 6%, and here the compressor and turbine’s isentropic efficiency and the combustors efficiency based 

on the pressure loss were 68, 70, and 92% respectively. 

To design a UMGT of optimal efficiency, it is essential to be aware of the limitations that minimum 

component efficiencies impose on the overall cyclic performance; therefore IHIs study has been extended 

here. Figure 2-2 represents the overall efficiency of a Brayton cyclic analysis as a function of pressure 

ratio for various TITs, where the compressor, turbine, and combustor have assumed similar efficiencies 

to IHIs study; however, the effects of shaft and generator loss are ignored. Before analysing Figure 2-2, 

it is first validated at the design point of IHIs cycle; a cyclic efficiency of 6 and 7% is obtained from IHIs 

study and the author’s validation respectively, and the difference is attributed to discounting shaft loss. 
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Figure 2-2 Brayton cycle efficiency as a function of pressure ratio; compressor efficiency 68%, 

combustor efficiency 92%, turbine efficiency 70% 

 

Figure 2-2 clearly shows that the cyclic efficiency is a function of the TIT and pressure ratio, with higher 

TITs corresponding to higher efficiencies for a given pressure ratio. It would then be wise to opt for a 

higher TIT and pressure ratio unlike IHI; however, an increase in pressure ratio would result in an 

increased power ratio. Therefore an increased tangential blade speed will be required, corresponding to 

higher Mach numbers and resulting in sonic losses, and therefore reducing the isentropic efficiency of the 

components. Additionally, higher TITs are unfeasible at UMGT scales due to the inability to provide blade 

cooling, combined with material inabilities at these scales and the thermal isolation challenges (Protz, 

2000). Although these high pressure ratios are not obtained by a single stage UMGT of radial 

configuration, they can theoretically be obtained by a multi stage axial device. This is a promising 

alternative, however manufacturing technology for micro scale axial devices are not yet of requisite 

standards (Capata & Sciubba, 2006). 

Scaling down of a UMGT to the millimetre range results in an increased surface area to volume ratio, 

which provides an increased rate of heat transfer, as previously mentioned. Therefore it is not realistic to 

assume an adiabatic wall boundary condition for UMGTs, so an isothermal wall boundary condition is 

more appropriate (Gong, Sirakov, Epstein, & Tan, 2004; Ribaud, 2004; D. Verstraete & Bowkett, 2015; 

T. Verstraete, Alsalihi, & Van den Braembussche, 2007). Due to the UMGT scales, the proximity of the 

combustor to the compressor would result in significant heat transfer to the compressor; thus reducing 

the compressor’s efficiency. Therefore the Brayton cyclic analysis from Figure 2-2 is remodelled in 

Figure 2-3; here all parameters are maintained from Figure 2-2, but the compressor now has a reduced 

efficiency of 60%. The rationale behind choosing this reduced efficiency for the compressor is due to its 
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similarity with IHIs (Isomura et al., 2001) critical Brayton cyclic analysis, where the compressor 

efficiency was 62.5%. 

 

Figure 2-3 Brayton cycle efficiency as a function of pressure ratio; compressor efficiency 60%, 

combustor efficiency 92%, turbine efficiency70% 

 

A comparison between Figure 2-2 and Figure 2-3 reveal the graphs follow the same trend. However, with 

the reduction in the compressor efficiency, the cyclic efficiency for a given pressure ratio and TIT is 

severely reduced. It is apparent at a TIT of 1100K and a pressure ratio of 5, a cyclic efficiency of 0% is 

obtained from Figure 2-3; this is known as the break-even point (Groshenry, 1995). For the same set of 

conditions in Figure 2-2, a cyclic efficiency of 4% is demonstrated; therefore the effects of heat loss 

noted through an isothermal wall boundary condition results in a drop in the compressor’s performance, 

and consequently the UMGTs performance. 

 Turbomachinery 

The turbomachinery components of a UMGT comprise of a radial compressor and turbine. The 

subsequent paragraphs outline the working procedure of the turbo components from an elementary level. 

It should be noted that the turbine is the subject of investigation in this thesis, and therefore is given more 

attention. 

The centrifugal compressor is shown in Figure 2-4, and it consists of three main components: the 

impeller, diffuser, and volute. The impeller is used to impart the necessary angular momentum to the 

fluid, which is then expanded in the diffuser to provide the necessary static pressure rise; the diffuser can 

be vaned or vaneless. 
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Figure 2-4 Centrifugal compressor (Dixon & Hall, 2013) 

 

The radial turbine was invented in the 1830s by a Frenchman, Fourneyron (Georgescu, Georgescu, 

Damian, & Achard, 2007). It was an outward flow turbine, where the incoming axial flow is turned 

radially at the exit, similar to that of a centrifugal compressor. A couple of decades later, Francis and 

Boyden (Dixon & Hall, 2013) invented the inward flow radial turbine (IFR), where the incoming radial 

flow is turned axially on exit via means of an exducer. Radial inflow turbines have tremendous power 

ranges, from megawatts in hydro-electrical plants to kilowatts in small gas turbines. 

There are two types of inward flow radial turbines (Dixon & Hall, 2013): 

A Cantilever IFR turbine (Dixon & Hall, 2013) is shown in Figure 2-5a, and here the blades are limited 

to the tip of the rotor. This is very similar to an axial impulse turbine, where the degree of reaction is zero 

as the entire static pressure drop takes place across the nozzle; hence the magnitude of the relative 

velocity component is unchanged through the rotor. This is shown in Figure 2-5b, where the symbols (𝑐, 

𝑤 and 𝑈) represent the absolute, relative and peripheral velocities, and the subscripts 1,2 and 𝑚 represent 

the rotor inlet, rotor outlet and meridional direction. 
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Figure 2-5 Cantilever IFR turbine and velocity triangles (Dixon & Hall, 2013) 

 

A 90° IFR turbine (Dixon & Hall, 2013) is shown in Figure 2-6. It compromises of 3 main parts: the 

volute, nozzle guide vanes (NGV), and a 3D blade profile rotor. The volute is also known as a scroll 

casing. Located on the very outside, it is the first component that directs the flow. Flow through the volute 

is directed evenly across the NGV based on the conservation of angular momentum. At design conditions, 

the volute will direct the flow to the NGV inlet at the appropriate velocity and desired inlet angle. The 

NGV further accelerates the flow and ensures the rotor receives the flow at the desired velocity and inlet 

angle, and the rotor extracts energy from the flow. A 3D blade profile rotor geometry varies in all three 

dimensions as visualised in Figure 2-6, as opposed to a 2D blade profile rotor where the geometry is a 

simple extrusion of a planar shape. Therefore, a 3D blade profile rotor has a greater ability to guide the 

flow, details of which are pointed out throughout the thesis. 

The blades of a 90° IFR turbine are typically 90° at the inlet with respect to the tangential direction; this 

is preferred to curved blades which impose high centrifugal stresses. They are also known as reaction 

turbines, where a pressure drop in the rotor increases the magnitude of the relative velocity component, 

as shown in Figure 2-6. I 
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Figure 2-6 90° IFR turbine and velocity triangles (Dixon & Hall, 2013) 

 

Equation (2-6) shows the useful power extracted by the 90° IFR turbine, based on the changes in kinetic 

energy of the fluid. Here the subscripts 2 and 3 represent the rotor inlet and outlet respectively. 

 

 P = 
�̇�

2
 [𝑈2

2 − 𝑈3
2 + 𝑤3

2 − 𝑤2
2 + 𝑐2

2 − 𝑐3
2] (2-6) 

 

Equation (2-6) shows that an increase in relative velocity at the rotor exit increases the overall power 

extracted. This term is commonly not present in cantilever turbines as the degree of reaction is zero, i.e. 

the relative velocity is unchanged through the rotor. In axial turbines, there is no contribution of the 

peripheral term as the radius of the inlet and outlet are the same. In outward flow turbines, because the 

radius at the inlet is smaller than the exit, the change in the peripheral term is negative, meaning the rotor 

is doing work on the fluid as well. Therefore the 90° IFR turbine proves to be the most the most viable 

option for a UMGT. 

The effects of scaling from a CGT to a UMGT impose many challenges, and these are broken down into 

two main categories: fluid dynamics and heat transfer.  

2.2.1 Fluid Dynamics 

Fluid dynamics at these scales must be analysed in great detail, being a novel area of research. Ultra-

micro scales imply the need to check the validity of the Navier Stokes equation and hence the assumption 
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of continuity. The Knudsen number – the ratio of a fluid’s molecular mean free path to its representative 

length scale – must be greater than 0.3 at UMGT scales for continuity to lose validity (Capata, 2012). 

Since the Knudsen number for a UMGT is typically less than this (Capata, 2012), there is no need to 

dwell on the kinetic energy of particles at molecular levels. 

The following section will discuss the losses in terms of the Mach number, Re numbers and the various 

other losses. 

Mach numbers are key in the operation of turbomachines, where fluid Mach numbers greater than 0.3 

cannot negate compressibility effects. With the assumption of a constant 450m/s peripheral speed for a 

UMGT from literature (Capata & Sciubba, 2006; Epstein et al., 1997), and the assumption of a constant 

316m/s peripheral velocity for a CGT, Figure 2-7 then shows the Mach number as a function of the TIT. 

The peripheral velocity is positively correlated to the Mach number, and therefore Mach number ranges 

of 0.7 – 0.55 and 0.5 – 0.4 are observed for a UMGT and a CGT respectively, over the chosen temperature 

range. 

 

Figure 2-7 Peripheral Mach number as a function of TIT 

 

To slightly further the previous analysis regarding Mach numbers, Equation (2-7) is presented. It is 

derived from the second law of motion (Dixon & Hall, 2013), and here it is assumed that the relative 

velocity at the inlet is purely radial and there is no exit swirl. Eq. (2-7) shows the ideal power extracted 

by the turbine is equal to mass flow rate and the square of the inlet peripheral velocity. Scaling down 

from CGTs to UMGTs results in severe reduction of the mass flow rate, millimetre scales imply the 

UMGTs have a millionth of the power of CGTs as the mass flow rate scales with the face area. However, 
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to account for this shortcoming, peripheral velocities are increased, and therefore the corresponding 

Mach numbers are far greater, as shown in Figure 2-7. 

 

 𝑃 = �̇�𝑈𝑖𝑛𝑙𝑒𝑡
2  (2-7)  

 

Sonic losses are enhanced at UMGT scales, and it is well known that the effects of shock waves are 

irreversible and hence are sources of entropy generation (Denton, 1993). The entropy creation occurs due 

to a combination of heat conduction and high viscous normal stresses within the shock wave. The effects 

of shock waves have not yet been studied through numerical analysis of the turbo components at UMGT 

scales. This is due to most aforementioned research paying more attention toward the development of 

their baseline models, where the design conditions are not as extreme as the shirt button size gas turbine 

of MIT, therefore offering relative ease in the fabrication and acquisition of parts. CFD has thus been 

based on the experimental designs and the effects of Mach numbers are not as extreme. However, with 

manufacturing technology improving, the parameters of the shirt button size turbine will not be as 

extreme, and therefore it is important to understand the effects of sonic losses brought about by these 

high Mach numbers approaching sonic speeds at UMGT scales. 

Reynolds numbers are of major concern in the scaling down of gas turbines. Equation (2-8) expresses 

the 𝑅𝑒 number, where the dynamic viscosity is denoted by (𝜇), velocity is denoted by (𝑣) and rotor 

diameter is denoted by (𝐷); it represents the ratio of inertial forces to viscous forces. At UMGT scales 

𝑅𝑒 numbers are in the order of 103 – 105, due to millimetre scale aerofoil chords, compared to 105 – 106 

of their large scale counterparts. This means inertial forces are less dominant than viscous forces 

corresponding to the development of laminar boundary layers (Epstein et al., 2000), thus enhancing 

viscous losses. 

 

 
𝑅𝑒 =  

𝜌𝑣𝐷

𝜇
 

(2-8) 

 

It is well known through non-dimensional analysis of turbomachinery, efficiency is a function of 𝑅𝑒 

numbers. In CGTs, even slight variations in design conditions still do not impact the efficiency since the 

𝑅𝑒 numbers remain in the turbulent regime, ranging over 105 – 106 (Capata & Sciubba, 2006; Mehra, 

1997). However, scaling down to a UMGT scale where Re numbers are now in the laminar/transitional 

regime, one cannot assume the effects of the 𝑅𝑒 number are negligible. Since the temperature, pressure 

ratios, density, and dynamic viscosity remain unchanged, along with the assumption of similar velocity 
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inlet and outlet triangles between an UMGT and GT, the 𝑅𝑒 number is then purely a function of the rotor 

diameter. UMGTs being three orders smaller in magnitude, have 𝑅𝑒 numbers ranging over 103 – 105 

(Epstein et al., 2000), which places them in the laminar/transitional regime (Epstein et al., 1997). Thus, 

the reduced 𝑅𝑒 numbers brought upon by the small length scales, will enhance the passage viscous losses 

due to the end wall effects, and therefore result in lower efficiencies. 

The effects of 𝑅𝑒 numbers on 2D profiled turbomachinery as a function of normalised total pressure loss 

is shown in Figure 2-8; low 𝑅𝑒 numbers have a detrimental impact on the performance of turbomachines 

at UMGT scales. This is enhanced due to scaling, and while the relative spacing of the hub and shroud 

walls make the presence of end wall losses more prominent when compared to CGTs (Philippon, 2001), 

it might also lead to overlap of the boundary layers from both surfaces, causing severe flow blockages. 

 

Figure 2-8 Total Pressure Loss as a function of Reynolds number (2D blade profile) (Jacobson, 

1998) 

 

Figure 2-8 illustrates the two stationary parts of the turbo components that are mostly affected by low 𝑅𝑒 

numbers: the diffuser and nozzle. This is due to the prominence of the end walls. As expected, the diffuser 

is the most affected of the two; the decelerating nature of the flow would gives to an adverse pressure 

gradient, and the effects of the laminar boundary layers would result in flow separation leading to flow 

blockage, and thus a loss in pressure (Mehra, 1997). The nozzle losses are significantly less, attributed 

to the accelerating nature of the flow. However a numerical investigation carried out by Philipon 

(Philippon, 2001) from MIT on the H2 demo engine turbine, showed the NGV walls account for 2/3 of 

the viscous losses within the NGV, and this can be 10 times greater when compared to conventional 

scales. The H2 demo engine previously outlined is based on the shirt button size turbine, and here the 

turbo components are slightly larger with a 6mm rotor diameter and a design rotational speed of 1.2 × 

106rpm. Results also showed the sum of the NGV blade and wall losses are equal to the total losses within 



21 

 

the NGV, and therefore interaction between boundary layers is not an important factor. The 2D blade 

profile of the rotor seems to be the biggest factor that inhibits the rotor performance, where abrupt right 

angle turns results in boundary layer separation. This then results in recirculation of flow, causing flow 

blockage and reducing the effective flow area by up to 30%. The turbine was reported to have a total to 

static efficiency of 29% as it was not matched to the base line compressor, but the outlet area was 

increased to reduce the exit losses, and a gain in efficiency of 20% was obtained.  

The compressor is the most severely affected of the two turbo components. A numerical analysis was 

carried out by Mehra (Mehra, 1997) on MITs baseline compressor diffuser, compressor impeller, turbine 

stator, and turbine rotor at design point. Note that all the blade profiles are 2D in nature, and here a TIT 

of 600K was set. The 𝑅𝑒 numbers of the tested components in sequence were 6.1 × 104, 2.8 × 104, 3.66 

× 103 and 2.45 × 104. 

Results showed the diffuser operates at off-design conditions and this is due to high swirl angles 

encountered at the diffuser inlet blade leading edge, and therefore the kinetic energy of the fluid was 

converted to a rise in static pressure. This high pressure gradient in the inlet region results in a severe 

growth of end wall boundary layers, and this then changes the span-wise distribution of the radial 

velocity, hence off-design operation is observed. It was then stated that poor performance of the diffuser 

is not due to low Re numbers, but due to 3D effects of the flow leading to off-design conditions. It was 

also found that vaned diffusers are superior to vaneless as they can aid with the diffusion process. 

Results for the turbine showed the presence of the end walls was less prominent in the turbine, as the 

boundary layers are relatively thin due to the accelerating nature of the flow, and therefore the flow 

remains relatively 2D in nature. A mass blockage of only 5% was observed with a turbine efficiency of 

74%. 

To further the analysis on the effects of low 𝑅𝑒 numbers in UMGTs, Capata et al. (Capata & Sciubba, 

2015) carried out a numerical study over four different scales of 2D blade profiled turbines. The 

parameters of the study are shown in Table 2-1: the scale, diameter, breath (𝑏), angular velocity (𝜔), 

specific speed (𝑁𝑠), specific diameter (𝐷𝑠), isentropic efficiency (𝜂𝑖𝑠𝑡) and the 𝑅𝑒 ratio. The study firstly 

scales a reference turbine of known dimensions, geometrically by a factor of 2, 2.33 and 10, with the 

smallest turbine having a 𝑅𝑒 number of 1 × 105, and therefore falling into the UMGT class. The reference 

turbine has a 𝑅𝑒 number of 1 × 106, and this was such that it was large enough to fall into the range of 

the Balje charts and can therefore be classified as a CGT. The Balje charts are non-dimensional charts 

used as a guide to select the most appropriate and efficient type of turbomachine for a specific application, 

for a known  𝑁𝑠 and 𝐷𝑠. The reference turbine in Table 2-1 has a scale of 10:1, implying it is ten times 

bigger than the smallest model. 
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Table 2-1 2D Turbine parameters based on scaling study by Capata et al. (Capata & Sciubba, 

2015) 

Scale 𝐷 

(mm) 

𝑏 

(mm) 

𝜔 

(rad/s) 

𝑁s Ds 𝜂ist Re

Reref
 

UMGT 1:1 12.7 1.31 68,745 0.50 3.99 75 1/10 

3:1 38.1 3.93 65,217 0.47 4.2 76.1 3/10 

5:1 63.5 6.55 63,376 0.46 4.32 79.3 2/10 

Reference 10:1 127 13.10 57,160 0.41 4.91 80  1 

 

Results from CFD led to the modification of the Stodola formula (Capata & Sciubba, 2015), an empirical 

formula used to predict the efficiency (𝜂st ) of turbomachinery based on scaling from a turbo device with 

a known efficiency (𝜂st ref) and 𝑅𝑒 number (Reref). The modified Stodola formula is shown in Eq. (2-9) 

and predicts the efficiencies of low 𝑅𝑒 number turbomachinery with 2D blade profiles (Capata & 

Sciubba, 2015). The constant of 0.5 represents the Re independent losses, while the second term to the 

right of it is Re dependent losses. 

 

 
1 − 𝜂ist 

1 − 𝜂ist ref
= 0.50 + 0.50 [

Reref

𝑅𝑒
]
0.084[

Reref
𝑅𝑒

]
0.25

 

(2-9)  

 

The main idea of the numerical investigation was to correct the Stodola formula but also increase the 

range of the Balje charts to low 𝑅𝑒 numbered turbomachinery. Balje charts are used to predict the 

efficiency of various turbo devices, given the 𝑁𝑠 and 𝐷𝑠 of the machine. It was found that the efficiency 

of the reference turbine predicted by CFD was different to that of the Balje charts. Balje charts predict 

an efficiency of roughly 8% higher, and this was attributed to 2D blade design as opposed to the 3D 

design assumed by Balje charts. A similar procedure was also carried out on a 2D compressor and here 

the reference compressor prediction from the Balje charts was 18% higher. It was therefore concluded 

that an approximate penalty of up to 18% arises with 2D blade profiles. 

A numerical analysis was carried out by Roberto Capata et al. (Capata & Sciubba, 2007), on the 

feasibility of a UMGT turbine with a 2D blade profile and a 10mm rotor diameter, a TIT of 1600K, and 

a pressure ratio of 2. This study was mainly to show the feasibility of a UMGT turbine in order to get 

underway with building their baseline model, the alpha prototype. The 𝑅𝑒 numbers of the stator and the 
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rotor were 4.6 × 103 and 1.5 × 103, hence the flow is in the laminar regime. An efficiency of 79.9% was 

attained, and therefore the effects of 𝑅𝑒 numbers were pronounced not as important. Through entropy 

contours the major loss was noted at the inlet and exit of the NGV and rotor, this is mainly due to the 

inability to smoothly guide the flow due to the 2D nature of the blade. 

A numerical investigation was carried out by Nagashima et al. (Nagashima et al., 2005) on 2D radial 

turbines for palm top gas turbines. An investigation on a 40mm rotor diameter turbine showed 46% of 

the loss occurred in the exducer region and 25% in the nozzle wake, and a large portion of the exit kinetic 

energy remained unrecovered (Nagashima et al., 2005). The exducer losses were attributed to the abrupt 

90 degree turns in the exducer region, where the fluid is unable to be guided smoothly, thus separating. 

Tip clearance has a large impact on the losses in micro turbomachinery. Numerical investigations on tip 

cleared flow were carried out by Nagashima et al. (Nagashima et al., 2005) on a palm top gas turbine 

with a 40mm rotor diameter, for a 2D profiled blade. Results showed a 15% decrease in the adiabatic 

efficiency for a tip clearance of 10% of the blade height. The study was extended to UMGT scales where 

the rotor diameter was 4mm, and the clearance heights were reduced to 2% of the blade height for both 

scales. The relative velocity vectors at the mid span clearance height showed the flow travelled directly 

across from the pressure to the suction side for the palm top gas turbine. However, for the UMGT, the 

scraping flow blocked the tip-cleared flow to the forward half of the rotor. Scraping flow occurs due to 

stagnant bodies of fluid being dragged across from the suction to the pressure side due to relative motion 

between the rotor and the shroud casing, thus preventing tip cleared flow. It is therefore wise to redesign 

the blade profile such that the loading is shifted to the forward half of the blade, where the effects of 

scraping flow are most pronounced. 

The effects of tip clearance were numerically investigated for IHIs baseline compressor as well (Isomura 

et al., 2006), and here the rotor diameter was 10mm, with a 3D blade profile. The tip-cleared height 

varied over 50 - 110µm, and a linear drop in efficiency was observed with increments in tip clearance. 

The effects of fluid dynamics have been quite thoroughly examined at UMGT scales for 2D blade profile 

turbomachinery; however, the effects of high Mach numbers approaching sonic speeds are yet to be 

explored at these scales. The low 𝑅𝑒 numbers and 2D blade profiles seem to be the largest contributors 

to the inherent losses. The stationary turbo components such as the diffuser and the NGV seem to be the 

major contributors to the viscous losses, and this is due to the prominence of the end walls. The 

compressor seems to be the most affected of the turbo components, and this is mainly evident in the 

diffuser, where boundary layer separation is observed due to the adverse pressure gradients; thus resulting 

in off-design operation. This is attributed to the 2D blade profile not being able to account for 3D 

variation in the flow. On the other hand, the flow through the turbine is quite well behaved, and 2D in 

nature due to the acceleration of the flow. The major impact of 2D blade profiles are secondary flow, 
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high levels of un-extracted residual kinetic energy, and major flow separation due to the abrupt ninety 

degree turns. Capata et al. (Capata & Sciubba, 2015) reports a drop in efficiency of up to 18% due to the 

2D blade profiles. However, despite all of these drawbacks, Amitav Mehra (Mehra, 1997) still reports a 

74% efficiency for MIT’s baseline turbine and studies carried out on a UMGT turbine of 2D blade profile 

by Roberto Capata et al. (Capata & Sciubba, 2007) report an efficiency of 79.9%. Also, tip-cleared flow 

is of major concern at these scales, showing a linear decrement in efficiency with an increase in tip 

clearance; this however can be reduced with the effects of scraping flow. 

2.2.2 Heat Transfer 

The short length scales of the UMGT means heat transfer is significant at these scales and cannot be 

neglected, so an adiabatic wall boundary condition can never be approached, and an isothermal condition 

is more appropriate (Nagashima et al., 2005). Thermal isolation of components will therefore be 

challenging, but thermal gradients will be reduced (Capata, 2012). Also, since the fluid temperatures and 

velocities are similar to CGTs at UMGT scales, the relative increase in surface area to volume ratios 

enhances viscous forces through boundary layer growth, increasing heat transfer coefficients by a factor 

of 3 (Epstein et al., 2000). 

Equation (2-10) is the heat loss ratio, and it is expressed in terms of the rate of heat conduction through 

a solid (�̇�𝑙𝑜𝑠𝑠) over the heat generated through combustion (�̇�𝑔𝑒𝑛𝑒𝑟𝑎𝑡𝑒𝑑). Here the thermal conductivity 

is denoted by (𝑘), area (𝐴), length (L), the surface temperature difference (Thot surface − Tcold surface) and 

the enthalpy of combustion (hcomb). 

 

 

𝐻𝑒𝑎𝑡 𝑙𝑜𝑠𝑠 𝑟𝑎𝑡𝑖𝑜 =  
�̇�𝑙𝑜𝑠𝑠

�̇�𝑔𝑒𝑛𝑒𝑟𝑎𝑡𝑒𝑑

= 

kA
L [Thot surface − Tcold surface]

�̇�hcomb
 

(2-10) 

 

If it is assumed that the temperature differences are in the same order of magnitude between a UMGT 

and a CGT, and the thermal conductivity and the enthalpy of combustion are similar too; the mass flow 

rate is directly proportional to the area, and since dynamic similarity can assume similar velocities 

between the two GT classes, the heat loss ratio is then inversely proportional to the length. Therefore, 

heat loss is approximated to be 1000 times higher at UMGT scales. 

A numerical investigation was carried out by Isomura et al. (Isomura et al., 2001) on the effects of heat 

transfer to the compressor. To simulate these conditions, an isothermal wall boundary condition (that 

allows for heat transfer across the wall) was imposed on the compressor. The study was initially 

conducted on an existing compressor design with a rotor diameter of 152mm, a pressure ratio of 3, and 
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a 𝑅𝑒 number of 1.41 × 106. Here the isothermal wall boundary temperature was varied from 500, 1000, 

and 1500K. An adiabatic wall boundary condition (that allowed no heat transfer across the wall) was 

imposed to serve as a reference case. 

Results showed the efficiency drop was as high as 10, 30, and 45% when compared to the adiabatic case 

for the three isothermal conditions, from lowest to highest respectively. An increase in the flow rate for 

a specific temperature also corresponds to a reduction in efficiency as this would increase the rate of the 

forced convection; this is negligible however when compared to the effects of conduction across the wall 

boundary. The study was then furthered to the UMGT class through dynamic scaling, where the pressure 

ratio, flow angle, and velocity were maintained. The compressor rotor has a 10mm impeller diameter, 

due to which the 𝑅𝑒 number is reduced to 9.25 × 103. Here the efficiencies are 20% lower than the larger 

compressor for the same wall temperature, hence it becomes essential to provide heat shielding. The 

entropy contours showed the loss source remained unchanged between the two compressors, and this 

was at the trailing edge of the impeller. 

The effect of heat transfer has been studied by Isomura et al. (Isomura et al., 2006) experimentally for 

the heat conduction from the turbine to the compressor for their baseline design. Results showed that the 

compressor had efficiencies higher than that of the predicted numerical model. The main conclusions 

regarding factors of heat leakage that affect the pressure ratio and efficiency were then drawn; the effects 

of heat leakage make the compressor pressure ratio lower than the adiabatic condition, thus reducing 

efficiency. Another effect is that the compressor exit temperature is lower than the adiabatic condition, 

and therefore the calculated adiabatic efficiency is higher. To validate CFD, the effects of heat leakage 

were then modelled, and this was conducted by setting an isothermal wall boundary condition. A heat 

loss correction coefficient “alpha” was determined, and a good match between the experiment and CFD 

was attained. The validity of the CFD meant the compressor efficiency could be determined by CFD, and 

an overall compressor efficiency of 65% was approximated. This was greater than the required minimum 

compressor efficiency of 62.5%, and hence the baseline design could be deemed feasible. 

The effects of heat transfer have been qualitatively studied by VKI Belgium (Van den Braembussche, 

2005), and here their theoretical analysis is presented. Equation (2-11) below is derived from the first 

law of thermodynamics for non-isentropic diabatic compression. Here the change in entropy (𝑑𝑠) is 

expressed in terms of the viscous losses (𝑑𝑙) and an element of heat transferred (𝑑𝑄). 

 

 
𝑑ℎ =

𝑑𝑝

𝜌
+ 𝑇𝑑𝑠 =  

𝑑𝑝

𝜌
+ 𝑑𝑙 + 𝑑𝑄 

(2-11) 
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Using the relationship of the perfect gas law, Eq. (2-11) is written in terms of the polytropic efficiency 

for the compressor (𝜂𝑝𝑜𝑙 𝑐𝑜𝑚𝑝), and this is expressed in Eq. (2-12). Here the subscripts 1 and 2 are used 

for the inlet and outlet of the compressor respectively, (𝑙) is the viscous loss and (𝐶𝑝) is the specific heat 

at constant pressure. 

 

 
𝜂𝑝𝑜𝑙 𝑐𝑜𝑚𝑝 = 1 −

𝑙12 + 𝑄12

𝐶𝑝(𝑇2 − 𝑇1)
 

(2-12) 

 

From Eq. (2-12) it can be seen that an increase in the heat transfer to the compressor results in losses to 

the overall efficiency of the compressor. A similar theoretical study was carried out by MIT (Gong et al., 

2004) on the heat loss through a UMGT compressor, and this is expressed in Eq. (2-13). Here the actual 

pressure ratio, is written in terms of the adiabatic pressure ratio (𝜋𝑎𝑑𝑏), specific heat ratio (𝛾) and a heat 

addition factor (𝑄𝐻). An increment in the heat transfer to the compressor will cause a reduction in the 

pressure ratio, and hence reduce the compressor’s efficiency. 

 

 

𝑃𝑟𝑒𝑠𝑠𝑢𝑟𝑒 𝑟𝑎𝑡𝑖𝑜 = [
1

1 + 𝑄𝐻
(𝜋𝑎𝑑𝑏

𝛾−1
𝛾 − 1) + 1]

𝛾−1
𝛾

 

(2-13) 

 

A qualitative heat transfer analysis was also carried out by Ribaud (Ribaud, 2004) from ONERA. The 

effects of heat transfer are displayed in Eq. (2-14) and (2-15), for the compressor and turbine respectively. 

Here just the final equations are presented; they are derived using the well-known polytropic relationships 

between the pressure and temperature ratio, and the second law of thermodynamics. It is assumed the 

aerodynamic losses are unchanged for the non-adiabatic flow; and the symbol (𝜆), represents the heat 

addition to mechanical power input ratio for the compressor, and heat loss to shaft power ratio for the 

turbine; the symbol (𝑅) is the ideal gas constant. The subscripts 1 and 2 represent the inlet and outlet of 

the respective turbomachinery components. 

 

𝑃𝑐𝑜𝑚𝑝 = [
�̇�𝑎𝑖𝑟𝐶𝑝𝑎𝑖𝑟𝑇1

1 + 𝜆𝑐𝑜𝑚𝑝
] [(

𝑝2

𝑝1
)

𝑅𝑎𝑖𝑟(1+𝜆𝑐𝑜𝑚𝑝)

𝐶𝑝𝑎𝑖𝑟𝜂𝑝𝑜𝑙 𝑐𝑜𝑚𝑝
− 1] 

(2-14) 

 

 

𝑃𝑡𝑢𝑟𝑏 = [
�̇�𝑏𝑢𝑟𝑛𝑡.𝑔𝑎𝑠𝑒𝑠𝐶𝑝𝑏𝑢𝑟𝑛𝑡.𝑔𝑎𝑠𝑒𝑠𝑇1

1 − 𝜆𝑡𝑢𝑟𝑏
] [1 − (

𝑝2

𝑝1
)

𝑅𝑏𝑢𝑟𝑛𝑡.𝑔𝑎𝑠𝑒𝑠𝜂𝑝𝑜𝑙 𝑡𝑢𝑟𝑏(1−𝜆𝑡𝑢𝑟𝑏)

𝐶𝑝𝑏𝑢𝑟𝑛𝑡.𝑔𝑎𝑠𝑒𝑠
] 

(2-15) 
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The mechanical power given to the compressor may be considered almost independent of heat transfer, 

and for a given design may be considered as an input. Equation (2-14) for the compressor then shows the 

pressure ratio is decreased as the flow is heated. The pressure ratio of the turbine in turn decreases and 

the cooling of the flow results in a decreased shaft power. 

Furthering the above study, a qualitative study was then carried on the shirt button size UMGT, to analyse 

the effects of heat transfer within the system (Nicoul et al., 2007). A calculation software was developed 

(referred to as hot button software), as part of the study. It was found that the non-adiabatic condition 

leads to a strong reduction in performance, and doubling the size of the UMGT turbine allows the 

recovery of a suitable amount of power. When doubling the disk friction, power is 18% of the net power 

as opposed to 66%. Additionally, heat insulation of the inlet guide vanes allows recovery of the large 

part of the power loss. 

The effects of heat flux were also numerically investigated by VKI Belgium (Van den Braembussche, 

2005) for a compressor of 2D blade profile and a 20mm impeller diameter. The wall temperature was 

varied over 500 – 700K, and this accounted for 2 to 62% of the compressor power, for the lower and 

higher temperatures respectively. Decreasing the impeller diameter to 8mm resulted in a further 10% 

drop in the compressor power (Van den Braembussche, 2005). 

Numerical studies were also carried out by VKI Belgium (T. Verstraete et al., 2007) to assess conjugate 

heat transfer in a UMGT compressor and turbine rotor, shaft, stator, and shrouds, for 3D blade profiles 

(T. Verstraete et al., 2007). Here the compressor and turbine were tested over a range of rotor diameters; 

10, 20 and 40mm. A TIT of 1200K was set, the length of the shaft and other factors were varied as well, 

outlined were the main factors. Here the effects of conduction and convection are accounted for, while 

radiation is neglected since surface temperatures are quite small. Results showed the heat transfer in the 

shaft increases linearly with the scale factor, and the heat transfer in cavities varies with the square of the 

scale and being mainly defined by the conductivity of the fluid. Heat transfer on large surfaces such as 

the nozzle and diffuser appeared to dominate, this heat transfer was found to depend on both solid and 

fluid conduction, with more weight to the fluid conduction. 

This study was then later further developed and a 1D lumped capacitance model was developed to study 

the heat transfer through a micro gas turbine (D. Verstraete & Bowkett, 2015). This was based on VKI’s 

baseline UMGT, a 1kW UMGT with 20mm rotor diameter of 3D profiled blades. Here the set up for the 

heat transfer was similar to that described in the previous discussion, however the combustor has been 

accounted for as well. The loss of the thermal energy from the turbine to the compressor was found to be 

4%, heat transfer from the housing was 8%, and the convection and radiation were 26% of the net power. 
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Rotor shaft conductivity, although significantly impacting the heat transfer between compressor and 

turbine, and increasing shaft thermal conductivity by a factor of 10, increased the heat transfer by 276% 

but the decrease in the net power was only 4.6%. The placement of the combustion chamber reduced the 

power output by 2%, meaning heat transfer can be reduced with a more optimised UMGT configuration. 

A numerical investigation was carried out by Onishi et al. (Onishi, Burguburu, Dessornes, & Ribaud, 

2005) on the performance of a UMGT turbine of 2D blade profile, where the turbine rotor had an 8mm 

diameter and a TIT of 1367K. The model investigated was based on the MIT baseline model (Epstein et 

al., 2000), but geometrically scaled up by a factor of 2. The main objective of the study was to understand 

the effects of heat transfer, so a 921K isothermal wall boundary condition was imposed. Figure 2-9 shows 

the entropy profile through the turbine for the isothermal and the adiabatic cases, and this can be used to 

quantify the losses within the turbine. 

 

Figure 2-9 Numerical analysis on the effects of heat transfer through a 2D blade profile turbine 

(Onishi et al., 2005); Normalised total temperature as a function of entropy; Isothermal wall 

boundary (left), Adiabatic wall boundary (right) 

 

Based on a comparative study of Figure 2-9, between the isothermal and the adiabatic case, losses can 

be separated. Since heat transfer in the isothermal case consists in the loss of useful heat energy and the 

viscous loss, but just the viscous loss in the adiabatic case, relative differences can help quantify losses. 

At the nozzle entrance, heat transfer is mainly composed of useful heat energy, shown by no increase in 

entropy in the adiabatic case and a drastic reduction in the entropy for the isothermal case. Through the 

rest of the nozzle however, there is heat transfer of useful heat energy and the viscous loss. In the rotor, 

there is an entropy increase of 75Jkg-1K-1 in the adiabatic case and roughly 10Jkg-1K-1 in the isothermal 

case, and thus heat transfer is mainly due to the viscous losses. The total heat loss to the turbine wall was 

quantified to be 33.8% of the power developed (Onishi et al., 2005). 
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Heat leakage is also responsible for incidence losses, shown by a study carried out by Nagashima et al. 

(Nagashima et al., 2005) on a 2D blade profile turbine, which showed that wall temperatures of 700K 

can cause a 10 degree deviation in the relative inlet flow angle. This is attributed to the loss of heat 

increasing the fluid density, meaning the absolute velocity is reduced, but since the absolute angle and 

peripheral velocity remains constant, the relative angle is reduced. This results in operation under off-

design conditions, and loss of efficiency. 

The literature reveals that the effects of heat transfer have been studied at the UMGT scales for 2D and 

3D blade profiled turbomachinery. The effects of scaling down a CGT to a UMGT severely increases the 

rate of heat transfer, due to the previously mentioned increment in the surface area to volume ratios. 

Numerical studies on heat transfer to a compressor by VKI Belgium (Van den Braembussche, 2005) 

showed a 10% reduction in the overall efficiency when the impeller diameter was scaled from 20mm to 

8mm. All studies draw similar conclusions where the compressor is the more penalised of the two turbo 

components. Heat addition to the compressor results in a severe drop in the attainable pressure ratio (Van 

den Braembussche, 2005), thus resulting in reduced efficiencies. Numerical analysis (Onishi et al., 2005) 

of heat transfer in 2D blade profile standalone UMGT turbine showed that the effects of heat transfer 

was most dominant in the NGV, while heat loss in the rotor was dominated by viscous loss. The effects 

of heat transfer also cause deviation in the incidence angle for the relative velocity vector (Nagashima et 

al., 2005), thus causing off-design operation and loss of efficiency. However for a coupled 

turbine/compressor model, the reduced pressure ratio of the compressor results in a decreased turbine 

performance, thus impacting the overall UMGT efficiency. Although heat transfer is quite a significant 

loss contributing factor, the UMGT is still proven as a feasible option (Isomura, March 23, 2015). 

 Gaps in Knowledge 

UMGTs have an unparalleled potential as a power source for micro devices. However, there are still a 

few areas of research yet to be embarked upon to truly harness this potential. The present literature 

review, focussed largely on UMGT turbines, can now serve as a basis to point out the gaps in knowledge 

and develop relevant research questions for the present study. 

The effects of sonic losses due to high Mach numbers in turbo components at UMGT scales are still 

unknown. Increasing capability in manufacturing technology means that MITs initial baseline turbine 

will be feasible in the foreseeable future, and therefore the effects of sonic losses will not go unnoticed. 

It is well known that shock waves are irreversible and are hence a source of entropy generation, and this 

is mainly due to conduction of heat and the high viscous normal stresses within the wave. Although 

studies on shock losses have been conducted previously for CGTs (Denton, 1993), these are mainly 

correlation-based and provide good approximate values. Scaling down to UMGTs where the effects of 

heat transfer are enhanced, and viscous losses increased due to low 𝑅𝑒 numbers; propagation of shock 
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waves could then potentially enhance heat transfer and viscous losses, and therefore severely impact on 

the performance of a UMGT. The fluid dynamics associated with it would then be integral to the 

understanding of the flow through a UMGT, and thus lead to design optimisation to better the efficiency. 

The effects of 𝑅𝑒 number on the fluid dynamics of 2D blade profiled turbo machinery have been studied 

to some extent at UMGT scales. However, the bulk of research groups have built 3D blade profiled 

turbomachinery. It would then be wise to conduct studies on the performance of 3D blade profiled 

UMGTs. Studies carried out by Capata et al. showed a reduction in efficiency of up to 18% for a 

conventional scale compressor of 2D blade profile when compared to a 3D blade profile compressor 

from the Balje charts. The magnitude of this effect, however, is unknown at UMGT scales for 3D blade 

profiled turbomachinery. Additionally, dimensional analysis cannot be assumed between 2D and 3D 

blade profiles for UMGT scales. Although dynamic scaling can be assumed, i.e. similar inlet and outlet 

velocity triangles, geometric scaling cannot be assumed since hub and shroud radius ratios cannot be 

held constant. When compared to scaling from 3D blade profiled CGTs to UMGTs, dynamic similarity 

can once again be assumed. However, geometrical scaling due to change in rotor diameters will impact 

the 𝑅𝑒 numbers, thus the flow will be in the laminar/transitional regime at UMGT scales, and this should 

effects the turbo machines performance. The fluid dynamics at these scales for 3D blade profile 

turbomachinery is still novel, and therefore must be thoroughly studied. 

The effects of heat transfer are a significant concern at UMGT scales; increase in relative surface area to 

volume ratios when compared to CGTs will increase the heat loss ratio, and this can be 1000 times more 

for a UMGT when compared to a CGT. The effects of heat transfer have been studied for 2D and 3D 

blade profiled turbomachinery. However, the bulk of heat transfer work has been conducted on a 

compressor, and this is once again mainly on 2D blade profiled impellers. Studies are yet to be conducted 

on the effects of heat transfer on the fluid dynamics for 3D blade profiled turbomachinery. Although this 

has been conducted on 2D blade profile turbo machinery; it is shown that the assumption of similar fluid 

dynamics between 2D and 3D blades is incorrect. Heat transfer is a major topic at these scales, and 

understanding its effects are key in the operation of a UMGT. 

The effects of tip clearance have also not been investigated for 3D blade profiled UMGTs. Once again 

the effects of tip clearance cannot be assumed to be similar to 2D blade profile UMGTs and 3D blade 

profile CGTs. Tip clearance losses can be significant, and is one of the root causes for secondary flow, 

so its effects must be understood. Also at these scales the variation of tip cleared flow with different 

isothermal boundary conditions will result in further variation of the fluid dynamics, and therefore the 

effects will not go unnoticed. 



31 

 

 Chapter Conclusions 

The present chapter revealed the UMGT is a potential candidate as a power source for portable electronic 

devices. However, although this serves as one of the most promising alternatives – mainly due to its 

power to weight ratio – there are quite a few associated challenges that need to be overcome, which 

would otherwise hinder its progress. This chapter presented an in-depth but concise review of the fluid 

dynamics and heat transfer, on work conducted for a UMGT turbine and compressor; it also aided 

theories by presenting parametric models. It is concluded with a critical analysis of the literature, and 

points out major research gaps. This can assist in guiding future researchers toward the optimisation and 

development of a UMGT. 
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Chapter 3                                              

Applied Methodology 
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This chapter presents the details of the 1 dimensional (1D) design theory, experimental and numerical 

methodology that are needed to satisfy the objectives of this study, outlined in Chapter 1. The design 

methodology consists of a generic radial turbine design procedure. However, since more than one turbine 

is investigated in this study, the details of each turbine is presented in its respective chapter. The 

experimental methodology gives details of the experimental rig design; from its initial phase through to 

the fully developed rig. An intensive methodology is outlined here, as the results of the entire 

experimental study is presented in Chapter 4. It should be noted that this study is predominantly 

numerically based, and therefore the experimental studies main purpose is to serve as a basis for CFD 

validation. The numerical methodology presents details of the meshing and modelling procedure. Details 

of actual parameters for each numerical study is given in its respective chapter. 

 Design Methodology 

Design of radial turbines has been studied for several decades now (H. Chen & Baines, 1992; L. Chen, 

Habib, & Inskip, 2015; Large, Finger, & Linder, 1981; Whitfield & Baines, 1990; Zahed & Bayomi, 

2015), and in the present chapter a non-exhaustive design procedure is presented. The inward flow radial 

turbine (IFR) comprises of three main components; the volute, nozzle guide vanes (NGV) and rotor, and 

this is shown in Figure 3-1. 

 

Figure 3-1 90° Inward flow radial turbine (Yahya, 1987) 

 

The ultra-micro scale gas turbine (UMGT) was designed using 1D design theory (Zahed & Bayomi, 

2015), and VISTA RTD (ANSYS, 2014); a tool in ANSYS for the 1D design of radial turbines. Here 

parameters such as the mass flow rate, total inlet pressure, total inlet temperature, rotational speed, and 

inlet and outlet flow angles to the rotor were initially approximated, and this was based on inlet 
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parameters of UMGTs from other research groups (Han et al., 2010). After which the rotor inlet and 

outlet velocity triangles could be computed from VISTA RTD and literature, along with geometric 

dimensions, and various other non-dimensional parameters. The inlet conditions were then iterated in 

VISTA RTD based on the outputs, and using literature (Zahed & Bayomi, 2015), to optimise the design. 

Following this, each component was designed in 3D. 

The volute design is based on the conservation of angular momentum; at the design point, the flow is 

uniform across the NGV with the appropriate velocity and inflow angle (Zahed & Bayomi, 2015). 

The conservation of mass is used to predict the cross sectional area (𝐴) of the volute to the radius (𝑟) of 

the centroid ratio, given by Eq. (3-1), for a given mass flow rate (�̇�), density (𝜌) and angular momentum 

(𝐾), at a specified azimuthal location (𝜑).  

 

 𝐴𝜑

𝑟𝜑
= [

�̇�

𝜌𝜑𝐾
] [1 − 

𝜑

2𝜋
] 

(3-1) 

 

 

The absolute flow angle to the NGV inlet (𝛽), is calculated from Eq.(3-2),  

 

 
tan𝛽2 = [

𝜌2

𝜌1
] [

𝐴2𝑟1
𝑟2𝐴1

] 
(3-2) 

 

 

where the subscripts 1 and 2 represent the volute inlet and outlet respectively. The volute is then 

constructed in ANSYS through VISTA CPD (ANSYS, 2014) and CREO parametric (Rider, 2013), as 

shown in Figure 3-2a. 

The NGV further accelerates the flow ensuring the rotor receives the flow at the appropriate velocity and 

inflow angle; it is designed using ANSYS Blade Gen (ANSYS, 2014) and CREO Parametric, shown in 

Figure 3-2b. The blades here are designed to smoothly guide the flow, and an appropriate nozzle throat 

width is determined based on the nozzle row sizing strategy (Aungier, 2006; Zahed & Bayomi, 2015), 

for the given stagger angle and blade pitch. 

At design point, the flow at the rotor inlet has appropriate components of absolute velocity, peripheral 

velocity and inflow angle, and this is to ensure the relative component of velocity is smoothly accepted 

at the inlet to the rotor. Energy from the fluid is then extracted by the rotor, and can be harvested as 

mechanical or electrical power. Data generated from VISTA RTD as previously mentioned is then used 
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to create the rotor blade profile in ANSYS Blade Gen, where the passage is designed using fourth order 

Beizer curves (Aungier, 2006), as shown in Figure 3-2c. 

 

Figure 3-2 Turbine components 3D geometry; (a) Volute, (b) NGV, (c) Rotor 

 

 Experimental Methodology 

3.2.1 Considerations for Experimental Rig Design 

Design of the test rig was an iterative procedure, where initial approximations and calculations were 

made. This process was governed by literature (H. Chen & Baines, 1992; L. Chen et al., 2015), starting 

with 1D design calculations, and thus estimating the initial rotor diameter and other inlet parameters as 

discussed in Chapter 3.1. 

Many challenges were encountered during the design phase, and this was mainly attributed to the scale 

of the turbine. Millimetre rotor diameters imposed; manufacturing challenges, bearing challenges due to 

high rotational speeds and input heat constraints due to instrumentation limitations. The fore mentioned 

challenges were not the only ones present, others included; controlling the turbine speed during steady 

state testing, analysing system losses, the experimental procedure and the turbine housing design. 

Controlling the speed of the turbine is essential during a steady state analysis, as at these scales 

conventional methods to control the speed are rather challenging. It was initially proposed to use a prony 

brake, however the errors in measurement would be far too great at these scales, as the power outputs are 

in the tens of watts. After a lot of design optimisation, an electronically commutated (EC) motor was 

used to control the speed of the turbine. 

In order to account for viscous and heat losses in the pipe prior to the turbine inlet, data acquisition 

systems were strategically placed. The pressure and temperature were measured at the turbine inlet, hence 

any losses prior to this could be disregarded. 
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The experimental procedure consists of transient and steady state tests; the transient tests include 

acceleration and deceleration tests. For the acceleration test, it is essential to bring the flow to the 

appropriate inlet conditions before accelerating the turbine. To do this, a valve was positioned prior to 

the turbine inlet; this allowed the turbine to be tested accurately for the acceleration test and also had the 

added benefit for quick stoppage in the flow during the deceleration test. A detailed discussion of this 

procedure is carried out in Chapter 3.2.4. 

Design of the turbine housing was one of the most challenging procedures encountered, and this was 

natural due to the scale imposing numerous restrictions. Proximity of parts meant the following had to 

be accounted for; vibration of the shaft due to high rotational speeds, clearances and thermal expansion. 

3.2.2 Experimental Rig  

Figure 3-3 shows a detailed schematic of the experimental setup; which utilises mains compressed air 

for driving the turbine, through a pressure regulator, a mass flow controller where the desired flow rate 

is set, and then a heater where the desired temperature is also set. The energy is then extracted from the 

fluid via a 20mm diameter radial inflow turbine, and an electric motor is connected to the shaft of the 

turbine to control its speed, via a DC load. The rotational speed is monitored through an optical sensor 

via a data logger and is also visualised in real time. K type thermocouples are positioned at the turbine 

inlet and exhaust to measure inflow and outflow temperature, and a differential pressure transducer is 

connected across the turbine assembly to measure the pressure drop. All signals are connected to a data 

logger, and their outputs are monitored in real time on a computer. 

A valve is positioned just before the inlet to the turbine for the purposes of the transient tests, details of 

which are covered in Chapter 3.2.4. 
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Figure 3-3 Experimental schematic 

 

Table 3-1 is the turbine’s design parameters, and it is based on the design procedure from Chapter 3.1. 

At the design point, a power of 200W is attained; for a rotational speed of 200,000rpm, a mass flow rate 

of 0.006kg/s and a turbine inlet temperature (TIT) of 400K. 

Table 3-1 Design parameters 

Parameter Value 

Power 200W 

Inlet total temperature 400K 

Mass flow rate 0.006kg/s 

Rpm 200,000 

Specific speed 0.51 

NGV inlet radius 14.5mm 

NGV outlet radius 10.5mm 

NGV blade number 15 

Rotor inlet radius 10mm 

Rotor exit radius shroud 5.8mm 

Rotor exit radius hub 2.15mm 

Rotor absolute flow inlet angle 78˚ 

Rotor relative exit flow angle -50˚ 

Rotor blade number 13 
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The entire assembly geometry was created/edited in CREO parametric, before it was manufactured. The 

turbine rotor was 3D printed with Ti-64, the NGV, volute and the rest of the housing were manufactured 

on a CNC machine, out of aluminium. Figure 3-4 is the deconstructed turbine housing, and it is placed 

above a ruler to visually quantify the assembly size. Table 3-2 outlines the parts of the housing, and 

detailed working drawings of the housing are presented in the Appendix.  

 

Figure 3-4 Turbine housing 
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Table 3-2 Turbine housing parts 

Part Specification 

Bearings Manufacturer: SKF 

Model: W635 – 2Z 

 

Hub housing Material: Aluminium 

 

Shroud housing Material: Aluminium 

 

Rotor Material: Ti64 

Diameter: 20mm 

Moment of inertia (calculated): 9.28 × 10-8kgm2 

 

Bellow coupling Supplier: RS components 

Stock No: 693  2467 

Moment of inertia: 17 × 10-8kgm2 

 

Shaft Material: Aluminium 

Moment of inertia: 3.59 × 10-7kgm2 

 

Bolts Material: Aluminium 

 

Bearing attachment housing Material: Aluminium 

 

EC motor attachment Material: Aluminium 

 

3.2.3 Instrumentation and Calibrations 

Pressure Regulator 

A SMC AR40  F04  1  B pneumatic pressure regulator from SMC is placed just by the compressor air 

supply point from Figure 3-3, and is used to maintain steady inflow pressure and prevent fluctuations. 

Mass Flow Meter 
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A Sierra FMA  2612A  I2 flow controller from the smart trak 140 series is used to control and maintain 

the flowrate at the desired level. Since it has a precision digital PID valve control, this means no 

adjustment or tuning is required. 

Heater 

An AHPF – 122 heater from Omega is used. It is controlled by a heater controller which has a feedback 

thermocouple placed at the turbine inlet and enables the turbine inlet temperature to be controlled to 

0.1°C. 

Thermocouples 

K type thermocouples from RS components with a 0.5mm diameter probe each, are used for the turbine 

inlet and outlet temperature measurements. These were calibrated in ice and water baths over 30°C to 

90°C (which represents the tested experimental range), in increments of 10°C; a digital thermometer was 

used as the reference measurement. Using the ISO guide for the evaluation of measurement data for a 

thermometer (JCGM/WG 1 2008 Working Group, 2008), an equation is formulated to predict the 

corrected temperature based on the output of the thermocouple and the calculation of the uncertainties. 

Pressure Transducer 

A PX142  030D5V differential pressure transducer from OMEGA is used to measure the static pressure 

drop across the entire turbine assembly; the positive port is connected to the volute inlet, while the 

negative port is open to the ambient representing the turbine exhaust pressure. The calibration process is 

carried out on a pneumatic dead weight tester across static pressure range of 0 – 100kPa. A linear trend 

is attained which is used to convert the mV output of the transducer into pascals. 

EC Motor 

A brushless MAXON ECXSP19M BL KL A STEC 18V motor is used as a generator during steady state 

analysis to control the speed of the shaft through an applied load; it is also used as a driver in the transient 

analysis, and is coupled directly to the rotor shaft. 

DC Load 

A DC load M9711 from Maynuo Electronics is used to apply the load to the EC motor through a desired 

input power by the user, which is then used to control the speed of the rotor shaft. 

Data Logger 

A Campbell Scientific data logger CR  850 is used to acquire the outputs of the thermocouples, the 

pressure transducer and reflective optical sensor. 
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3.2.4 Experimental Procedure 

The experiments consisted of a series of transient and steady state tests. The transient tests were used to 

determine the turbines performance curves at room temperature (23°C), and the steady state tests are 

used in conjunction with transient tests to determine the performance curves over the entire tested 

temperature range, along with other various non-dimensional performance plots. 

The tests were conducted across three different flow rates and four different temperatures of 125, 137.5 

and 150 standard litres per minute (SLPM), and 23 (cold test), 40, 60 and 80°C respectively. The flow 

rate and temperature range were limited due to bearing restrictions and component inabilities. 

Transient Measurements 

The transient procedure is a time variant set of tests that monitors the rotational speed of the turbine for 

the given flow rates and temperatures. It consists of acceleration and deceleration tests, and similar 

methods are used here to those acquired from literature (Fréchette, 2000; Peirs, Reynaerts, & Verplaetsen, 

2003; Peirs, Reynaerts, & Verplaetsen, 2004). The acceleration test is only conducted for the cold test, 

as an increase in temperature has no effect on the acceleration under transient conditions. This is similar 

to work carried out by Piers et al. (Peirs et al., 2003) , where only cold acceleration tests were conducted. 

The acceleration test undertaken monitors the rotational speed as a function of time, for the rotor to reach 

its maximum rotational speed, or till 70,000 – 90,000rpm due to bearing limitations, from a stationary 

state for a given inlet flow rate. The deceleration test is conducted similarly to the acceleration test, 

however the angular velocity as a function of time is monitored to bring the rotor to a stationary position 

from its maximum rotational speed (or till 70,000 – 90,000rpm) at the highest flow rate setting, for a 

given temperature. 

Figure 3-5 is a schematic of the acceleration test, and it aids with a visual representation of the various 

components of power that sum together to result in the net mechanical power (𝑃𝑛𝑒𝑡 𝑎𝑐𝑐), and this is 

expressed in Eq. (3-3). The net mechanical power is easily quantified from the acceleration test, as the 

moment of inertia (𝐼) of all the rotating parts are known, and the angular acceleration (𝛼) is determined 

from a first order differentiation of the angular velocity (𝜔) with respect to time. In this equation, (𝑃𝑡𝑢𝑟𝑏) 

is the power extracted by the turbine rotor, and (𝑃𝑏𝑟) and (𝑃𝑚𝑟) are the losses associated with the bearing 

and motor resistance. Each of the terms in Eq. (3-3) and those that follow is a function of the rotational 

speed. 
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Figure 3-5 Acceleration test schematic 

 

 𝑃𝑛𝑒𝑡 𝑎𝑐𝑐 = 𝑃𝑡𝑢𝑟𝑏 − 𝑃𝑏𝑟 − 𝑃𝑚𝑟 = 𝐼𝛼𝜔 (3-3) 

 

Figure 3-6 and Figure 3-7 are schematics of the deceleration test, for the rotor and rotor-less case. These 

figures aid with the various loss components of power that sum together to result in the net deceleration 

power (𝑃𝑛𝑒𝑡 𝑑𝑒𝑐𝑒𝑙), and this is expressed in Eq. (3-4) and (3-5), for the rotor and rotor-less case 

respectively. Since the deceleration is a function of rotational speed (Peirs et al., 2004) and temperature, 

it is conducted at the highest flow rate for a given temperature. For the rotor-less test, the EC motor is 

used as a driver to bring the system to speed before it is switched off. The net deceleration is determined 

similarly to the acceleration test. 

 

 

 

Figure 3-6 Deceleration test schematic (rotor) 

 

 𝑃𝑛𝑒𝑡 𝑑𝑒𝑐𝑒𝑙1 = 𝑃𝑏𝑟 + 𝑃𝑚𝑟 + 𝑃𝑟𝑟 = 𝐼𝛼𝜔 (3-4) 
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Figure 3-7 Deceleration test schematic (no rotor) 

 

 𝑃𝑛𝑒𝑡 𝑑𝑒𝑐𝑒𝑙2 = 𝑃𝑏𝑟 + 𝑃𝑚𝑟 = 𝐼𝛼𝜔 (3-5) 

 

Equation (3-4) shows the net deceleration power, is a summation of the bearing, motor and rotor 

resistance (𝑃𝑟𝑟), whereas Eq. (3-5) shows it is a summation of the bearing and motor resistance. 

Therefore, it is now possible to quantify the effects of rotor resistance, and its variation with temperature. 

From Eq. (3-3) – (3-5), it is now possible to determine the turbine torque and power curves as a function 

of rotational speed, for the cold test, across the entire flow rate range.  

Steady State Measurements 

The steady state procedure is a time invariant set of tests. Here the turbine is allowed to accelerate to a 

rotational speed of 70,000 – 90,000rpm (due to bearing restrictions), for a given flow rate and 

temperature. The EC motor is then used to stabilise/control the rotational speed of the turbine, via a user 

inputted DC load. This load is then increased in appropriate step sizes, thus further decreasing the turbines 

rotational speed. The outputs of this test are then used to extract the turbines performance curves along 

with various other non-dimensional plots. 

Figure 3-8 and Equation (3-6) is presented, and it is used to better understand the components of power 

present in the steady state tests. 

 

Figure 3-8 Steady state test (schematic) 
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 𝑃𝑡𝑢𝑟𝑏 − 𝑃𝑏𝑟 − 𝑃𝑚𝑟 −

𝑃𝑒𝑙𝑒𝑐𝑡

𝜂𝑚𝑟
 = 𝐼𝛼𝜔 = 0 

(3-6) 

 

The last three components on the left hand side of Eq. (3-6) are known; the bearing and motor losses 

following the results from the decelerations tests (transient tests), the electrical power (𝑃𝑒𝑙𝑒𝑐𝑡) is set via 

the DC load during the steady state tests and the (𝜂𝑚𝑜𝑡𝑜𝑟) efficiency is provided in the manufactures 

specifications. The turbine power curves can now be attained for the steady state analysis; for the 

respective flow rates and temperatures. 

The steady state analysis is also used to present commonly used non-dimensional variables such as 

(Dixon & Hall, 2013); the pressure ratio (
𝑝01

𝑝2
), specific speed (𝑁𝑠), and overall efficiency (𝜂). Total 

pressure ratio expressed in Eq. (3-7) is the ratio of the inlet total pressure to the exit static pressure, where 

subscripts 1 and 2 represent the inlet and outlet respectively.  

 

 

𝑃𝑟𝑒𝑠𝑠𝑢𝑟𝑒 𝑟𝑎𝑡𝑖𝑜 =  
𝑝1 +

1
2𝜌1𝑣1

2

𝑝2
 

(3-7) 

 

The pressure ratio is an important non-dimensional parameter, often represented as a function of the mass 

flow coefficient and the normalised blade speed (Dixon & Hall, 2013). This is then utilised to create 

performance maps displaying the operational range of the device. However, since this experiment is the 

first of its kind at UMGT scales to the best of the author’s knowledge, the pressure ratio is used to only 

depict trends as it is quite restricted, due to the restrictions on the flow rates, severely limiting the 

operational range of the device, and this is due to bearing inabilities. The static pressure at the inlet (𝑝1) 

is acquired from the pressure transducer, the inlet density from the ideal gas law based on the static 

pressure and inlet temperature, and the average turbine inlet velocity (𝑣1) from the flow rate measurement 

using the conservation of mass, and the exit static pressure is atmospheric. 

Equation (3-8) presents the change in total to static isentropic enthalpy (∆ℎ0𝑠) (Dixon & Hall, 2013), 

 

 

∆ℎ0𝑠 =
𝑇1 +

1
2𝑣1

2

𝐶𝑝
 

[
 
 
 
1 − [

𝑝2

𝑝1 +
1
2𝜌1𝑣1

2
]

𝛾
𝛾−1

]
 
 
 
 

(3-8) 
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The first set of terms in Eq. (3-8) on the left inside the main bracket (𝑇1 +
1

2
𝑣1

2), is the inlet stagnation 

temperature, and the term on the right is the isentropic exit static temperature. The specific heat ratio (𝛾) 

and the specific heat at constant pressure (𝐶𝑝) are taken to be constant, as the pressure and temperature 

range is very low (Dixon & Hall, 2013).  

The 𝑁𝑠 is given by Eq. (3-9), and it is a very important non-dimensional parameter (Dixon & Hall, 2013), 

 

 

𝑁𝑠 = 𝜔
�̇�

𝜌2

1
2
∆ℎ0𝑠

−
3
4 

(3-9) 

 

where the 𝑁𝑠 is written in terms of the angular velocity, mass flow rate, exit density and the change in 

isentropic stagnation enthalpy. The specific speed is one of, if not the most concrete ways of non-

dimensionally presenting the efficiency of radial inflow turbines (Dixon & Hall, 2013). 

Equation (3-10)is the turbine’s overall efficiency, and it is defined similarly to literature (Dixon & Hall, 

2013; Peirs et al., 2004); it is the ratio of the useful power output (i.e the electrical power) to the isentropic 

power. 

 

 
𝜂 =

 𝑃𝑒𝑙𝑒𝑐𝑡

�̇�∆ℎ0𝑠
𝑥 100% 

(3-10) 

 

The electrical power is acquired from the steady state testing procedure as defined in Eq. (3-6), and the 

isentropic power is the product of the mass flow rate and the change in total to static isentropic enthalpy 

as defined in Eq. (3-8). 

3.2.5 Uncertainty Measurement 

The uncertainty analysis is based on the International Organisation for Standardisation (ISO) guide lines 

(JCGM/WG 1 2008 Working Group, 2008), and here it is deconstructed in two sections; the uncertainty 

associated with the measured quantities and derived quantities. 

Measured Quantities 

The uncertainty associated with measurements traditionally are viewed as having two components; a 

random component and a systematic component. The random error arises from unknowns and 
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unpredictable experimental changes, and these can be minimised through repeatability. Equation (3-11) 

and (3-12) are presented to derive the random error. 

 

 

𝜎𝑥 = √∑
(𝑥𝑖 − �̅�)2

𝑋 − 1

𝑋

𝑖=1

 

(3-11) 

 

Equation (3-11) is the standard deviation (𝜎𝑥), and it is used to quantify the measure of spread in the 

data, for a measured value (𝑥𝑖), to the mean value (�̅�), over a range of measurements (𝑋). 

 

 휀𝑟 =
𝜎𝑥

√𝑋
 (3-12) 

 

Equation (3-12) expresses the random uncertainty (휀𝑟), and it is calculated from the standard deviation 

in Eq. (3-11), and the number of measurements.  

The systematic error arises from errors in experimental observations, and this is usually attributed to 

measuring instruments. The systematic error may be derived from the manufacturer’s specifications 

and calibration data (JCGM/WG 1 2008 Working Group, 2008). From this, the combined experimental 

uncertainty (휀𝑥). can be derived, and it is expressed in Eq. (3-13), 

 

 휀𝑥
2 = 휀𝑟

2 + 휀𝑠
2 (3-13) 

 

in terms of the standard error, and systematic error (휀𝑠). 

Derived Quantities 

When the uncertainty of a derived quantity (𝑦), is a function of a number of input variables (𝑥1, 𝑥2 …), 

the combined uncertainty (휀𝑦) is then quantified from Eq. (3-14) (JCGM/WG 1 2008 Working Group, 

2008). 

 

 

휀𝑦 = [[
𝑑𝑦

𝑑𝑥1
]
2

휀𝑥1
2 + [

𝑑𝑦

𝑑𝑥2
]
2

휀𝑥2
2 + ⋯]

1
2

 

(3-14) 
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 Numerical Methodology 

ANSYS CFD solvers are based on the finite volume method, where a domain is discretized into a set of 

control volumes. And the conservation (transport) equation (ANSYS, 2015) for mass, momentum and 

energy are solved over this set of control volumes. Equation (3-15), (3-16) and (3-17) express the fore 

mentioned conservation equations in the respective order, for 3D flow 

 

 𝜕𝜌

𝜕𝑡
+ ∇. (𝜌�⃗�) =  0 

(3-15) 

 

 𝜕(𝜌�⃗�)

𝜕𝑡
+ ∇. (𝜌�⃗� × �⃗�) =  −∇𝑝 + ∇. τ + S⃗⃗𝑀 

(3-16) 

 

 𝜕(𝜌ℎ𝑡𝑜𝑡)

𝜕𝑡
−

𝜕𝜌

𝜕𝑡
+ ∇. (𝜌�⃗�ℎ𝑡𝑜𝑡) =  ∇.  (𝑘∇T) + ∇. (�⃗�. τ) + �⃗�. S⃗⃗𝑀 + S⃗⃗𝐸 

(3-17) 

 

The transport equations are then solved using Eq. (3-18) (ANSYS, 2013), and this represents the finite 

volume method. The four terms in Eq. (3-18) from left to right are; time variance, advection, diffusion 

and generation. The symbol (∅) represents the transport equation that is numerically solved.  

 

 𝜕

𝜕𝑡
∫𝜌∅𝑑𝑉

𝑉

+ ∮𝜌∅�⃗�. 𝑑𝐴
𝐴

=  ∮Г∅
𝐴

∇∅. 𝑑𝐴 + ∫𝑆∅𝑑𝑉
𝑉

 
(3-18) 

 

Equation (3-18) is then discretized into a system of algebraic equations, after which it is numerically 

solved to render a solution. 

The initial design procedure from 1D design theory to 3D design is the first step of the modelling process, 

and VISTA RTD/CPD, CREO parametric, ANSYS Design modeller and ANSYS Blade Gen are used to 

create the volute, NGV and rotor. Details of this procedure is presented in Chapter 3.1. 

The meshing of the volute is carried out in ANSYS Mesh , and here the mesh is edited under the global 

mesh setting where the growth rate is reduced to refine the mesh, as shown in Figure 3-9a. The NGV and 

rotor are meshed in ANSYS TurboGrid (ANSYS, 2011), it is a highly automated hexahedral mesh 

generator specifically for turbomachinery, as shown in Figure 3-9b and c. ANSYS TurboGrid takes 
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advantage of the periodic nature of the flow in turbomachinery components, and creates a mesh for only 

one blade set. Side surfaces of the blade passage are declared periodic and interfaced with corresponding 

surfaces of neighbouring blade passages. The input here is the series of points along the hub and shroud 

surfaces from the inlet to outlet, and this defines the meridional flow path. Also the continuous loops of 

points defining the blade profiles at as many span wise locations as necessary to accurately represent the 

blade. The topology is then generated, it is a structure of blocks that act as a framework for positioning 

the mesh elements. The automated topology and meshing is method chosen, as it has a higher mesh 

quality. The mesh is then generated, and it is refined by increasing the global size factor. 

 

Figure 3-9 Meshing; (a) Volute, (b) NGV, (c) Rotor 

 

In CFX pre a fluid domain is defined for all three turbo components (Figure 3-10a), where air is the fluid, 

and is modelled as an ideal gas. Only the rotor has a rotating domain, and this is set to the desired 

rotational speed. The rotor shroud is set to be a counter rotating wall, as it is stationary. Since the effects 

of compressibility cannot be overlooked, the heat transfer option is set to total energy. The total 

pressure/mass flow rate and total temperature are specified as the inlet boundary conditions to the volute, 

and static pressure for the rotor outlet. The wall boundary conditions were set to no slip smooth walls. 
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Figure 3-10; (a) CFX Pre set up, (b) CFX solver 

 

Since direct numerical simulation is computationally expensive, ANSYS CFX uses the Reynolds 

Averaged Navier Stokes simulation (RANS) (ANSYS, 2013), and here the turbulence effects of the mean 

flow are studied. The RANS model is solved using the eddie viscosity model, and here the shear stress 

turbulent (SST) model is selected, and the wall function is set to automatic. It overcomes the 

shortcomings of the k - Ɛ (which is suited for flow away from the wall) and k - ω (which is best suited 

for the near wall region) turbulence models, by blending between the two models (ANSYS, 2013). The 

SST model is recommended for turbomachinery flows (D’souza & Sharma, 2017), and has the ability to 

accurately monitor flow separation. This was also used by the Korean Institute of Mechanics and 

Materials (KIMM) in their numerical study of their baseline UMGT turbine. It should be noted that the 

author has recreated KIMMs turbine in order to validate the CFD procedure, and this was presented at 

the IMECE conference (D’souza & Sharma, 2017). The SST model can also accurately model heat 

transfer (Menter, Ferreira, Esch, & Konno, 2003) in turbomachinery. 

The high resolution is selected for the advection scheme in the solver control to decrease truncation errors 

and increase numerical accuracy, and the turbulence numeric option is set to first order. A comparative 

study was carried out for the turbine power, where the turbulence numeric option of the first order and 

highest resolution were compared. Here a difference of less than 0.3% was evident. A maximum of 500 

iterations is selected, with a physical time scale of 1/(2ω), and an RMS value of 1 × 10-6 is set. Figure 

3-10b shows a schematic of the CFX solver. A grid independence study is then carried out using the 

Richardson extrapolation technique (I. Celik & Zhang, 1995), and this is conducted to the American 
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Society of Mechanical Engineers (ASME) Journal of Fluids Engineering Standards (I. Celik & Zhang, 

1995). Also, the average y+ values through the NGV and rotor are approximately 1, for the selected mesh 

of the presented turbines, as this is recommended for the SST model (ANSYS, 2013). 
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Chapter 4                                               

Experimental Study of an UMGT 
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 Introduction 

An ultra-micro scale gas turbine (UMGT) is a miniaturised micro scale gas turbine that generates 

electricity, and is comprised of 5 main components: a radial turbine, a radial compressor, bearings, a 

combustor, and an electrical generator. UMGTs are designed for a power range of 0 – 1000W (Capata, 

2012; Epstein et al., 2000; Han et al., 2010; Isomura et al., 2006), and are of interest for a various range 

of applications such as unmanned air/ground vehicles, cell phones, laptops and humanoid robots (Epstein, 

2003; Isomura et al., 2005; Matsuo, Yoshiki, Nagashima, & Kato, 2003). They prove to be one of the 

most attractive options as a power source for these portable electronic devices, and this is mainly 

attributed to its high power to weight ratio (Capata, 2012; Epstein, 2003). 

The UMGT was first proposed in the mid 1990s by Massachusetts Institute of Technology (MIT), funded 

by the Defense Advanced Research Projects Agency, with an aim to develop a UMGT to power 

unmanned air/ground vehicles for military usage. MITs proposed model (Epstein, 2003), was the 

cornerstone for all UMGT designs to follow. Their baseline design was known as the “shirt button size 

gas turbine”, with a proposed power output of 10W, a pressure ratio of 4, a turbine inlet temperature 

(TIT) of 1600K, a rotational speed of 2.4 × 106rpm, a rotor diameter of 4mm with a 2 dimensional (2D) 

blade profile, a tip speed of 500m/s and an overall volume of 1cm3. Unavailability of required fabrication 

technology at the time left the baseline design as a theoretical model. The shirt button size gas turbine’s 

parameters were then relaxed, and the H2 demo engine was proposed (Epstein, 2003). This is a gas turbo 

jet engine with the objective of demonstrating a micro-electrical mechanical systems (MEMS) gas 

turbine; it does not contain electrical machinery. Following this, research then began within many other 

universities, research firms and institutions, with all of them proposing their baseline models. 

Ishikawahajima Harima Industries (IHI) (Isomura et al., 2005), proposed a UMGT with a power output 

of 100W. At NEDO (Nagashima, 2005), a three year research project comprising of Japanese 

universities, together with ONERA (France), CIAM (Russia) and VKI (Belgium), researched the 

feasibility of a palmtop turbine with a power output of 2 – 3kW and a finger-top turbine with a power 

output of 1 – 10W. The University of Leuven (Peirs et al., 2007) proposed a UMGT with a power output 

of 1000W while at Sapienza University of Rome (Capata & Sciubba, 2009), the alpha prototype was 

proposed with a power output of 300W. At the Korean Institute of Mechanics and Materials (KIMM) 

(Han et al., 2010), a UMGT was proposed with a power output of 500W; at Onera (Nicoul et al., 2007) 

a research program known as Deca watt was undertaken to demonstrate the feasibility of a 100W UMGT. 

Recently at the University of Auckland (UOA) (D’souza & Sharma, 2017; D'souza & Sharma, 2019; 

Giovannoni et al., 2017; Giovannoni et al., 2016; Turkeli-Ramadan et al., 2015) research into a UMGT 

combustor and turbine have been undertaken. 
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These research groups have reported upon several experimental studies, in particular on the components 

of the UMGT. Since this chapter reports on an experimental investigation of a UMGT turbine, the review 

of the experimental studies presented here is mainly on the turbomachinery components. 

Studies were conducted at MIT by Shirley (Shirley, 1998) on a high Mach number and low Reynolds 

(𝑅𝑒) number compressor; here MITs baseline compressor of 2D blade profile and a 4mm impeller 

diameter was scaled up by a factor of 75. The dynamic similarity of the baseline model was maintained 

to the scaled turbine, by retaining the same Mach number and 𝑅𝑒 number as the baseline compressor. 

Results showed proper validation with CFD for the pressure ratio and flow rate. However, efficiencies 

were significantly lower, and this was attributed to the presence of a stationary shroud casing in the 

experiment, and this was not accounted for in CFD. Thus it was concluded that the impeller shroud has 

a significant impact on the fluid dynamics and should not be neglected in CFD analysis. Tests were also 

conducted on MITs H2 demo engine by Protz (Protz, 2000), with a compressor impeller diameter of 8mm, 

a turbine rotor diameter of 6mm, a TIT of 1600K, a pressure ratio of 1.8 and a rotational speed of 1.2 × 

106rpm. Spin tests for this gas turbo engine attained a maximum rotational speed of 30,000rpm, and this 

was limited due to rotor imbalance.  

An experimental study was also conducted by Kang et al. (P. Kang, Tanaka, & Esashi, 2004) from 

Tohoku University, on a MEMS based turbo engine. It comprised of 2D blade profile turbomachinery, 

with a compressor impeller diameter of 4.98mm, a turbine rotor diameter of 1.8mm and a rotational speed 

of 1 × 106rpm. This MEMS based engine was driven by compressed air; results showed the device rotated 

at a maximum rotational speed of 48,000rpm. This was only 5% of the design speed as the device was 

unable to pass the natural frequency of the rotor. Results were rather limited, and no conventional 

turbomachinery performance plots (Dixon & Hall, 2013) were presented.  

Experimental studies were conducted on IHIs baseline compressor (Isomura et al., 2006). Here a 10mm 

impeller diameter of 3D blade profile was tested in a turbo shaft setup, where the turbine was purely a 

driver to the compressor. Results showed it was possible to keep the compressor below 170°C when 

raising the TIT to 1050°C. Outputs from the study consisted of generic compressor performance maps; 

additionally, the efficiency from the experiments was higher than that predicted by CFD. This was 

attributed to the effects of heat transfer lowering the compressors’ outlet temperature. However, after 

modelling the heat leakage numerically, good validation was achieved between CFD and the experiment. 

CFD was therefore deemed valid, and a 65% adiabatic efficiency for the compressor was approximated. 

The University of Leuven (Peirs et al., 2003) successfully tested an axial micro turbine with a 10mm 

rotor via compressed air, conducted via steady state and transient testing. Here a maximum electrical 

power of 44W was achieved with an efficiency of 16%, at a TIT of 360°C. Tests conducted by Belgian 

power MEMS (Peirs et al., 2008) on their 1kW UMGT with a 20mm rotor diameter of 3D blade profile 
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in a turbo shaft set up reported a maximum rotational speed of 75,000rpm, which was a lot lower than 

their design rotational speed of 500,000rpm, due to rotor imbalance. As a result, the performance curves 

obtained from testing were limited. A fully integrated UMGT, but without electrical machinery, was 

tested by KIMM (J. M. Seo, Park, & Choi, 2013); self-sustainability was successfully achieved, and an 

increase in fuel rate showed an increase in the rotational speed. This was for their baseline UMGT of 

500W, with a 20mm rotor diameter and of 3D blade profile. Tests were conducted at Onera on a 10mm 

rotor compressor with a 2D blade profile (Dessornes et al., 2014); generic performance maps were 

reported, with more work undertaken, but yet to be reported. A bench test has also been carried out on 

the alpha prototype (Capata & Sciubba, 2009), the University of Roma’s baseline design. Here a 40mm 

rotor diameter compressor and turbine of 3D blade profile were tested in a turbo shaft set up; limited 

results were reported upon. 

Most of these research groups have built and successfully tested individual components of the UMGT. 

However, only IHI has successfully developed a standalone UMGT model. It is claimed to have a power 

output of 400W at a rotational speed of 470,000rpm and an assembly mass of 13kg, with propane as the 

fuel (Isomura, March 23, 2015). This then successfully demonstrates the feasibility of a UMGT, and this 

paves the way for optimisation of the design and miniaturisation through further innovations. 

The increasing interest in the UMGT as a power source for portable electronic devices has led the 

aforementioned research groups to design and test their baseline models experimentally. The bulk of the 

presented experimental work was focused on the feasibility of the compressor in a turboshaft set up, with 

limited performance results. Although the compressor is the more important of the two turbo components, 

as it is more easily affected by heat transfer (Nagashima et al., 2005) and low 𝑅𝑒 numbers (Philippon, 

2001) at these scales, attention must also be drawn toward the turbine, and in particular to a standalone 

turbine of 3D blade profile. A 3D blade profile is suggested as this can better guide the flow when 

compared to 2D blade profiles (Philippon, 2001), and with the enhancement of manufacturing 

capabilities, they are now feasible options. A study on a standalone turbine has the added benefit of 

purely analysing the feasibility of the turbine, thus enabling design optimisation. It can also be used to 

serve as a more accurate basis for CFD validation when compared to a fully integrated UMGT system; 

thus allowing the thermofluid dynamics of the flow to be studied more closely, as a study of the global 

flow field is experimentally challenging at UMGT scales. 

This chapter reports on an in-depth experimental study carried out on a standalone radial inflow turbine 

for a UMGT, having a 3D blade profile and a rotor diameter of only 20mm, for the very first time. A 

combination of transient and steady state testing is used across a range of flow rates and inlet 

temperatures, to determine and isolate the various losses, allowing the turbine’s performance to be 

extracted in the present study. The steady state analysis also leads to a series of dimensional and non-
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dimensional performance curves. The 3D blade-profiled radial turbine rotor is 3D printed with Ti-64, 

and to the authors knowledge, is the first of its kind at this scale. The knowledge developed through this 

work will help in the realisation of a UMGT engine for portable electronics and small scale power 

applications such as unmanned air vehicles. 

 Methodology 

A detailed experimental methodology is presented in Chapter 3.2, and only a brief overview of the 

experimental procedure is presented here. 

The experiments were conducted on several days in the month of April 2018, across three different flow 

rates of 125, 137.5 and 150 standard litres per minute (SLPM), the flow rate range being limited due to 

bearing restrictions. The inlet temperature was also varied: 23, 40, 60 and 80°C. The experiments were 

conducted in the laboratory with an average room temperature of 23°C over the entire period. Here in 

the 23°C test will also be referred to as the cold test, and the 40, 60 and 80°C tests, will be referred to as 

the hot tests. 

The experimental procedure consists of transient and steady state analyses. The transient analysis consists 

of a series of acceleration and deceleration tests; the acceleration test is used to quantify the net 

mechanical power across the flow range for the cold tests. The deceleration test is used to quantify the 

resistive power, which is conducted for the highest flow rate, across the entire temperature range. Steady 

state tests are used to quantify the electrical power; the resistive power from the deceleration test and the 

electrical power from the steady state test are then used to determine the turbine’s performance curves. 

The steady state tests are also used to present various non-dimensional plots. Further details of these test 

have been presented in Chapter 3.2.4.  

 Results and Discussion 

4.3.1 Repeatability Analysis 

Figure 4-1 is a plot of the acceleration test results across the entire flow rate range, and it is acquired for 

the cold test; here Figure 4-1a is a plot of rotational speed with respect to time and Figure 4-1b is a plot 

of the non-dimensional rotational speed with respect to non-dimensional time. The non-dimensional 

rotational speed and time are with respect to their steady state values, and these have been calculated on 

99% of the steady state value. 
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Figure 4-1 Acceleration test; (a) Rpm as a function of time, (b) Normalised rpm as a function of 

normalised time 

Figure 4-1a shows the slowest acceleration and lowest rotational speed correspond to the lowest flow 

rate of 125SLPM, followed by 137.5SLPM and then 150SLPM. The experiment was conducted 10 

different times at each flow rate, and Figure 4-1a shows that there is only a small level of scattering of 

up to 5%, and this is observed at the initial phase of the acceleration test. However, as the rotational speed 

increases there is near perfect visual mapping of the data points for the same flow rate, and therefore 

internal consistency within the data can be assumed. To further analyse Figure 4-1a appropriately, Figure 

4-1b must be investigated. 

To analyse Figure 4-1b appropriately, the non-dimensional acceleration (�̅�) has been derived from the 

second law of motion for rotation, and it is expressed in Eq. (4-2). Equation (4-1) is presented to guide 

the reader through to the derivation of Eq. (4-2). Equation (4-1) from left to right expresses: the non-

dimensional acceleration expressed in terms of the change in non-dimensional angular velocity (𝑑𝜔) 

over the change in non-dimensional time (𝑑𝑡); the non-dimensional angular velocity (𝜔) expressed in 

terms of the angular velocity (𝜔) over the angular velocity at 99% of its steady state value (𝜔𝑠𝑠); and the 

non-dimensional time (𝑡) expressed in terms of the time (𝑡) for a given angular velocity, over the time 

corresponding to an angular velocity of 99% of its steady state value (𝑡𝑠𝑠). Using Eq.(4-1), and Eq. (3-3) 

which expresses the net mechanical power from the acceleration tests, presented in Chapter 3.2.4, Eq. 

(4-2) is derived. 

 

 
�̅� =

𝑑𝜔

𝑑𝑡
, 𝜔 =

𝜔

𝜔𝑠𝑠
, 𝑡 =

𝑡

𝑡𝑠𝑠
 

(4-1) 
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The non-dimensional acceleration, expressed in Eq. (4-2) is written in  terms of the time to reach steady 

state, the steady state angular velocity, moment of inertia of the rotating parts (𝐼), turbine torque (𝑇𝑡𝑢𝑟𝑏), 

and the bearing (𝑇𝑏𝑟) and motor resistive torque (𝑇𝑚𝑟). 

 

 
𝛼 =

𝑡𝑠𝑠
𝐼𝜔𝑠𝑠

(𝑇𝑡𝑢𝑟𝑏(𝜔) − 𝑇𝑏𝑟(𝜔) − 𝑇𝑚𝑟(𝜔))  
(4-2) 

 

 

Figure 4-1b shows that there is consistency between the non-dimensional data for the three different flow 

rates, as the curves have more or less collapsed onto a single curve, with a variation of up to 15%. It is 

also noted that for the highest flow rate of 150SLPM, the non-dimensional curve sits below the other 

two, and appears to have a slightly lower gradient in the middle part of the acceleration. This can be 

explained by considering Eq. (4-2); from Figure 4-1a it can be seen that the time taken to reach the steady 

state value decreases with an increasing flow rate, while the rotational speed reached is greater, hence 

the term (𝑡𝑠𝑠/𝐼𝜔𝑠𝑠) from Eq. (4-2) reduces with an increasing flow rate as the moment of inertia is 

maintained. The governing factor for any non-mapping of data in Figure 4-1b must then be due to 

(𝑇𝑡𝑢𝑟𝑏(𝜔) − 𝑇𝑏𝑟(𝜔) − 𝑇𝑚𝑟(𝜔)). Since it was assumed that the bearing and motor resistive torques as 

outlined in Chapter 3.2.4, are functions of the rotational speed (Peirs et al., 2004) and temperature, the 

somewhat lower values of the normalised acceleration would be due to a drop in the turbine torque. This 

is possible since there was slight leakage present, and this was enhanced with increments in the flow rate. 

The deceleration of the turbine, in rotational speed as a function of time, is shown in Figure 4-2 for the 

rotor and rotor-less case. Figure 4-2a, b, c and d represent the rotor case, and Figure 4-2e, f, g and h 

represent the rotor-less case, for the 23, 40, 60 and 80°C cases respectively.  
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Figure 4-2 Deceleration test (Rpm as a function time); rotor (a) 23°C, (b) 40°C, (c) 60°C, (d) 

80°C; no rotor (e) 23°C, (f) 40°C, (g) 60°C, (h) 80°C 

 

The deceleration test was conducted 10 different times, at he highest flow rate for each temperature. 

Figure 4-2 shows there is a small level of scattering; the maximum difference of which is 5%. This 

scattering is most evident at the start of the deceleration test, and this is due to the slight variation in the 

initial rotational speed. However, all the curves do collapse on to each other as time progresses. It should 

be noted that the bearings were replaced between the cold tests and the hot tests. Therefore any 

comparisons made between these tests must account for this, as the resistance of the bearings would 

slightly differ. 

To further the analysis, Figure 4-2 is re-plotted in non-dimensional form in Figure 4-3, for the hot tests 

only. Here Figure 4-3a and b represent the rotor and rotor-less case respectively. It displays the non-

dimensional rotational speed as a function of the non-dimensional time, across the averaged value for the 

10 sets of tests from Figure 4-2. The rotational speed is non-dimensionalised by the initial rotor rotational 
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speed, when the time (𝑡 = 0). The time is non-dimensionalised by the time taken for the rotor to reach a 

stationary state. 

 

Figure 4-3 Deceleration test (Normalised rpm as a function of normalised time); (a) rotor, (b) no 

rotor 

 

To analyse Figure 4-3 appropriately, Eq. (4-3) and (4-4) have been derived for the non-dimensional 

deceleration, for the rotor and rotor-less case respectively. And this is derived similarly to Eq. (4-2), for 

the non-dimensional acceleration. Here Eq. (3-4) and (3-5), the net deceleration power for the rotor and 

rotor-less case are used in the derivation of Eq. (4-3) and (4-4), and these were presented in Chapter 

3.2.4. The non-dimensional deceleration is expressed in terms of the time to reach a stationary state (𝑡𝑠𝑡), 

the initial angular velocity (𝜔𝑖) at t = 0, the moment of inertia for the rotating parts, motor resistive 

torque, bearing resistive torque and rotor resistive torque (𝑇𝑟𝑟). The rotor resistive torque is not present 

in Eq. (4-4) as this is the rotor-less case. 

 

 
�̅� =  

𝑡𝑠𝑡
𝐼𝜔𝑖

(𝑇𝑚𝑟(𝜔) + 𝑇𝑏𝑟(𝜔) + 𝑇𝑟𝑟(𝜔)) 
(4-3) 

 

 

 
�̅� =  

𝑡𝑠𝑡
𝐼𝜔𝑖

(𝑇𝑚𝑟(𝜔) + 𝑇𝑏𝑟(𝜔)) 
(4-4) 

 

 

Figure 4-3a and b show the curves for the different temperatures have collapsed onto each other. 

However, there is slight variation observed of up to 20 and 9%, and this is more apparent in Figure 4-3a, 

for the rotor case. To further the analysis Eq. (4-3) and (4-4) must be taken into consideration. The very 
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first term (
𝑡𝑠𝑡

𝐼𝜔𝑖
) on the left hand side of Eq. (4-3) and (4-4), remains unchanged for a given temperature, 

and since the moment of inertia is maintained across all the tests, the dominance of the first term is due 

to (
𝑡𝑠𝑡

𝜔𝑖
), which is 8.91 × 10-4, 9.42 × 10-4 and 8.7 × 10-4, for the rotor case, and is 9.94 × 10-4, 9.83 × 10-

4 and 9.81 × 10-4 for the rotor-less case. The variation is less than 8.3 and 1.3%, for the rotor and rotor-

less case respectively, and can be considered relatively negligible. Attention must then be drawn to the 

remaining terms (𝑇𝑚𝑟(𝜔) + 𝑇𝑏𝑟(𝜔) + 𝑇𝑟𝑟(𝜔)) and (𝑇𝑚𝑟(𝜔) + 𝑇𝑏𝑟(𝜔)), the only uncommon factor is 

the rotor resistive torque, and thus the slight variation in the data must be attributed to this. Increments 

in temperature results in an increased viscosity of the air, thus the air resistive force on the rotor will be 

greater. Since the temperature range is too small when compared to CGTs, a trend of the air resistive 

force as a function of temperature is not immediately apparent in Figure 4-3a. However, sufficient 

variation in the data is observed to claim that the rotor resistance is a function of temperature. Also, the 

bearing and motor resistance are effected by temperature, as shown by the slight variation of data in 

Figure 4-3b, and this would be more apparent at elevated temperatures. 

The electrical power output (Pelect) as a function of the rotational speed across the different flow rates and 

temperatures is plotted in Figure 4-4, where a, b, c and d represent the 23, 40, 60 and 80°C cases 

respectively. There is a slight variation of the rotational speed at specific electrical power levels for the 

different flow rates, the largest of which is less than 10%. 
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Figure 4-4 Electrical power as a function of rpm; (a) 23°C, (b) 40°C, (c) 60°C, (d) 80°C 

 

The repeatability analysis has successfully proven the reliability of the experimental outputs, for the 

transient and steady state tests. Variation in a given data set was accounted for, with detailed theoretical 

explanations. It is therefore feasible to process the outputs of this experiment. 

4.3.2 Transient Analysis 

Figure 4-5a and b are plots of the torque and mechanical power as a function of rotational speed across 

the entire flow range, and this is for the 23°C case only. The turbine torque and power are determined 

from Eq. (3-3) and (3-5), the net mechanical power from the acceleration tests and net resistive power 

from the deceleration tests, as outlined in Chapter 3.2.4. Since Figure 4-5a shows the turbine and the 

resistive torque, the difference between them can be used to visualise the net torque. Figure 4-5b is 

interpreted similarly, where the difference between the turbine and resistive power is the net mechanical 

power. 
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Figure 4-5; Cold tests; (a) Torque as a function of rpm, (b) Mechanical power as a function of 

rpm 

 

Figure 4-5a and b show that an increase in the turbine torque and turbine power is apparent with an 

increase in flow rate. However, this would be more apparent were the flow rate range not so limited by 

bearing restrictions. Figure 4-5a shows the turbine torque curves follow the same trend across the entire 

flow range. Initially, when the rotor is just starting from its stationary state, the ‘starting’ torque is high 

and this gives the rotor system a relatively high level of initial angular acceleration. As net torque is equal 

to the product of angular acceleration and the moment of inertia of all the rotating parts, and since the 

latter remains unchanged, the trend of the net and resistive torque can then be analysed from the angular 

acceleration. The net torque is continually decreasing with the rotational speed; this is due to an increase 

in the resistive torque with rotational speed, therefore causing a decrease in the net acceleration. The total 

torque however levels off till it reaches higher rotational speeds of approximately 60,000rpm, where it 

dips down. The total torque and resistive torque curves now intersect, this region is indicative of zero 

angular acceleration, and steady state conditions are now established. 

Figure 4-5b shows the resistive power increases exponentially with rotational speed. At design point of 

the turbine the power expected is 200W. However, this was not tested, as the corresponding rotational 

speed is in the 100,000 regime, well above the capabilities of the bearings. Furthermore, inlet conditions 

required for this power output were outside the scope of the present study. 

The torque and power curves from Figure 4-5 follow similar trends to work carried out on a 10mm axial 

turbine by Piers et al. (Peirs et al., 2004), where similar performance curves were plotted. The maximum 

reported torque and power were higher, at 3Nmm and 28W, at rotational speed of approximately 

100,000rpm, than the maximum values of 2.64Nmm and 15W from Figure 4-5 obtained at a rotational 

speed of 44,000 and 60,000rpm respectively. 
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Figure 4-6 shows plots of the rotational speed as a function of time for the deceleration tests, for the rotor 

and rotor-less case, where Figure 4-6a, b, c and d represent the 23, 40, 60 and 80°C case respectively. 

The quickest stoppage time for the rotor-less case is most evident for the cold test, and this is 6 seconds, 

when compared to 6.35, 6.3 and 6.32 seconds, for the 40, 60 and 80°C case. However for the rotor case, 

the longest stoppage time of 7.75 seconds is noted for the cold test, when compared to 7.35, 7.15 and 

7.34 seconds, for the 40, 60 and 80°C case. The difference in the stoppage time of the cold test, for the 

rotor-less case, is 6% less than the slowest stoppage time. This is due to the hot test having slightly less 

bearing stiffness due to elevated temperatures, hence the viscosity of the lubricant is reduced, and 

therefore the resistance. It is also partially due to changing the bearings between the cold and hot tests, 

and therefore the resistance slightly differs. However, the first explanation is more viable. The longest 

stoppage time observed for the rotor case, is for the cold test, and this is 8% larger than the quickest 

stoppage time. And this is attributed to the increased viscosity of the air with a temperature increase, and 

therefore the hot test would have greater air resistance (rotor resistance). 

 

Figure 4-6 Deceleration test (Rpm as a function of time); (a) 23°C, (b) 40°C, (c) 60°C, (d) 80°C 

 

It is apparent from all plots in Figure 4-6, that the presence of the rotor gives a longer stoppage time, 

however this is not as apparent for the 40 and 80°C case. Theoretically, the rotor should have a shorter 

deceleration time as the effects of air resistance are present when compared to the rotor-less case, and 

this as mentioned before is increased with a rise in temperature. However, as the moment of inertia in 
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the system is reduced due to the lack of the rotor, a longer deceleration time is observed, as the air 

resistance is not as dominant. If the moment of inertia for the rotor-less system were maintained the same 

as for the system with the rotor, then a slower deceleration of the rotor-less system would have been 

expected. However, these trends are still not definitive enough to make claims, and therefore it is more 

appropriate to visualise the power loss due to the bearing and motor resistance, when compared to the 

rotor resistance. Figure 4-7 then displays a plot of the deceleration power as a function of the rotational 

speed, for the mentioned resistances, where Figure 4-7a, b, c and d represent the 23, 40, 60 and 80°C 

case. 

Figure 4-7 is derived from Eq. (3-4) and (3-5), where the rotor resistance power (𝑃𝑟𝑟) is the difference 

between Eq. (3-4) and (3-5). Here 𝑃𝑛𝑒𝑡 𝑑𝑒𝑐𝑒𝑙1 (Eq. (3-4)) and 𝑃𝑛𝑒𝑡 𝑑𝑒𝑐𝑒𝑙2 (Eq. (3-5)) represent the 

components of power present in the deceleration test for the rotor and rotor-less case respectively. 

 

 𝑃𝑛𝑒𝑡 𝑑𝑒𝑐𝑒𝑙1 − 𝑃𝑛𝑒𝑡 𝑑𝑒𝑐𝑒𝑙2 = 𝑃𝑟𝑟 (4-5) 

 

 

Figure 4-7 Deceleration power as a function of rpm; (a) 23°C, (b) 40°C, (c) 60°C, (d) 80°C 
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Figure 4-7 shows an exponential increase in resistive power, with an increase in rotational speed across 

all temperatures. Also, the rotor resistance is significantly lower than the bearing and motor resistances, 

and it accounts for up to 20% of the total resistive losses, at the highest rotational speed of 60,000rpm. 

The rotor resistance is however a function of temperature, and a resistive power increase of up to 100% 

is noted at the highest rotational speed of 60,000rpm, for the 80°C when compared to the cold test. 

Therefore it would be expected that the effects of the rotor resistance would not go unnoticed at 

conventional scale gas turbine (CGT) TITs of 1600K (Epstein et al., 1997), and therefore it cannot be 

neglected. The bearing and motor resistance appear to be reduced with an increase in temperature; this 

would be due to the reduced bearing stiffness as previously mentioned. 

4.3.3 Steady State Analysis 

The electrical power as a function of the rotational speed across the different flow rates and temperatures 

is plotted in Figure 4-8, where a, b, c and d represent the 23, 40, 60 and 80°C cases respectively. The 

electrical power curves were restricted to a rotational speed of 70,000rpm due to bearing inabilities, as 

outlined previously. 

 

Figure 4-8 Electrical power as a function of rpm; (a) 23°C, (b) 40°C, (c) 60°C, (d) 80°C 
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An increase in flow rate and temperature increase the electrical power, where the maximum theoretical 

electrical power of 6.2W is attained at a rotational speed of 42,000rpm, and the maximum experimental 

power of 5.4W is achieved at a rotational speed of 57,000rpm, for the 80°C case, at the highest flow rate 

of 150SLPM. The electrical power trends from Figure 4-8 is similar to work carried out by Piers et al. 

(Peirs et al., 2003), on a standalone UMGT axial turbine. An increase in flow rate and temperature result 

in an increased rotational speed for the maximum theoretical electrical power. However, this is not as 

apparent with an increase in temperature for a specific flow rate, as the tested temperature range is quite 

restricted due component inabilities. 

It is noticed the experimental electrical power does not track all the way through to a stationary rotational 

speed, and this is due to blade stall; blade stall occurs when the boundary layer separates from the blade, 

due to change in the relative incidence angle. Since the absolute flow angle is set by the NGV, and the 

absolute flow velocity is based on the flow rate, a change in the rotational speed will cause a change in 

the relative inlet velocity and incidence angle. It is noted from Figure 4-8, blade stall is a function of the 

flow rate, with higher flow rates resulting in blade stall at higher rotational speeds. For the 80°C case 

blade stall occurs at a rotational speed of 57,000 and 49,500rpm, for the 150 and 125SLPM flow rate 

respectively. And this is due to the higher flow rates having a greater deviation in the relative incidence 

angle, for a similar rotational speed. 

Figure 4-9 is a plot of the turbine power curves as a function of rotational speed across the different flow 

rates from the steady state analysis, where Figure 4-9a, b, c, d represents the 23, 40, 60 and 80°C cases 

respectively. The turbine power is acquired from Eq. (3-6), as shown in Chapter 3.2.4. 



69 

 

 

Figure 4-9 Turbine power as a function of rpm; (a) 23°C, (b) 40°C, (c) 60°C, (d) 80°C 

 

As expected, Figure 4-9 shows an increase in power with an increment in flow rate and rotational speed. 

Due to the limitations on the bearing operation, the rotational speed of the system during testing was 

restricted to 70,000rpm. The tests were therefore not able to capture the final part of the power curve as 

maximum power was not reached, and which is then expected at a higher rotational speed. However, the 

trends followed by these curves are similar to work carried out by Piers et al. (Peirs et al., 2004). 

Although an increase in temperature corresponds to an increase in power when compared to the cold test, 

there seems to be no increase in power for a specific flow rate and rotational speed across the 40, 60 and 

80°C cases. Although the maximum experimental electrical power of 5.4W from Figure 4-8 is attained 

for the 80°C case for the highest flow rate, this is not as apparent for the maximum turbine power from 

Figure 4-9. A maximum turbine power of 15, 18.3, 16.5 and 16.8W is attained from the cold to hot tests, 

at the maximum rotational speed for the highest flow rate. Since the energy lost per unit time by the fluid 

is proportional to the mass flow rate and the change in enthalpy (Dixon & Hall, 2013), and since the inlet 

enthalpy increases with temperature increments, a change in power must then be attributed to the mass 

flow rate. Since the volumetric flow rate is held constant, an increase in temperature results in a decreased 
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mass flow rate. The power curves for the hot tests, across all flow rates, are therefore not as high as they 

theoretically could have been if the mass flow rate were maintained. A maximum power of 19.2, 18.4 

and 19.8W would have then been expected were the mass flow rate of the cold test kept, for the 40, 60 

and 80°C cases. Also, were the mass flow rate maintained, a sizeable increase in power with temperature 

increments is still not apparent, with the 40°C case having a greater turbine power when compared to the 

60°C case. This could then be due to the effects of heat loss, which are enhanced at UMGT scales 

(Nagashima et al., 2005).  

Figure 4-10 is the overall efficiency of the turbine as defined in (3-10), and it is represented as a function 

of the specific speed (𝑁𝑠), defined in Eq. (3-9). Here Figure 4-10a, b, c, d represents the 23, 40, 60 and 

80°C cases respectively. 

 

Figure 4-10 Efficiency as a function of specific speed; (a) 23°C, (b) 40°C, (c) 60°C, (d) 80°C 

 

From Figure 4-10, an increase in the overall efficiency is noted with a decrease in the specific speed and 

with an increase in the temperature and flow rate; this is due to the turbine approaching its input design 

conditions. A maximum efficiency of 28% is attained at a 𝑁𝑠 of 0.39, for the 80°C case at the highest 

flow rate of 150 SLPM, and this is 8% larger than the tests carried out on an axial turbine by Piers et al. 
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(Peirs et al., 2003). Figure 4-10 has therefore successfully proven the feasibility of a turbine at UMGT 

scales, where Brayton cycle efficiencies between 10 – 20% are considered to have 4 – 8 times more 

specific energy than Lithium-ion batteries (Mehra, 1997). However, the effects of heat loss would be 

expected to be severe, were the actual design input conditions provided, and therefore thermal isolation 

at these scales must be studied. 

In Figure 4-11, the pressure ratios are plotted as a function of the rotational speed for all the temperature 

cases; here the pressure ratio is the ratio of the total inlet pressure to exit static pressure as shown in Eq. 

(3-7).  

 

Figure 4-11 Pressure ratio as function of rpm; (a) 23°C, (b) 40°C, (c) 60°C, (d) 80°C 

 

An increase in the pressure ratio is observed with an increase in the flow rate, rotational speed and 

temperature. The largest pressure ratio of 1.08 is observed for the 80°C case at a rotational speed of 

69,500rpm, for the highest flow rate of 150SLPM. The increase in the pressure ratio is not as apparent 

with an increase in temperature, when compared to an increase in the flow rate and rotational speed, and 

this as previously mentioned is due to the reduced mass flow rates at the higher temperatures, for a given 
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volumetric flow rate. The trends followed are as expected (Peirs et al., 2008)however the pressure ratio 

range is fairly limited due to bearing restrictions. 

4.3.4 Uncertainty analysis 

The uncertainties reported in this section outline the standard uncertainty of the instrumentation and of 

the other derived variables, as explained in Chapter 3.2.5. Table 4-1 outlines the uncertainties associated 

with the instrumentation, and Table 4-2 outlines the maximum uncertainty for the pressure ratio, specific 

speed, and efficiency. 

Table 4-1 Measuring instrument, Accuracy, Range and Uncertainty 

Instrument Accuracy Range Standard uncertainty 

Flow controller ±1% 0 – 500SLPM 1.25SLPM 

Pressure transducer ±0.0006bar 0 – 2.1bar 0.0008bar 

Thermocouple (k-

type) 

0.35°C -40 – 750°C 0.2°C 

DC load 0.1% 0 – 100W 0.02W 

 

Table 4-2 Non-dimensional uncertainties 

Variable Uncertainty 

Pressure ratio 0.0008bar 

Specific speed 0.01 

Efficiency 0.5% 

 

 Chapter Summary 

This study investigated the feasibility of a UMGT turbine over three distinct flow rates of 125, 137.5 and 

150SLPM, and four different inlet temperatures of 23 (cold test), 40, 60 and 80°C. Through the measured 

outputs of inlet static pressure, inlet temperature, outlet temperature, and outlet static pressure, 

dimensional and non-dimensional performance plots were established. The major novelty of this study 

is the feasibility of a 20mm (rotor diameter) UMGT turbine with a 3D blade profile is successfully 

demonstrated for the first time, manufactured via 3D printing. 

Repeatability tests showed a high level of internal consistency within the data sets across the different 

flow rates and temperatures for the acceleration and deceleration tests, and here the maximum reported 

deviation was less than 5%. Repeatability tests for the steady state analysis showed a slight level of 

scattering for the electrical power as a function of the rotational speed, where the maximum scatter was 
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less than 10%. A non-dimensional plot of the acceleration test for the cold test showed good collapsing 

of data points across the entire flow range. However a slight drop in gradient was observed at the highest 

flow rate of 150SLPM; this was attributed to the presence of slight leakage. A non-dimensional plot of 

the deceleration test for the 40, 60 and 80°C cases showed good collapsing of the data points for the rotor 

and rotor-less case, however there was slight variation in the data points for the rotor case. And this 

variation was attributed to the increase in the viscosity of the air with temperature.  

Performance curves from the cold test’s transient analysis showed a maximum mechanical torque and 

power of 2.64Nmm and 15W, at a rotational speed of 44,000 and 60,000rpm, for the highest flow rate of 

150SLPM. Transient tests also helped determine the losses in power due to the bearing, motor and rotor 

resistance, which were then used to quantify the turbine power from the steady state tests. 

The resistive power, quantified from the deceleration tests, showed an exponential increase with 

rotational speed. The motor and bearing resistance and rotor resistance are both functions of temperature, 

where a 100% increase in the rotor resistance was observed for the 80°C case when compared to the cold 

test, at the highest rotational speed of 60,000rpm. Also, the rotor resistance is significantly lower than 

the bearing and motor resistances, and it accounts for up to 20% of the total resistive losses, at the highest 

rotational speed of 60,000rpm. 

From the steady state tests, a maximum experimental electrical power of 5.4W was achieved at a 

rotational speed of 57,000rpm, and a maximum theoretical electrical power of 6.2W was attained at a 

rotational speed of 42,000rpm, for the highest flow rate and temperature case of 150SLPM and 80°C 

respectively. 

A maximum turbine power of 15, 18.3, 16.5 and 16.8W was attained at a rotational speed of 

approximately 70,000rpm, for the highest flow rate of 150SLPM, for the 23, 40, 60 and 80°C case 

respectively. Increase in temperature did not show a sizeable increase in power for a given volumetric 

flow rate, as the mass flow rate decreased with an increase in temperature. Were the mass flow rate 

maintained to that of the cold test, for the 150SLPM flow rate, a maximum turbine power of 19.2, 18.4 

and 19.8W, would have been expected for the 40, 60 and 80°C case respectively.  

Non-dimensional performance plots of the overall efficiency as a function of 𝑁𝑠, showed an efficiency 

as high as 28% at a 𝑁𝑠 of 0.39, for the 80°C case at the highest flow rate of 150 SLPM; and has therefore 

proven the feasibility of a UMGT turbine. 
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Chapter 5                                                

Numerical Fluid Dynamics Study of a 

UMGT 
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 Introduction 

The previous Chapter 4 presented an in-depth experimental investigation of a standalone ultra-micro 

scale gas turbine (UMGT), where a transient and steady state analysis was used to demonstrate the 

feasibility of a 20mm UMGT turbine. A maximum mechanical torque and power of 2.64Nmm and 15W 

were attained at a rotational speed of 44,000 and 60,000rpm, and this was for the cold (23°C) tests. A 

maximum electrical power and overall efficiency of 5.4W and 28% was attained at a rotational speed of 

57,000rpm, for the highest inlet flow rate and turbine inlet temperature (TIT) of 150 standard litres per 

minute (SLPM) and 80°C respectively. This chapter then utilises the results of Chapter 4 to validate the 

CFD procedure, it further aims to extend the study in Chapter 4 through a numerical analysis, focusing 

on the thermofluid dynamics through the turbine. 

Scaling down of a conventional scale gas turbine (CGT) to a UMGT has its major advantage in its 

increased power to weight ratio as shown in Chapter 2, where a 1000 fold increase in the power to weight 

ratio is then expected at UMGT scales when compared to CGTs. However, scaling down has other 

challenges associated that are yet to be investigated to optimise the potential of a UMGT. Since the 

thermodynamic properties are unchanged within the two gas turbine (GT) classes, similar TIT 1300 – 

1700K and pressure ratios 2 – 4 can be assumed (Epstein et al., 1997). However, the millimetre length 

scale implies that the non-dimensional properties, such as blade speed coefficients and Reynolds (𝑅𝑒) 

number, are not held constant. Due to reduced mass flow rates to achieve similar pressure ratios, high 

peripheral velocities imply high blade speed Mach numbers, and therefore higher sonic losses (Epstein 

et al., 2000). Lower 𝑅𝑒 numbers, due to aerofoil chords in the millimetre range, suggest flow within the 

laminar/transitional regime. The effects of the low 𝑅𝑒 numbers should therefore enhance viscous losses 

(Mehra, 1997). The increased surface area to volume ratio indicates a higher rate of heat transfer, and 

enhanced heat transfer can significantly alter the performance of the UMGT (Nagashima et al., 2005), 

therefore resulting in off-design operation. 

Several numerical studies have been carried out on the UMGT, as shown in Chapter 2. Outlined over the 

subsequent paragraphs are brief but concise summaries of the studies carried on a UMGT turbine. 

A numerical analysis was carried out by Mehra (Mehra, 1997) from Massachusetts Institute of 

Technology (MIT), on their baseline UMGT turbine, where the blades are of 2 dimensional (2D) profile. 

Tests were carried out at a TIT of 600K and a rotational speed of 2.4 × 106rpm, and the corresponding 

rotor and stator 𝑅𝑒 numbers were 3.66 × 103 and 2.45 × 104. Results for the turbine showed the influence 

of the end walls is less prominent than in the compressor, as the boundary layers are relatively thin due 

to the accelerating nature of the flow, and therefore the flow remains relatively 2D in nature. A turbine 

efficiency of 74% was attained (Mehra, 1997). 
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A numerical investigation was also carried out by Philipon (Philippon, 2001) from MIT on the H2 demo 

engine. The H2 demo engine is a micro-electrical mechanical systems (MEMS) based turbocharger, and 

does not contain electrical machinery. The H2 demo engine spawned from MITs (Epstein, 2003) baseline 

design, the “shirt button size gas turbine,” however the parameters of this engine were too extravagant 

for manufacturing capabilities at the time, and were therefore relaxed, and thus the H2 demo engine was 

proposed. It has a 6mm rotor diameter, and a rotational design speed of 1.2 × 106rpm, with 2D micro 

fabricated blade profiles (Philippon, 2001). Results showed the nozzle guide vanes (NGV) end walls 

resulted in 2/3 of the viscous losses within the NGV, and it was claimed that these could be 10 times 

greater when compared to CGTs. The 2D blade profile of the rotor seems to be the most significant factor 

inhibiting the rotor performance, where sharp right angle turns result in boundary layer separation. This 

then results in recirculation of flow, causing flow blockage and reducing the effective flow area by up to 

30%. The turbine was reported to have an efficiency of 29%, as it was not matched to the baseline 

compressor. However, the turbine outlet area was increased to reduce the exit losses, and a gain in 

efficiency of 20% was obtained. 

A study carried out by Capata et al. (Capata & Sciubba, 2015) from the University of Roma, showed a 

drop in efficiency of up to 18% could be encountered between 2D and 3D blade profile turbo components. 

Another numerical analysis (Capata & Sciubba, 2007) was also carried out on the feasibility of a UMGT 

turbine with a 2D blade profile and a rotor diameter of 10mm, a TIT of 1600K and a pressure ratio of 2. 

The 𝑅𝑒 numbers of the stator and rotor were 4.6 × 103 and 1.5 × 103. An efficiency of 79.9% was 

attained, which was claimed to be higher than previous studies (Mehra, 1997), and therefore the effects 

of the low 𝑅𝑒 numbers were pronounced as not as important. 

A numerical investigation was carried out Nagashima and Teramoto et al. (Nagashima et al., 2005) on 

2D radial turbines for palmtop gas turbines. An investigation on a 40mm rotor diameter turbine showed 

that 46% of the loss occurred in the exducer region and 25% in the nozzle wake, and a large portion of 

the exit kinetic energy was unrecovered. The exducer losses were attributed to the abrupt 90° turn in the 

exducer region, and therefore the fluid is unable to be guided by the blade. Results showed a 15% 

decrease in the adiabatic efficiency for a tip clearance of 10% of the blade height. The study was extended 

to UMGT scales where the rotor diameter was 4mm, and the clearance heights were reduced to 2% of 

the blade height for both scales. The relative velocity vectors in the middle of the 2% clearance height 

showed the flow travelled directly across from the pressure to the suction side for the palmtop gas turbine. 

However, for the UMGT, the scraping flow blocked the tip-cleared flow to the forward half of the rotor. 

Scraping flow occurs due to stagnant bodies of fluid being dragged across from the suction to the pressure 

side due to relative motion between the rotor and the shroud casing, thus preventing tip-cleared flow. It 

was therefore claimed to redesign the blade profile so that the loading is shifted to the forward half of the 

blade, where the effects of scraping flow are most pronounced (Nagashima et al., 2005). 
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The effects of tip clearance was numerically investigated for the Ishikawajima-Harima Heavy Industries 

(IHI) baseline compressor as well (Isomura et al., 2006), and here the rotor diameter was 10mm, with a 

3D blade profile. The tip-cleared height varied from 50-110µm, and a linear drop in efficiency was 

observed with increments in tip clearance. 

A numerical investigation was carried out by Onishi et al. (Onishi et al., 2005) on the performance of a 

UMGT turbine with 2D blade profile, where the turbine had an 8mm diameter rotor and a TIT of 1367K. 

The model investigated was based on MITs baseline model, but geometrically scaled up by a factor of 2. 

The objective of the study was to understand the thermofluid dynamics of the flow. A 921K isothermal 

wall boundary condition was imposed to study the effects of heat transfer. The total heat loss was 

quantified to be 33.8% of the non-dimensional power developed, and a turbine efficiency of 76.2% was 

attained for the adiabatic case. 

It is apparent that a significant amount of work has already been carried out numerically on a UMGT 

turbine. However, there are still a lot of research gaps yet to be investigated, as pointed out in Chapter 

2.3. From the literature, it is clear the thermofluid dynamics have not yet been examined on 3D blade 

profiles for UMGT turbines, and the effects of heat transfer are unclear as well through 3D blade profiled 

turbines. The current chapter then aims to study the thermofluid dynamics through a 3D blade-profiled 

UMGT turbine, while being subjected to an adiabatic and then an isothermal wall boundary condition. 

The boundary conditions are chosen so as to provide a realistic approach at UMGT scales, whereby an 

adiabatic condition is computed as a relative upper limit to compare the performance of the actual 

isothermal condition, due to the prominence of heat loss in UMGTs.  

The study is broken down into three main categories; NGV, rotor, and performance curves. The NGV 

and rotor sections investigate the velocity, temperature, and entropy profiles at design point and extreme 

off-design conditions for the two boundary conditions previously mentioned. This is then followed by 

the power curves, which present non-dimensional plots of the efficiency for the respective cases. The 

novelty in this work is not only the study of the thermofluid dynamics through a 3D blade-profiled UMGT 

turbine, but also the revelation of flow behaviour at extreme off-design conditions. Furthermore, the non-

dimensional curves present an efficiency breakdown of flow through each of the turbo components over 

a range of 𝑁𝑠. This data can then be used to provide any UMGT designer with an initial approximation 

of component efficiencies for UMGT turbines. 

 Methodology 

This section briefly outlines the CFD boundary conditions for the study, and it  concluded with a CFD 

validation. It should be noted that the design procedure, detailed CFD methodology, and details of the 

geometry have already been presented in Chapter 3. 
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5.2.1 CFD Methodology 

The CFD methodology in this numerical analysis is outlined in Chapter 3.3. However, since the effects 

of heat transfer have also been studied here, an isothermal wall boundary was also imposed for the non-

adiabatic condition. The isothermal boundary condition was imposed similarly to work conducted by 

other research groups (D’souza & Sharma, 2017; J. Seo, Choi, Park, Park, & Kim, 2011). In this study, 

an isothermal wall boundary condition of 325K was imposed on the entire volute outer housing, NGV, 

and rotor shroud. Table 5-1 below outlines the CFD boundary conditions for the turbine at design point. 

Table 5-1 CFD boundary conditions 

Parameter Value 

Inlet total temperature 400K 

Exit static pressure 101.34kPa 

Mass flow rate 0.006kg/s 

Rpm 200,000 

 

A grid independence study was carried out to ensure the quality of the mesh, and this was conducted over 

three different grid resolutions, for the adiabatic case only. Table 5-2 presents the results of the power 

discretisation error, and this was carried out using the Richardson extrapolation technique, to the 

American Society of Mechanical Engineers (ASME) Journal of Fluids Engineering standards (I. B. Celik, 

Ghia, & Roache, 2008). 
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Table 5-2 Power discretisation error 

Parameter Value 

N1 1,020,631 

N2 1,785,713 

N3 2,465,878 

r21 1.55 

r32 1.55 

∅1 198.56W 

∅2 198.73W 

∅3 199.94W 

p 4.71 

∅ext
21

 198.54W 

𝑒a
21

 0.08% 

𝑒ext
21

 0.01% 

𝐺𝐶𝐼fine21 0.02% 

∅ext
32

 198.56W 

𝑒a
32

 0.61% 

𝑒ext
32

 0.09% 

𝐺𝐶𝐼fine32 0.11% 

 

A 𝐺𝐶𝐼fine
32 index of 0.11% is noted between the second and third grid resolution, and since the third grid 

resolution is chosen for this study, the numerical uncertainty on the power can be considered to have a 

negligible effect. Also, a y+ value for the selected grid is approximately 1 for the NGV and rotor, as this 

is important to visualise the boundary flow (ANSYS, 2013). 

To further the grid independent study from Table 5-2, Figure 5-1 is presented. Figure 5-1 shows the 

variation of important variables, as a function of the grid resolution. Here Figure 5-1 a, b, c and d 

represent the NGV velocity, rotor velocity, specific speed (𝑁𝑠) and power. This study is conducted over 

four grid resolutions, and the highest 3 grids are the same as from the previous study shown in Table 5-2. 
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Figure 5-1 Grid independent study; (a) NGV velocity, (b) rotor absolute velocity, (c) specific 

speed, (d) power 

 

Figure 5-1 shows the most significant variation in the mentioned variables is evident at the lowest grid 

resolution of 478,253 elements. The largest variation here is 18% when compared to the second grid 

resolution (957,347 elements), for the rotor inlet velocity. There appears to be a slight variation between 

the three highest resolutions, however it appears to be insignificant. Since the highest grid resolution of 

2,349,960 is chosen for this study, it is only fitting to quantify its deviation with respect to the second 

highest grid resolution of 1,693,210. A difference as large as 2.2% is attained, and this is for the specific 

speed plot from Figure 5-1c. 

5.2.2 CFD Validation 

The CFD procedure outlined in Chapter 3.3 has been used by several turbomachinery researchers 

(D’souza & Sharma, 2017; J. Seo et al., 2011). The CFD methodology was also previously validated 

against the Korean Institute of Machinery and Materials (KIMM) UMGT turbine (J. Seo et al., 2011), 

where the author recreated KIMMs UMGT turbine (D’souza & Sharma, 2017). An error of less than 2% 

was observed in the turbine power output. Since the present numerical study is based on the experimental 

turbine from Chapter 4, a direct validation between the two procedures is also shown in Figure 5-2, 

Figure 5-3 and Table 5-3. 
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Figure 5-2 shows the turbine power as a function of the rotational speed, from the experimental and 

numerical analysis. The experimental turbine power is attained from the transient set of tests, for the cold 

case across the entire flow rate range, and this was previously shown in Chapter 4.3.2. Here Figure 5-2 

a, b and c represent the respective flowrates of 125, 137.5 and 150SLPM. 

 

 

Figure 5-2 CFD validation (Turbine power as a function of rpm (cold tests)); (a) 125SLPM, (b) 

137.5SLPM, (c) 150SLPM 

 

From Figure 5-2, an immediate collapsing of data points is visualised. However, this seems to reduce 

with increments in the flow rate, where the experimental turbine power curve for the highest flow rate of 

150SLPM sits slightly below the corresponding CFD curve. A difference as high as 10% is noted here 

between the two analysis. This as previously mentioned in Chapter 4.3.1 is attributed to the slight leakage 

loss, which was enhanced at higher flow rates. 

Figure 5-3 is plotted to further the previous analysis, here the pressure ratio (inlet stagnation to outlet 

pressure, as defined in Eq. (3-7)) is plotted as a function of the rotational speed, for the respective flow 

rates and temperatures. Here Figure 5-3 a, b, c and d represent the 23 (cold test), 40, 60 and 80°C tests. 
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Figure 5-3 CFD validation (Pressure ratio as function of rpm); (a) 23°C, (b) 40°C, (c) 60°C, (d) 

80°C 

 

There appears to be a significant variation in the data sets from the experimental and CFD analysis from 

Figure 5-3, with the experimental outputs having lower pressure ratios for a given rotational speed. On 

the contrary, however, with an increase in temperature this variation seems to decrease, and the least 

variation is therefore observed for the 80°C test. This is as mentioned before is due to the slight leakage 

present in the experimental analysis, and this was naturally enhanced with increments in the flow rate. 

Since the volumetric flow rate is held constant, the mass flow rate reduced with temperature increments. 

A mass flow rate of 0.0032 and 0.0027kg/s was noted for the 23 and 80°C cases respectively, at the 

highest flow rate of 150SLPM, and therefore a greater deviation with the numerical data is observed for 

the cold test (Figure 5-3a). 
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Table 5-3 CFD validation: Pressure ratio as function of rpm for a given flow rate; maximum% 

difference 

Temperature 

Flow rate 

23°C 40°C 60°C 80°C 

125SLPM 1.3% 1% 0.4% 0.3% 

137.5SLPM 1.3% 1.2% 0.7% 0.1% 

150SLPM 1.8% 1.5% 0.8% 0.3% 

 

Table 5-3 quantifies the difference between the two procedures from Figure 5-3, and over here only the 

largest percentage difference is shown. As mentioned before the maximum deviation between the two 

sets of data is then most evident in the 23°C case, and this is quantified to be less than 2%. 

A strong correlation is noted between the experimental findings and the numerical results, with a similar 

correlation of trends, to collapsing of data points. A percentage difference as high as 10% was observed 

for the turbine power curves, and this was attributed to a slight leakage of flow, evident at increased flow 

rates. The CFD methodology is therefore considered to be successfully validated, and the numerical 

outputs can be used to predict trends and to perform comparative analysis. 

 Results and Discussion 

5.3.1 NGV 

The velocity contours for the adiabatic and isothermal boundary conditions, are illustrated in Figure 5-4 

at the NGV mid span over a range of 𝑁𝑠. The 𝑁𝑠 is presented in Eq. (5-1), and it is written in terms of 

the angular velocity (𝜔), mass flow rate (�̇�), exit density (𝜌2) and the change in total to static isentropic 

enthalpy (∆ℎ0𝑠).  

 

 

𝑁𝑠 = 𝜔
�̇�

𝜌2

1
2
∆ℎ0𝑠

−
3
4 

(5-1) 

 

Here Figure 5-4 1 and 2 represent the adiabatic and isothermal case, and Figure 5-4 a, b and c represent 

a 𝑁𝑠 of 0.18, 0.51 and 0.62. Figure 5-4 is presented in the following manner to appropriately visualise 

the flow under design and off-design conditions, where the 𝑁𝑠 of 0.51 is the design point, and the 𝑁𝑠 of 

0.18 and 0.62, represent the two extreme ends of off-design operation. 



85 

 

From Figure 5-4, the velocity of the flow is generally decreasing with an increase in 𝑁𝑠, here the outlet 

velocity for the adiabatic and isothermal cases are; 180 and 147m/s, and 176 and 143m/s, for a 𝑁𝑠 of 0.18 

and 0.62. And this is due to a rise in the static pressure with an increase in the blade speed. At similar 𝑁𝑠, 

it is noted the mean velocity profile for the adiabatic case is of a slightly higher magnitude when 

compared to the isothermal case. And this is attributed to the heat loss resulting in an increased density, 

and therefore a reduced flow velocity to conserve the mass flow rate. This would then result in a loss in 

the overall kinetic energy of the flow, resulting in lower component efficiencies, and this is shown in 

Chapter 5.3.3. 

Also, an even acceleration of the flow is visualised through the NGV blade passage in Figure 5-4, across 

the 𝑁𝑠 range. However, there appears to be the slightest flow separation on the suction side, and this is 

just downstream of the leading edge. The flow seems to be quickly reattached further downstream 

however, as the accelerating nature of the flow dominates. It is observed that this separation point appears 

to be pushed further back with an increase in 𝑁𝑠, and this would be due to the reduced velocities, thus 

the flow is better guided through the vanes. To classify and quantify this region of separation on the 

suction side of the NGV, Figure 5-5 and Figure 5-6 are plotted. 

 

 

Figure 5-4 Velocity streamlines, NGV mid span; (1) adiabatic, (2) isothermal; (a) Ns – 0.18, (b) Ns 

– 0.51, (c) Ns – 0.62 

 

Figure 5-5 is a plot of the wall shear, turbulence kinetic energy and pressure, in the NGV streamwise 

direction, on the NGV blade mid span (suction side), at the design 𝑁𝑠 of 0.51. Here Figure 5-5a and b 
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are the x and y components of the wall shear, and Figure 5-5c and d are the turbulence kinetic energy 

profile and the pressure. 

 

Figure 5-5 Quantification of flow on the NGV blade mid span suction side in the streamwise 

direction, Ns – 0.51; (a) Wall shear X-direction, (b) Wall shear Y-direction, (c) Turbulence kinetic 

energy, (d) Pressure 

 

Based on the chord length of the NGV and average velocity through it, the flow at design point has a Re 

number of 85 × 103, for the adiabatic and isothermal conditions respectively. This would place the flow 

in the laminar/transitional regime; the separation on the suction side leading edge would therefore appear 

to be a laminar separation bubble (LSB). To help understand the direction of the flow through the NGV, 

a coordinate system is shown in Figure 5-4 2c. From Figure 5-5a and b, it is seen the wall shear reverses 

at 0.12 – 0.3 in the NGV streamwise direction, and from Figure 5-5 c and d there is a momentary increase 

in the turbulence kinetic energy profile at this point, and a plateau is observed in the pressure. The change 

in wall shear at 0.12 – 0.3 of the NGV streamwise direction would be due to the reversal of flow, the 

increase in turbulence kinetic energy would be due to the flow entering the transitional regime, and the 

plateau in pressure is observed since the properties of the flow are preserved in this region. Therefore, 

the observed flow separation in Figure 5-4 can be quantified as an LSB. However, to further the 

investigation, Figure 5-6 is also taken into consideration. 
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Figure 5-6 NGV vortex core velocity, Q-criterion – 0.001, Ns – 0.51; (1) adiabatic, (2) isothermal; 

(a) pressure side, (b) suction side 

 

Figure 5-6 is a plot of the vortex core velocity for a Q-criterion of 0.001, and here Figure 5-6 1 and 2 

represent the adiabatic and isothermal case, and Figure 5-6a and b is the NGV pressure and suction side. 

There appears to be a formation of a vortex in the LSB region, and this seems to propagate to the end 

walls. The LSB seems to impact the fluid properties of the incoming flow, and the vortex score seems to 

condense with an increased velocity downstream, due to the accelerating nature of the flow. This is 

visualised in Figure 5-5c, where the turbulence kinetic energy of the flow increases from 0.6 onwards, in 

the streamwise direction. Therefore the LSB impacts the downstream components, as this would result 

in a slight deviation of the incidence flow angle to the rotor, resulting in off-design operation. The effects 

of an isothermal wall boundary result in a slightly lower magnitude of the mean velocity as previously 

mentioned. Also, the flow through the pressure side appears to be well guided. 

Figure 5-7 shows temperature contour plots at the NGV shroud, and they are presented similarly to Figure 

5-4. 
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Figure 5-7 Temperature contour, NGV shroud; (1) adiabatic, (2) isothermal; (a) Ns – 0.18, (b) Ns 

– 0.51, (c) Ns – 0.62 

 

From Figure 5-7 an immediate change in the temperature is noted between the adiabatic and isothermal 

cases, the difference being approximately 50K. The temperature contours seem to be unaffected with a 

change in 𝑁𝑠. Although not immediately apparent, the temperature contours for the adiabatic and 

isothermal case show a reduction in temperature along the streamline, and this results in an increased 

flow velocity as shown in Figure 5-4. To further the analysis, Figure 5-8 is plotted. 

 

Figure 5-8 NGV wall heat flux in the stream wise direction (shroud) 

 



89 

 

Figure 5-8 quantifies the heat flux through the NGV at the blade surface shroud for the isothermal case 

at the design and the two extreme off-design points, on the pressure and suction sides. Initially, there is 

a steep drop in heat flux at the NGV leading edge, and this is due to the reduced velocity of the fluid at 

the NGV shroud wall, due to the no-slip condition with the blade surface. There appears to be a rather 

constant loss of heat across the blade span from 0.15 – 0.9, however there is a severe increase in the 

losses at the trailing edge, and this is more apparent on the pressure side. From Figure 5-4, the average 

velocity through the NGV is greater on the pressure side than the suction side, as the leading edge 

separation (LSB) is severely impacted by the blade and end wall boundary layers, meaning the heat 

transfer is greater on the pressure side. The increase in heat flux at the trailing edge is due to the 

accelerating nature of the flow, and due to the fluid mixing zone. There appears to be no variation in the 

heat flux for a given 𝑁𝑠. 

5.3.2 Rotor 

The velocity contours for the adiabatic and isothermal boundary conditions are illustrated in Figure 5-9 

at the rotor mid span, similarly to Figure 5-4. It should be noted the velocity contour through the rotor is 

the relative component of velocity.  

The contour plots for the adiabatic and isothermal cases appear to be very similar, however, they are 

most affected by the 𝑁𝑠, which is as expected due to the change in the incidence angle of the relative 

flow with 𝑁𝑠. At the lowest 𝑁𝑠 of 0.18, the rotational speed is 50,000rpm, and it has the highest flow 

velocity as previously mentioned. Therefore, from the inlet velocity triangles, a positive angle of 

incidence for the relative flow is observed. This results in leading edge separation of the flow on the 

suction side, and is seen as an area of reduced velocity from Figure 5-9. Although the leading edge angle 

is positive, the presence of strong pressure gradients across the blade passage causes the flow to travel 

from the pressure to suction side, resulting in severe off-design operation. The highest 𝑁𝑠 of 0.62 behaves 

differently, as the absolute velocity is reduced and the blade speed is increased; the relative angle of 

incidence is larger in the opposite direction to the absolute velocity. This then results in separation on the 

pressure side of the blade leading edge, however due to the increased static pressure gradient between 

the rotor inlet and outlet, at higher blade speeds, the results of off-design operation are not as severe. 
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Figure 5-9 Velocity contour Rotor mid span; (1) adiabatic, (2) isothermal; (a) Ns  –  0.18, (b) Ns  –  

0.51, (c) Ns  –  0.62 

 

At the design 𝑁𝑠 from Figure 5-9, the flow is well guided, shown by the rather even increase in the 

relative velocity contours through the blade passage. However, the incidence angle at the design point 

appears to be slightly large, resulting in slight leading edge separation at the pressure surface. And this 

could be due to the LSB in the NGV; therefore the global flow field would be slightly affected. 

Figure 5-10 shows the entropy contours in the streamwise direction across the NGV and rotor, for the 

adiabatic and isothermal cases, over the previously mentioned 𝑁𝑠 range. As expected, the entropy 

contours are a function of 𝑁𝑠 and the boundary conditions. The highest change in entropy is naturally 

noted at the lowest 𝑁𝑠, and this more apparent in the rotor when compared to the NGV. From theory, it 

is known that the change in entropy for an adiabatic condition is directly related to the entropy generation, 

and therefore the losses generated within a system due to the irreversibilities (Bejan, 1982). Therefore, 

the most significant losses for the rotor, and consequently the turbine should be attained at a 𝑁𝑠 of 0.18, 

and this is shown in Chapter 5.3.3. The lowest change in entropy is noted for the adiabatic case at the 

design 𝑁𝑠, and this is as expected. 
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Figure 5-10 Entropy contour in the stream wise direction; NGV (1-2), rotor (2-3) 

 

The trends followed in Figure 5-10 at design point is similar to work carried out by Onishi et al. (Onishi 

et al., 2005), for an 8mm rotor diameter UMGT turbine, details of which were presented in the 

introduction (Chapter 5.1). Where for the isothermal case, the greatest loss in entropy appeared to be at 

the NGV inlet, and this loss increased at a decreased rate through the NGV channel. And for the rotor, a 

rise in entropy was noted throughout the passage. Figure 5-10 is discussed in further detail in Chapter 

5.3.3, to understand the losses through the turbine better. 

5.3.3 Performance Curves 

Figure 5-11 is the performance curve of the turbine for the adiabatic and isothermal wall boundary 

conditions, as a function of the 𝑁𝑠. Here Figure 5-11a, b, c, d and e are the volute, NGV, rotor, residual 

kinetic energy and tip clearance losses, and Figure 5-11f is the isentropic efficiency. The losses are 

presented similarly to work carried out by Rohlik (Rohlik, 1968), where the performance curves of 

(inward flow radial) IFR turbines were analytically investigated over a range of 𝑁𝑠, for the micro scale 

gas turbine (MGT) class. And this is one of the most comprehensive analyses, if not the most 

comprehensive analysis on the losses through IFR turbines (Dixon & Hall, 2013). The loss through the 

volute, NGV and rotor are based on the loss of kinetic energy to the ideal isentropic energy, and the tip 

clearance loss is computed from a no-tip clearance case. 

From Figure 5-11a the largest losses are noted for the isothermal case, and this is 1.7 and 1.8% at the 

design 𝑁𝑠 of 0.51, for the adiabatic and isothermal case. Also, the losses reduce with an increase in 𝑁𝑠, 
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and this as mentioned before is due to the reduced velocity of the fluid; therefore it is better guided by 

the turbo component. Losses through the NGV in Figure 5-11b, follow a similar trend to Figure 5-11a. 

However, they are approximately 3 times larger, and this would be due to the prominence of the end 

walls at the NGV (Philippon, 2001). At the design point, a loss of 6.2 and 7.5% is noted for the adiabatic 

and isothermal case. From Figure 5-10 it was shown a reduction in entropy was noted through the NGV 

for the isothermal case, and a rise in entropy for the adiabatic case. This would then mean for the 

isothermal case; heat loss is composed of the viscous loss from the adiabatic case and a loss in kinetic 

energy. Therefore lower efficiencies are observed. 

The rotor loss from Figure 5-11c is at its lowest at the design point, and this is 9.5 and 10.5% for the 

adiabatic and isothermal case. This was also visualised in the velocity contours of the flow at the rotor 

mid span in Figure 5-9b, where the flow was smoothly guided through the rotor blade passage. The 

isothermal boundary condition enhances the rotor loss over almost the entire 𝑁𝑠 range, and the impacts 

of this heat loss are three fold in nature; the loss of kinetic energy within the flow, the enhancement of 

viscous losses due to the reduction in the mean flow velocity and the effects of secondary flow. Secondary 

flow arises due to a change in the relative incidence angle to the rotor, and this is as large as 15° at design 

point when compared to the adiabatic case. This is due to the reduction of the absolute flow velocity, and 

since the peripheral velocity is unchanged, a change in the relative incidence angle is observed. Similar 

trends were attained by Nagashima and Teramoto et al. (Nagashima et al., 2005) on a 2D blade profile 

turbine, which showed that isothermal wall temperatures of 700K can cause a 10° deviation in the relative 

inlet flow angle. Also, from the entropy curves in Figure 5-10, an increase in entropy was noted through 

the rotor blade passage for the isothermal case. Implying the effects of viscous loss and secondary flow, 

would be the most dominant loss sources through the rotor, for the isothermal boundary condition. 

At the lowest 𝑁𝑠 of 0.18, from Figure 5-11c, the adiabatic case has a greater loss than the isothermal case. 

This would be due to the change in the relative flow angle being closer to the design condition; however, 

as previously stated this is not the case for the rest of the 𝑁𝑠 range. Also, as stated in Figure 5-9, the 

velocity contours showed the effects of off-design operation were more pronounced for the 𝑁𝑠 of 0.18 

when compared to 0.62. And this argument is now justified where the rotor loss for the adiabatic and 

isothermal cases are 39.5 and 22.9%, and 38 and 25.3% for the 𝑁𝑠 0.18 and 0.62 respectively. 
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Figure 5-11 Performance curves as a function of specific speed; (a) Volute loss, (b) NGV loss, (c) 

Rotor loss, (d) Residual kinetic energy loss, (e) Tip clearance loss, (f) Isentropic efficiency 

 

The residual kinetic energy from Figure 5-11d is on average lower for the isothermal case, as expected 

due to the heat loss reducing the velocity of the flow. The clearance loss from Figure 5-11e shows the 

difference between the adiabatic and the isothermal case is on average 0.5%, with the adiabatic case 

being more efficient overall. However, for the highest 𝑁𝑠 of 0.62, efficiencies of -1.4 and -1.9% are 

obtained. This is attributed to the tip-cleared flow interfering with the relative flow, and thus causing 

slightly better operation. Figure 5-12 is shown to visualise this effect better. 
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Figure 5-12 Rotor vortex core velocity, Q-criterion – 0.05, Ns – 0.62; (1) adiabatic no-tip 

clearance, (2) adiabatic tip clearance 

 

Figure 5-12 is the vortex core velocity through the rotor for a Q-criterion of 0.05, at the extreme off-

design 𝑁𝑠 of 0.62. Here Figure 5-12a and b represent the no-tip clearance and tip clearance case, for the 

adiabatic wall boundary condition. It is seen the vortices created at the rotor shroud are far greater for the 

no-tip clearance case, and this seems to be greater on the suction side shroud. This would be due to the 

flow traveling from the pressure to suction side across the blade passage, and combining with the main 

flow; thus forming regions of secondary flow at the rotor suction side shroud. 

Figure 5-11f shows the isentropic efficiency of the adiabatic case is of a slightly higher magnitude. This 

is as expected and it is attributed to three previously mentioned loss sources. An increase in the difference 

between the efficiency of the two cases is noted with an increase in 𝑁𝑠, from 0.4 to 3%, for a 𝑁𝑠 of 0.18 

and 0.62 respectively. At the design 𝑁𝑠 of 0.51, an efficiency of 76 and 74% is noted for the adiabatic 

and isothermal case respectively. Although this 2% difference is not significant, were parameters of the 

turbine not relaxed for experimental feasibility this would have been expected to be an order of magnitude 

higher. Work carried out by Isomura et al. (Isomura et al., 2001) on a UMGT compressor showed the 

effects of heat transfer for a 1500K isothermal wall boundary condition can cause a drop in efficiency of 

up to 45% when compared to the adiabatic case. Although it is incorrect to compare the compressor to 

the turbine, similar trends in the efficiency should be observed. 

 Chapter Summary 

The present chapter studied the effects of an isothermal wall boundary condition on the thermofluid 

dynamics through a UMGT turbine with a 3D blade profile. And this was carried out at design and off-

design conditions. An adiabatic case was also investigated; this served as a reference for the isothermal 

case, such that the losses brought upon due to heat transfer could be examined. 
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Velocity streamlines of the NGV showed a decrease in velocity with an increase in 𝑁𝑠 for a given mass 

flow rate, and this is due to the higher static pressures at increased 𝑁𝑠. Slight variance between the 

contours for the adiabatic and isothermal case was visually apparent, with the isothermal case having 

lower average velocities. This was attributed to the decreased temperature of the flow, resulting in a 

reduced density, and therefore a corresponding reduction in velocity to conserve the mass.  

The formation of an LSB was noticed at the NGV, on the leading edge suction side. The LSB spanned 

from 0.12 - 0.3% in the NGV streamwise direction, and this was quantified through plots of wall shear 

stress, turbulence kinetic energy and pressure. Temperature contours of the NGV shroud showed 

variations between the adiabatic and isothermal cases, but this seems to be unaffected with a change in 

𝑁𝑠. The heat flux at the NGV shroud wall showed a greater average heat flux on the NGV pressure side. 

This was due to the LSB on the suction side severely impeding the incoming flow velocity, and therefore 

reducing the rate of convective heat transfer. The heat flux appeared to be greatest at the NGV trailing 

edge, and this is due to the fluid mixing region and the accelerating nature of the flow. 

Relative velocity contours through the rotor were not significantly affected by the different boundary 

conditions; the major variation was noted with a change in the 𝑁𝑠. The lower end of the 𝑁𝑠 range of 0.18 

showed a positive incident angle of the relative flow, whereas the higher end of 0.62 showed negative 

angles of incidence. Both of these led to off-design operation, through separation of flow from the suction 

side and pressure side leading edge respectively. 

Performance curves showed the isothermal case had the highest loss sources as a function of 𝑁𝑠. And 

these were 1.7 and 1.8%, 6.2 and 7.5%, 9.5 and 10.5%, 5.2 and 5%, and 2.4 and 2.6%, for the volute, 

NGV, rotor, residual kinetic energy and tip clearance loss, at the design 𝑁𝑠 of 0.51. An isentropic 

efficiency of 76 and 74% was noted for the adiabatic and isothermal case, and this difference increased 

as a function of 𝑁𝑠. The effects of heat loss would be expected to be far greater were the parameters of 

the turbine not relaxed for experimental feasibility. 

Heat losses were classified to be 3 fold in nature; the loss of kinetic energy within the flow, the 

enhancement of viscous losses due to the reduction in the mean flow velocity and the enhancement of 

secondary flow, due to a change in the relative incidence angle to the rotor. 
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Chapter 6                                               

Further Numerical Study of sizing 

scaling effect 
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 Introduction 

The current chapter is an extension of Chapter 5, where the thermofluid dynamics were numerically 

investigated across a 3 dimensional (3D) blade profiled ultra-micro scale gas turbine (UMGT) turbine, 

over a range of design and off-design conditions, for an adiabatic and an isothermal wall boundary 

condition. Results showed the effects of heat transfer caused a reduction in the isentropic efficiency by 

2% when compared to the adiabatic case, at the design specific speed (𝑁𝑠) of 0.51. The effects of an 

isothermal wall boundary condition proved to have a negative impact on the performance of the turbine, 

and this was mainly due to a heat loss resulting in a loss in the kinetic energy of the fluid, and a change 

in the relative incidence angle to the rotor, which resulted in off-design operation. 

However, as previously noted, the parameters of the numerically investigated UMGT turbine in Chapter 

5, such as the pressure ratio and turbine inlet temperature (TIT), were relaxed due to experimental 

feasibility. The current chapter therefore numerically investigates the flow through a UMGT turbine with 

3D profiled blades, where parameters of conventional scale gas turbines (CGT) are imposed. It also 

furthers the study by analysing the flow behaviour across two different gas turbine (GT) classes; a UMGT 

from a power range of 1 – 1000W (Epstein et al., 2000), and a micro scale gas turbine (MGT) from a 

power range of 1 – 500kW (Pilavachi, 2002). 

A reference turbine of known dimensions was selected as the starting point of this study. This was a 

20kW turbine designed by Khader (Khader, 2014) from City University London, and it was designed for 

a 5kWe micro gas turbine as part of a project funded by the European Commission called OMSoP 

(Optimised Micro turbine Solar Power system). 

In the present study, the author recreates the reference turbine, after which it is numerically validated 

against the reference turbine (Khader’s (Khader, 2014)). The reference turbine is then scaled at design 

point through dimensional analysis, where geometric and dynamic similarity (Dixon & Hall, 2013) are 

maintained. Four turbines are investigated in this study: a 250W, 1kW, 20kW reference turbine and a 

100kW turbine. 

The study is broken down into four main categories: volute, nozzle guide vanes (NGV), rotor, and 

performance curves. The volute, NGV and rotor investigate the component efficiencies, and these are 

expressed in non-dimensional terms, at the design rotational speed and over a range of off-design 

rotational speeds. The NGV also examines velocity contours, non-dimensional velocity profiles and other 

various dimensional and non-dimensional parameters, to further aid with the understanding of the loss 

sources. The performance curves present plots of the efficiency of the turbine, thus giving an overview 

of the effects of scaling. The novelties in the present work lie in the quantification, classification, and 

investigation of the loss break down structure brought upon by scaling a MGT to a UMGT, of 3D blade 
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profile, at design point and off-design operation. The data gathered from this study can then be used to 

determine the feasibility of a UMGT, and thus pave the way for design optimisation. 

 Methodology 

The methodology is deconstructed in three parts: the scaling procedure, numerical methodology and the 

essential equations used to analyse the flow. The scaling procedure outlines the fundamental scaling laws 

for a turbomachine, followed by the geometrical and dynamic parameters for each of the tested turbines. 

The numerical methodology describes the details of the CFD model and boundary conditions, as well as 

the mesh sensitivity analysis that was carried out. The equations express the important non-dimensional 

equations used to examine the flow. 

6.2.1 Scaling Procedure 

Dimensional analysis is used to scale the turbine accurately (Dixon & Hall, 2013), and here complete 

geometrical and dynamic similarity must be achieved (Shirley, 1998; Van den Braembussche, 2005). 

Geometric similarity is achieved through scaling the geometry proportionally, whereas dynamic 

similarity is achieved when all fluid velocities at corresponding points within the machine are in the same 

direction and proportional to the blade speed, i.e. similar inlet and exit velocity triangles (Aungier, 2006; 

Dixon & Hall, 2013).  

Equation (6-1) is an expression of dimensional analysis for a turbomachine with compressible flows 

(Dixon & Hall, 2013). Here the independent variables on the right are: dynamic viscosity (𝜇), angular 

velocity (𝜔), rotor diameter (𝐷), mass flow rate (�̇�), inlet stagnation density (𝜌01), inlet stagnation speed 

of sound (𝑎01) and specific heat ratio (𝛾). The dependent variables on the left are: change in total to static 

isentropic enthalpy (∆ℎ𝑜𝑠), efficiency (𝜂) and turbine power output (𝑃). 

 

 ∆ℎ𝑜𝑠, 𝜂, 𝑃 = 𝑓(𝜇, 𝜔, 𝐷, �̇�, 𝜌01, 𝑎01, 𝛾) (6-1) 

 

Equation (6-1) is expressed non-dimensionally in Eq. (6-2) (Dixon & Hall, 2013). Here the non-

dimensional terms on the right are: mass flow coefficient (�̂�), Reynolds (𝑅𝑒) number and blade Mach 

number (
𝜔𝐷 

𝑎01
). The non-dimensional terms on the left are: isentropic energy coefficient (

∆ℎ𝑜𝑠

𝑎01
2 ), followed 

by the efficiency, power coefficient (�̂�) and mass flow coefficient (�̂�). 

 

 ∆ℎ𝑜𝑠

𝑎01
2 , 𝜂,

𝑃

𝜌01𝑎01
3 𝐷2

=  𝑓(
�̇�

𝜌01𝑎01𝐷2
,
𝜌01𝑎01𝐷

𝜇
,
𝜔𝐷 

𝑎01
, 𝛾)  

(6-2) 
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Equation (6-2) does not explicitly aid with the similitude analysis as variables such as density and sonic 

velocity cannot be measured directly. It is therefore more beneficial to represent these variables in 

dimensionless groups such that they can be directly measured from experiments, and this is expressed in 

Eq. (6-3) (Dixon & Hall, 2013). And this is representative of a machine handling a perfect gas. 

 

 𝑝01

𝑝02
, 𝜂,

∆𝑇𝑜

𝑇01
=  𝑓(

�̇�√𝛾𝑅𝑇01

𝑝01𝐷2
, 𝑅𝑒,

𝜔𝐷 

√𝛾𝑅𝑇01

, 𝛾)  
(6-3) 

 

Equation (6-3) expresses the dimensionless groups in terms of the inlet and exit stagnation temperatures 

and pressures. Here the non-dimensional terms on the left are: the pressure ratio (
𝑝01

𝑝02
), efficiency and the 

ratio of the change in inlet to exit stagnation temperature over the inlet stagnation temperature (
∆𝑇𝑜

𝑇01
).  

In this study, the scaling procedure holds nearly all non-dimensional groups constant (Dixon & Hall, 

2013), and these are; the pressure ratio, inlet stagnation temperature, mass flow coefficient and blade 

Mach number, as shown in Table 6-1; and geometric similarity is also maintained as shown in Table 6-2. 

However, the rotor diameters are changed between the different radial GT classes, and since all other 

parameters of the 𝑅𝑒 number are held constant, scaling of the 𝑅𝑒 number is directly proportional to the 

turbine diameter. The rotor diameters for the different turbines are 165, 73.4, 18 and 9mm, from the MGT 

to the UMGT respectively. Since each diameter is nearly an order of magnitude smaller, the 𝑅𝑒 number 

for the rotor will range from 5.6 × 106 in the MGT to 3 × 105 in the UMGT. The 𝑅𝑒 number presented 

here is based on Eq. (6-2). The 𝑅𝑒 number is also shown for flow through the NGV in Table 6-1, and it 

is based on the average flow velocity through the NGV and the chord length. It can be seen that the 𝑅𝑒 

number is now an order of magnitude smaller in the NGV when compared to the rotor, with the 250W 

turbine having a 𝑅𝑒 number of 3.3 × 104. 
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It should be noted that the turbines were constructed following the procedure outlined in Chapter 3. 

Although the 1kW and 100W UMGT turbines are small in diameter, no problems were encountered in 

their construction in CFD, due to the availability of specialist turbomachinery tools (see Chapter 3). 

However, geometrical problems would have been encountered were the 250W turbine further scaled 

down. The intention however was to numerically test a UMGT turbine that can be constructed within the 

immediate to near future, and therefore, for the purposes of this research the available CFD tools were 

more than sufficient. 

Table 6-1 Scaling parameters 

Parameters 250W 1kW 20kW 100kW 

Pressure ratio 2.83 2.83 2.83 2.83 

Inlet stagnation 

temperature 

1073K 1073K 1073K 1073K 

Mass flow 

coefficient 

0.0176 0.0176 0.0176 0.0176 

Blade mach 

number 

1.52 1.52 1.52 1.52 

Re rotor 3 × 105 6.2 × 105 2.5 × 106 5.6 × 106 

Re NGV 3.3 × 104 7 × 104 2.8 × 105 6.3 × 105 
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Table 6-2 Geometric parameters 

Parameters 250W 1kW 20kW 100kW 

NGV inlet 

radius 

7.4mm 14.2mm 57.1mm 128mm 

NGV outlet 

radius 

4.9mm 9.3mm 37.5mm 84mm 

NGV outlet 

absolute flow 

angle 

76° 76° 76° 76° 

NGV blade 

number 

15 15 15 15 

Rotor inlet 

diameter 

8.8mm 18.4mm 73.4mm 165.2mm 

Rotor outlet hub 

diameter 

2.6mm 5.5mm 22mm 49.5mm 

Rotor outlet 

shroud diameter 

5mm 10.5mm 42.2 94.1mm 

Rotor outlet 

relative flow 

angle 

-61° -61° -61° -61° 

Rotor blade 

number 

13 13 13 13 

 

6.2.2 Numerical Methodology 

The numerical methodology presented here is not a detailed version, as this was presented in Chapter 3. 

Table 6-3 outlines the CFD boundary conditions for the four turbines at the design point, with the only 

difference between them being the rotational speed, and this is to ensure dynamic similarity.  
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Table 6-3 CFD boundary conditions 

Parameters 250W 1kW 20kW 100kW 

Total inlet 

pressure 

2.919bar 2.919bar 2.919bar 2.919bar 

Total inlet 

temperature 

1,073K 1,073K 1,073K 1,073K 

Exit static 

pressure 

1.033bar 1.033bar 1.033bar 1.033bar 

Rpm 1,083,333 130,000 130,000 57,777 

 

A grid independent study was carried out to validate the quality of the mesh, and this is shown in Figure 

6-1, Table 6-4, Table 6-5 and Table 6-6. The grid independent study was carried out across 3 different 

resolutions for each of the prescribed turbines. Figure 6-1 shows the variation in important variables 

studied in this analysis, where Figure 6-1 1, 2, 3 and 4 is the NGV outlet velocity, rotor absolute outlet 

velocity, power and specific speed, and Figure 6-1 a, b c and d is the 250W, 1kW, 20kW and 100kW 

turbines. 

The overall visual variation in the variables as a function of the grid resolution is insignificant, and this 

is due to a very high quality mesh. The most significant variation is noted in the power, from Figure 6-1 

3, and here the largest variation is noted in Figure 6-1 3d, for the 100kW turbine. And this is due to the 

power being in the hundred thousand regime, therefore the actual percentage variation is negligible. 
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Figure 6-1 Grid independent study; (1) NGV outlet velocity, (2) rotor outlet absolute velocity, (3) 

Power, (4) specific speed; (a) 250W, (b) 1kW, (c) 20kW, (d) 100kW 

 

To quantify the numerical error appropriately the analysis must be furthered, and therefore Table 6-4, 

Table 6-5 and Table 6-6 are shown. Here the discretisation error across the different variables from the 

grid independent study is quantified using the Richardson extrapolation technique (I. Celik & Zhang, 
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1995), which was carried out to the American Society of Mechanical Engineers (ASME) Journal of 

Fluids Engineering Standards (I. Celik & Zhang, 1995). Since the boundary layer at the NGV trailing 

edge is of great importance in this study, the velocity profile at the mid span of the NGV trailing edge is 

monitored across 66 data points along the circumferential span. Table 6-4 reports the discretisation error 

on only one such data point. A similar procedure was carried out for the absolute velocity at the rotor 

trailing edge, and the discretisation error is presented in Table 6-5. Table 6-6 gives the discretisation error 

for the turbine power. 

 

Table 6-4 NGV discretisation error 

Parameters 250W 1kW 20kW 100kW 

N1 

N2 

N3 

248,496 

 384,768  

534,960 

495,924 

716,848 

1,123,887 

713,592 

1,042,400 

2,060,415 

1,033,800 

1,861,903 

3,870,048 

r21 1.4 1.4 1.4 1.4 

r32 1.4 1.4 1.4 1.4 

∅1 441m/s 477m/s 509m/s 491m/s 

∅2 440m/s 477m/s 509m/s 492m/s 

∅3 439m/s 477m/s 508m/s 491m/s 

p 1.76 0.60 2.29 0.46 

∅ext
21 442m/s 479m/s 510m/s 487m/s 

𝑒a
21 0.23% 0.073% 0.16% 0.14% 

𝑒ext
21 0.28% 0.33% 0.16% 0.84% 

𝐺𝐶𝐼fine
21 0.35% 0.41% 0.18% 0.05% 

∅ext
32 440m/s 479m/s 509m/s 497m/s 

𝑒a
32 0.12% 0.09% 0.075% 0.16% 

𝑒ext
32

 0.15% 0.4% 0.065% 0.04% 

𝐺𝐶𝐼fine
32

 0.19% 0.5% 0.08% 0.22% 
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Table 6-5 Rotor discretisation error 

Parameters 250W 1kW 20kW 100kW 

N1 

N2 

N3 

256,816 

412,992 

737,861 

636,120 

943,084 

1,241,595 

1,460,855 

2,632,288 

3,473,149 

2,605,860 

3,403,136 

5,652,846 

r21 1.4 1.4 1.4 1.4 

r32 1.4 1.4 1.4 1.4 

∅1 169m/s 163m/s 159m/s 155m/s 

∅2 169m/s 163m/s 159m/s 153m/s 

∅3 169m/s 164m/s 160m/s 154m/s 

p 2.8 3.7 1.15 2.37 

∅ext
21 169m/s 164m/s 159m/s 157m/s 

𝑒a
21 0.12% 0.28 0.04% 1.55% 

𝑒ext
21 0.08% 0.11 0.002% 1.26% 

𝐺𝐶𝐼fine
21 0.095% 0.14 0.0003% 1.60% 

∅ext
32 170m/s 162m/s 159m/s 152m/s 

𝑒a
32 0.32% 0.04% 0.72% 0.7% 

𝑒ext
32

 0.20% 0.39% 0.04% 0.58% 

𝐺𝐶𝐼fine
32

 0.24% 0.49% 0.05% 0.73% 
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Table 6-6 Power discretisation error 

Parameters 250W 1kW 20kW 100kW 

N1 

N2 

N3 

505,312 

797,760 

1,272,821 

1,132,044 

1,659,932 

2,365,482 

2,174,447 

3,674,688 

5,533,564 

3,639,660 

5,265,039 

9,522,894 

r21 1.4 1.4 1.4 1.4 

r32 1.4 1.4 1.4 1.4 

∅1 278W 1,289W 20,475W 104,720W 

∅2 276W 1,286W 20,440W 104,395W 

∅3 275W 1,284W 20,428W 104,571W 

p 1.57 1.91 2.98 1.82 

∅ext
21 281W 1,293W 20,494W 105,103W 

𝑒a
21 0.64% 0.25% 0.17% 0.31% 

𝑒ext
21 0.90% 0.28% 0.097% 0.37% 

𝐺𝐶𝐼fine
21 1.14% 0.35% 0.12% 0.46% 

∅ext
32 278W 1,288W 20,448W 104,187W 

𝑒a
32 0.38% 0.13% 0.062% 0.17% 

𝑒ext
32

 0.54% 0.15% 0.036% 0.20% 

𝐺𝐶𝐼fine
32

 0.67% 0.18% 0.045% 0.25% 

 

Since the mesh of the second grid independent study is chosen for the NGV and rotor, across all four 

turbines, it is only fitting to look at the numerical error based on the 𝐺𝐶𝐼fine
32 value. Over here just the 

maximum 𝐺𝐶𝐼fine
32 error is reported, and this is less than 3.6% for the NGV, rotor and turbine power. To 

aid with a visual analysis of the grid resolution study, Figure 6-2 is plotted to show the velocity at the 

NGV trailing edge across the 66 data points for each mesh resolution, across the four tested turbines. 

There is near perfect collapsing of the data points for the different resolutions, and hence the chosen grid 

resolution (Mesh 2) can be considered to be accurate.  
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Figure 6-2 Mid span velocity at NGV trailing edge across circumferential span; (a) 250W, (b) 

1kW, (c) 20kW, (d) 100kW  

 

The average y+ values of the chosen mesh for the NGV is less than; 1, 1, 1.5 and 2.5, and for the rotor is 

less than 1.5, 1.7, 2 and 3 for the 250W, 1kW, 20kW and 100kW turbines respectively. Since the flow 

through the NGV is of importance, the y+ values should be less than or equal to 1 for accurate resolution 

of the boundary layer (ANSYS, 2013), for the chosen SST model. Although this is the case for the 250W 

and 1kW turbines, the y+ values for the 20 and 100kW turbines are greater than 1. However for the 

highest mesh resolution the y+ value for the NGV, of the 20kW turbine is less than 1, and for the 100kW 

is nearly 1. And since from Figure 6-2 it is seen the velocity profile at the NGV trailing edge is unchanged 

across all mesh resolutions for a given turbine, it is assumed the chosen mesh is highly reliable. It should 

also be noted that the mentioned y+ values are at design point, however since this study investigates the 

flow through the turbine over a range of off-design rotational speeds; the y+ values are maintained to that 

of the design point for the respective turbine. 

6.2.3 Governing Equations 

The losses presented in this study are based on the loss of kinetic energy normalised by the isentropic 

energy through the turbine, and this is consistent with work carried out by Rohlik (Rohlik, 1968), which 

is one of the most complete analyses, if not the most complete analysis conducted on losses through 

inward flow radial (IFR) turbines (Dixon & Hall, 2013).  

The losses are expressed as a function of specific speed (𝑁𝑠), and this is presented in Eq. (6-4), 
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𝑁𝑠 = 𝜔
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−
3
4 

(6-4) 

 

Equations (6-5) – (6-9) express the displacement thickness (𝛿), momentum thickness (𝜃), energy 

thickness (𝜓), form factor (𝐻) and the energy factor (𝐸). These set of equations (Stewart, 1955) are used 

to analyse the velocity boundary layer at the NGV trailing edge, and are derived for compressible flows 

(Stewart, 1955). 

The displacement thickness (Stewart, 1955) in Eq. (6-5) represents the loss in mass flow as a result of 

the boundary layer formation, when compared to the mass flow of the free stream (fs), 

 

 
𝛿 = 𝛿𝑓𝑢𝑙𝑙 − ∫

𝜌𝑣

𝜌𝑓𝑠𝑣𝑓𝑠
𝑑𝑦

𝛿𝑓𝑢𝑙𝑙

0

 
(6-5) 

 

The momentum thickness (Stewart, 1955) in Eq. (6-6) represents the loss in momentum as a result of 

surface friction, when compared to the free stream momentum, and is represented in terms of a length 

(𝜃), 

 

 
𝜃 = ∫

𝜌𝑣

𝜌𝑓𝑠𝑣𝑓𝑠
𝑑𝑦

𝛿𝑓𝑢𝑙𝑙

0

− ∫
𝜌𝑣2

𝜌𝑓𝑠𝑣𝑓𝑠
2 𝑑𝑦

𝛿𝑓𝑢𝑙𝑙

0

 
(6-6) 

 

The energy thickness (Stewart, 1955) in Eq. (6-7) represents the loss in energy as a result of surface 

friction, when compared to the free stream kinetic energy, and is represented in terms of a length (𝜓), 

 

 
𝜓 = ∫

𝜌𝑣

𝜌𝑓𝑠𝑣𝑓𝑠
𝑑𝑦

𝛿𝑓𝑢𝑙𝑙

0

− ∫
𝜌𝑣3

𝜌𝑓𝑠𝑣𝑓𝑠
3 𝑑𝑦

𝛿𝑓𝑢𝑙𝑙

0

 
(6-7) 

 

The form factor factor in Eq. (6-8) is a non-dimensional term, where the displacement thickness is 

normalised by the momentum thickness. 
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𝐻 =

𝛿

𝜃
 

(6-8) 

 

The energy factor in Eq. (6-9) is a non-dimensional term, where the energy thickness is normalised by 

the momentum thickness. 

 

 
𝐸 =

𝜓

𝜃
 

(6-9) 

 

Equation (6-5) –  (6-9) are presented to better  understand the flow through the NGV, work carried out 

by Stewart (Stewart, 1955) on the analysis of 2D compressible flow loss characteristics downstream of 

a turbomachine blade row in terms of boundary layers for CGTs showed; the loss in kinetic energy of 

the fluid when compared to the ideal kinetic energy; is proportional to the displacement thickness, 

momentum thickness and energy factor. The present chapter therefore aims to analyse the losses through 

the aforementioned variables to better understand the losses brought upon due to scaling down from a 

MGT to a UMGT. 

6.2.4 CFD validation 

The CFD validation procedure is conducted across the 2 GT classes, as this represents the tested range 

of numerical simulations. The UMGT range was strongly validated in Chapter 5 against experimental 

data; here the main focus of validation is for the 20 and 100kW turbines. Figure 6-3, Figure 6-4 and 

Figure 6-5 are provided to aid with the numerical validation. It should also be noted that the CFD 

procedure has already been validated with other research groups (D’souza & Sharma, 2017). 

Figure 6-3 is the Mach number contour across the NGV and rotor mid span, for the 20kW turbine at 

design point (see Table 6-1). Here Figure 6-3a and b represent the actual published data of Khader’s 

(Khader, 2014) 20kW turbine, and the authors recreated 20kW turbine. It should be noted the geometry 

of the authors and Khader’s turbine is in the opposite direction, hence should be interpreted appropriately. 
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Figure 6-3 CFD validation, Mach number contour, NGV and rotor mid span at the design point; 

(a) (Khader, 2014) “20kW”, (b) Author “20kW” 

 

From Figure 6-3, the flow appears to stagnate at the leading edge of the NGV where the Mach number 

is 0, and this stagnation location is the same in Figure 6-3a and b. There appears to be even acceleration 

of flow through both NGVs with identical colour variations as well, therefore similar velocities are 

observed. The relative Mach number shown through the turbine is evenly accelerating through the rotor 

passage, with a slight separation zone noted on the suction side for both turbines just passed the leading 

edge. 

 To further strengthen and help quantify the validation between the author’s and Khader’s 20 kW turbine, 

Figure 6-4 is also plotted. Where Figure 6-4 a is the pressure contours across the rotor mid span at the 

design point, and Figure 6-4 b is the efficiency as a function of the pressure ratio (inlet stagnation to 

outlet static pressure). 
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Figure 6-4 CFD validation: (a) Pressure across the rotor normalised mid span, (b) Efficiency as a 

function of pressure ratio 

 

The pressure (blade loading chart) across the rotor mid span from Figure 6-4a shows near perfect 

collapsing of data points at the design point, between the two turbines. Therefore, a similar aerodynamic 

performance and velocity contours would be expected for the turbines, and this was visualised in Figure 

6-3. From Figure 6-4 a, at the design pressure ratio of 2.83, a difference of less than 2% is noted in the 

efficiencies. However, at off-design operation, the discrepancy in the efficiency for pressure ratios less 

than 2 and greater than 3, are less than 5%. This would be due to the lack of disclosure of the entire rotor 

geometry data, and therefore off-design operation is slightly different. The validation procedure on the 

whole however, has successfully validated the author’s 20kW turbine. 

 Figure 6-5 is a plot of the isentropic efficiency as a function of 𝑁𝑠. Here the 250W, 1kW, 20kW reference 

turbine recreated by the author and the 100kW turbine, are validated against work conducted by Rohlik 

(Rohlik, 1968). Rohlik carried out an analytical investigation to determine the geometry for maximum 

efficiency on small IFR turbines, for application such as; aircraft, space systems and other compact power 

sources, and this would therefore place his work in the MGT power range. Figure 6-5 shows the optimum 

expected efficiency for an IFR turbine over a range 𝑁𝑠 based on Rohlik’s (Rohlik, 1968) work, and it is 

the most concrete analysis carried out until date on IFR turbines. At the design 𝑁𝑠 of 0.51, an efficiency 

of 77.65, 80.8, 82.8, 84.4 and 86.5% is attained for the 250W, 1kW, 20kW and 100kW turbines 

respectively. It is more correct to validate the 100kW turbine against Rohlik’s work as the effects of 

losses due to low 𝑅𝑒 numbers are less prominent. The small 2.5% difference in the efficiency of the 

100kW turbine, when compared to Rohlik’s work, can be due to the geometry configuration. This 
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difference however, is deemed insignificant, and is small enough to successfully validate the CFD 

modelling.  

 

Figure 6-5 CFD validation; Isentropic efficiency as a function of specific speed 

 

 Results and Discussion 

6.3.1 Volute 

Figure 6-6 is a plot of the volute loss as a function of 𝑁𝑠, across all four turbines. Here the design point 

correlates to a 𝑁𝑠 of 0.51, and a 𝑁𝑠 of 0.2 and 0.64, represent the two extreme off-design operational 

points.  
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Figure 6-6 Volute loss as a function of specific speed 

 

Figure 6-6 shows near perfect collapsing of the volute loss as a function of 𝑁𝑠, for the different GT 

classes. The observed loss of the volute is 0.5% at the design 𝑁𝑠 of 0.51, and this seems to slightly 

increase with an increase in 𝑁𝑠. An increase in the 𝑁𝑠 correlates to a direct increase in the blade speed as 

shown in Eq. (6-4), and since the pressure ratio is held constant, a decrease in the mass flow rate is 

observed with an increase in 𝑁𝑠. Lower mass flow rates result in reduced velocities, and thus the fluid is 

better guided through the volute. The 𝑅𝑒 number through the volute, based on the inlet velocity and 

diameter for the 250W and 100kW turbine are 1.5 × 105 and 2.6 × 106. Although the 𝑅𝑒 number for the 

250W turbine is an order of magnitude lower than the 100kW turbine, the effects of the reduced 𝑅𝑒 

number does not seem to impact the volute’s loss. 

 

Figure 6-7 Volute curves; (a) Outflow velocity as a function specific speed, (b) Outflow angle as a 

function of specific speed 
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Figure 6-7a and b present the velocity and angle of the flow at the volute outlet respectively, as a function 

of 𝑁𝑠. Figure 6-7a shows a reduction in the outflow velocity with an increase in 𝑁𝑠, and this as previously 

mentioned is due to the reduction in mass flow rate. Since geometric and dynamic similarity is assumed, 

similar velocities and outflow angles must be attained at any given 𝑁𝑠. And from Figure 6-7a there 

appears to the slight variation in the velocity, and this is increased as a function of the 𝑁𝑠, where the 

highest deviation of 10% is noted at a 𝑁𝑠 of 0.64. Figure 6-7b however, shows rather even collapsing for 

all the GTs apart from the 20kW turbine, where a maximum deviation of less than 4% is observed. 

6.3.2 NGV 

Figure 6-8 is the NGV loss as a function of 𝑁𝑠, across all four turbines. A similar trend to Figure 6-6 is 

attained here, where the loss reduces with an increase in 𝑁𝑠, attributed to the reduced flow velocity, and 

the fluid is therefore better guided by the blade. Unlike Figure 6-6, however, an immediate difference in 

the loss for a given turbine is noted at a given 𝑁𝑠. The 250W turbine i.e. the UMGT has the largest loss 

of 7.9% at a 𝑁𝑠 of 0.2, whereas losses of 4.8, 4.6 and 6.8% are noted for the 100, 20 and 1kW turbine. 

This is attributed to the viscous losses brought upon by the prominence of the end wall effects in UMGTs 

(Mehra, 1997), resulting in a loss of up to 1.5 times the 100kW turbine. A study carried out by Philipon 

(Philippon, 2001) from Massachusetts Institute of Technology (MIT) on the H2 demo engine turbine, 

with a 6mm turbine rotor diameter of 2D blade profile, claimed the viscous losses due to the end walls 

in UMGT turbines could be 10 times greater than CGTs. This claim is highly plausible as the 100kW 

turbine is still in the MGT class. 

 

Figure 6-8 NGV loss as a function of specific speed 
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There appears to be collapsing of data points across the 20 and 100kW turbines. Therefore they are less 

sensitive to variations in the 𝑅𝑒 number as the flow would be in the turbulent regime, as shown in Table 

6-1. However to further deepen the analyses, Figure 6-9 through to Figure 6-15 are plotted. 

 

Figure 6-9 Velocity streamlines at NGV mid span; (1) 250W, (2) 1kW, (3) 20kW, (4) 100kW; (a) 

Ns  – 0.2, (b) Ns  – 0.51, (c) Ns  – 0.64 
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Figure 6-9 shows the flow velocity streamlines as a function of 𝑁𝑠, at the NGV mid span. Here Figure 

6-9 1, 2, 3 and 4 represent the respective scales from smallest to largest, and here Figure 6-9a, b and c 

represent a 𝑁𝑠 of 0.2, 0.51 and 0.64, respectively. The reduction in the mean velocity of the flow with an 

increase in 𝑁𝑠 can now be visualised through the darker coloured velocity streamlines, as previously 

mentioned. The flow streamlines show a uniform acceleration of flow through the NGV blade passage, 

and the fluid appears to be well guided at extreme off-design operation as well. This is as expected, as 

the inlet angle to the NGV remains constant over the range of 𝑁𝑠, as shown in  Figure 6-7b. Also, the 

mean flow patterns appear to be similar between the different GT classes, and therefore the assumption 

of dynamic similarity is valid. 

Figure 6-10 shows the normalised velocity profiles (Vnormalised) across the blade passage at the NGV 

trailing edge (circumferential span (Cnormalised)). Here Figure 6-10 1, 2, 3 4, 5 and 6 represent the entire 

𝑁𝑠 range of 0.2, 0.33, 0.44, 0.51, 0.56 and 0.64, and Figure 6-10a, b and c represent 25, 50 and 75% of 

the NGV blade span. The instantaneous velocity at a given point at the NGV trailing edge across the 

circumferential span is normalised by the maximum velocity, for the respective turbine, at the respective 

𝑁𝑠 and NGV blade span. 

There appears to be no variation in the normalised velocity profile as a function of 𝑁𝑠, for any given 

turbine. However, immediate variation is noted between the different turbines, with the 20 and 100kW 

velocity profiles having the thinnest boundary layers, and therefore the fullest normalised velocity 

profiles. The difference is most apparent at 25 and 75% of the NGV blade span, when compared to 50% 

of the NGV blade span, at the pressure side. This is due to the effects of short length scales in the UMGT 

(Philippon, 2001), and therefore the effects of the end walls are more prominent on the global flow field. 

To further the analysis, Figure 6-11 and Figure 6-12 have to be taken into consideration. 

 



118 

 

 

Figure 6-10 Normalised velocity at NGV trailing edge across circumferential span; (1) Ns  – 0.2, 

(2) Ns  – 0.33, (3) Ns  – 0.44, (4) Ns  – 0.51, (5) Ns  – 0.56, (6) Ns  – 0.64; (a) 25% blade span, (b) 50% 

blade span, (c) 75% blade span 
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Figure 6-11 and Figure 6-12 is the energy and form factor as a function of the free stream Mach number. 

The energy factor is the ratio of the energy to momentum thickness, and the form factor is the ratio of 

the displacement to momentum thickness, as defined in Eq. (6-8) and (6-9). Work was carried out by 

Stewart (Stewart, 1955) on the analysis of 2D compressible flow loss characteristics downstream of a 

turbomachine blade row in terms of boundary layers for CGTs. Using the boundary layer equations 

presented in Chapter 6.2.3, a velocity profile was used to derive an equation for the energy factor 

(Stewart, 1955). Figure 6-11 shows the outputs of this equation (Stewart, Whitney, & Wong, 1960) for 

three different exponents of this equation (n = 1/5, 1/7 and 1/9). Experimental work (Whitney, Stewart, 

& Miser, 1956) was used to show the energy factor remained constant at approximately 1.8 over a range 

of free stream Mach numbers (Stewart et al., 1960), as shown in Figure 6-11; and an exponent of 1/7 is 

deemed most accurate. 

 

Figure 6-11 Energy factor as a function of the free stream Mach number at NGV trailing edge 

 

Stewart (Stewart et al., 1960) also showed that loss of kinetic energy through a turbomachine aerofoil 

cascade can be expressed in terms of the energy factor, momentum thickness and displacement thickness. 

As the energy factor remained unchanged over a range of free stream Mach numbers (Stewart et al., 

1960), as shown in Figure 6-11, variation in the loss of kinetic energy must then be a function of the 

momentum and displacement thickness. Where the momentum thickness is proportional to the loss in the 

kinetic energy of the fluid, and the displacement thickness is proportional to the loss in the ideal kinetic 

energy of the fluid (Stewart et al., 1960). 
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However, to verify whether the energy factor is constant across all GT classes, Stewart’s (Stewart et al., 

1960) analysis is extended in Figure 6-11 for the 100kW, 20kW, 1kW and 250W turbines. The energy 

factor was calculated using the boundary layer equations presented in Chapter 6.2.3. Average energy 

factors of 1.71 and 1.72 are obtained over the range of free stream Mach numbers for the 100 and 20kW 

turbines respectively, and this is within 5% of the stated energy factor of 1.8 (Stewart et al., 1960). Good 

collapsing of data points across all the GT classes is observed, with a range of less than 3.4% when 

normalised by the highest energy factor. Since the various free stream Mach numbers for the different 

turbine classes correspond to design and off-design 𝑁𝑠, the energy factor of 1.8 is maintained during off-

design operation as well. Therefore Stewarts (Stewart et al., 1960) study has been extended to the UMGT 

and MGT class. And the losses brought upon due to scaling down, as shown in Figure 6-8 , would be due 

to the growth of end wall boundary layers. 

 

Figure 6-12 Form factor as a function of the free stream Mach number at NGV trailing edge 

 

Figure 6-12 is presented similarly to Figure 6-11, where Stewart’s equation of the form factor was 

validated against experimental data (Whitney et al., 1956). Unlike Figure 6-11, the form factor does 

change with respect to the Mach number, however, the exponent (n = 1/7) was again the most accurate. 

The form factors are also presented from the present study, at the design 𝑁𝑠 of 0.51. It can be seen that 

an increase in the form factor  is noted with a decrease in the turbine size, and here a form factor of 3.37, 

2.61, 2.92 and 2.12 is noted at 𝑅𝑒 numbers of 3.8 × 104, 8.3 × 104, 3.3 × 105 and 7.7 × 105, for the 
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smallest to largest turbine. The 𝑅𝑒 number presented here is based on the NGV chord length and the 

outlet velocity. Therefore an increase in the displacement thickness is apparent, and therefore the loss in 

the ideal kinetic energy, and this was seen in Figure 6-9; where the 250W turbine has the thickest 

boundary layers. From Figure 6-12, the 100kW turbine’s form factor is the nearest to Stewart’s data, and 

this difference is attributed to the turbine class. Also, while the flow appears to be in the turbulent regime 

for the MGT class, it appears the flow through the 1kW turbine is in the transitional regime. Therefore, 

it is appropriate to take a look at the turbulence kinetic energy profiles, and this is presented in Figure 

6-13. 

 

Figure 6-13 Turbulence kinetic energy profile in the streamwise direction, NGV blade surface 

mid span, Ns – 0.51; (a) 250W, (b) 1kW, (c) 20kW, (d) 100kW 

 

Figure 6-13 shows the turbulence kinetic energy at the NGV blade surface mid span, at the design 𝑁𝑠 of 

0.51. Here Figure 6-13a, b, c and d represent the four turbines from smallest to largest. The onset of 

turbulence occurs right away from the blade leading edge pressure and suction side, for the MGT class, 
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and this is naturally more apparent for the 100kW turbine. Thus the assumption of the flow in the 

turbulent regime is now justified. For the UMGT class however, the flow appears to be in the low 

turbulent regime till about 0.6 of the streamwise direction, after which the turbulence levels are 

increasing. Therefore, it is only fitting to look at these plots using the shear stress turbulent (SST) gamma-

theta turbulence model, as it is more appropriate for transition flow (Chishty, Parvez, Ahmed, Hamdani, 

& Mushtaq, 2011). Figure 6-14 is plotted similarly to Figure 6-13, it is a plot of the turbulence kinetic 

energy profile using the SST gamma-theta model, for the UMGT class only. Here Figure 6-14a and b 

represent the 250W and 1kW turbine. 

 

Figure 6-14 Turbulence kinetic energy profile in the streamwise direction, NGV blade surface 

mid span, Ns – 0.51; (a) 250W, (b) 1kW 

 

The flow appears to be laminar through the 250W turbine, and the rise in the turbulence kinetic energy 

passed 0.95 of the streamwise direction would be attributed to the mixing of the flow at the blade trailing 

edge. For the 1kW turbine however on the pressure side, there appears to be a rise in the turbulence 

kinetic energy at approximately 0.1 of the streamwise direction to just before 0.6, after which there is 

another smaller peak, before which the mixing of the fluid takes place at the blade trailing edge. This 

could therefore be the formation of a laminar separation bubble (LSB), and there to further the analysis, 

the wall shear is plotted in Figure 6-15. 
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Figure 6-15 Wall shear in the streamwise direction, NGV blade surface mid span, pressure side, 

Ns – 0.51, 1kW 

 

Figure 6-15 is a plot of the wall shear in the stream wise direction, for the SST gamma-theta model. This 

is plotted at the design 𝑁𝑠 of 0.51, for the 1kW turbine, on the pressure surface. From the wall shear, it 

is seen the shear profile reduces just after 0.5 of the streamwise direction, and it approaches zero. 

However, the flow does not reverse, and therefore it is within the laminar regime. This drop in shear 

stress at 0.5 of the streamwise direction is shown as a region of increased turbulence from Figure 6-14b. 

At the trailing edge, at a streamwise direction of 0.95, the flow does reverse and this would be due to the 

mixing of the fluid, shown by a significant increase in the turbulence kinetic energy profile from Figure 

6-14b. 

6.3.3 Rotor 

Figure 6-16 is a plot of the rotor loss as a function of 𝑁𝑠 for all four turbines. From Figure 6-16, the 

lowest losses are observed at the design 𝑁𝑠 of 0.51, and this is 11.9, 8.3, 5.2 and 3.4% for the four turbines 

from the smallest to the largest. At the design point, the 250W turbine’s loss is 3.5 times that of the 

100kW turbine. This efficiency range is maintained across a 𝑁𝑠 range of 0.44 – 0.56, although beyond 

this, extreme off-design operation takes place. At the lowest 𝑁𝑠 of 0.2, a rotor loss of 35% is obtained 

across all the turbines. However, at the most off-design operation, at a 𝑁𝑠 of 0.64, the largest variation in 

data points is observed. Here the 250W turbine has the highest loss of 33% and the 100kW turbine has 

the lowest loss of 14%, and the reasons for these differences are explained over the subsequent 

paragraphs. 
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Figure 6-16 Rotor loss as a function of specific speed 

 

At the lowest 𝑁𝑠 of 0.2 the mass flow rates are the highest and therefore the velocities are also the greatest. 

The 𝑅𝑒 numbers are therefore the largest at 1.1 × 106 for the 100kW and 6.3 × 104 for the 250W turbine, 

however for the highest 𝑁𝑠 of 0.64 the 𝑅𝑒 numbers are 9.6 × 105 and 5.3 × 104 for the 100kW and 250W 

turbines respectively. The 𝑅𝑒 number of the 100kW is in the turbulent regime for both 𝑁𝑠 and the 250W 

turbine is in the transitional regime for both 𝑁𝑠. However, the rotor loss of the 250W turbine from Figure 

6-16 remains constant at both 𝑁𝑠, but the 100kW reduces from 36 to 14% at the highest 𝑁𝑠. Therefore, 

to further the analysis Figure 6-17 – Figure 6-19 are plotted. These show relative velocity contours at the 

rotor mid span, across all four turbines. Here Figure 6-17, Figure 6-18 and Figure 6-19 represent a 𝑁𝑠 of 

0.2, 0.51 and 0.64, respectively, and Figure a, b, c and d represent the four turbines from smallest to 

largest, respectively. 
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Figure 6-17 Relative velocity contour rotor mid span, Ns  – 0.2; (a) 250W, (b) 1kW, (c) 20kW, (d) 

100kW 

 

The relative velocity contours of the flow field appear to be similar in Figure 6-17 for the different 

turbines, which is as expected due to scaling the turbine using similitude analysis (Dixon & Hall, 2013). 

A positive incidence angle of the relative flow at the off-design 𝑁𝑠 of 0.2 leads to separation from the 

rotor leading edge suction side, and the flow reattaches quite far downstream. The high velocities of the 

oncoming flow coupled with the positive incidence angle result in a severe rotor loss as shown in Figure 

6-16, and the effects of the end walls do not result in a greater loss for the UMGT when compared to the 

MGT. 
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Figure 6-18 Relative velocity contour rotor mid span, Ns  – 0.51; (a) 250W, (b) 1kW, (c) 20kW, (d) 

100kW 

 

Figure 6-18 shows the velocity contours at the design 𝑁𝑠 of 0.51; there appears to be no separation of 

flow, with a relative incidence angle of approximately zero. The flow appears to be attached to the blade 

through the entire passage, with an even acceleration of the flow observed. Therefore the lowest rotor 

losses are observed here from Figure 6-16. 
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Figure 6-19 Relative velocity contour rotor mid span, Ns  – 0.64; (a) 250W, (b) 1kW, (c) 20kW, (d) 

100kW 

 

Figure 6-19 shows the velocity contours for the off-design 𝑁𝑠 of 0.64; the flow now has a negative angle 

of incidence, leading to separation of flow from the leading edge pressure side. However, due to the 

reduced velocities and pressure gradients, the flow quickly reattaches before 50% of the rotor chord. 

Therefore the observed rotor loss from Figure 6-16, is not as extravagant as for the lowest 𝑁𝑠 case. 

However for the 250W turbine, the rotor loss remains unchanged when compared to the lowest 𝑁𝑠, and 

this would be due to the end walls having more impact on the flow at the reduced velocities, and thus 

enhancing secondary flows. This is confirmed in Figure 6-20, where the vortex core velocity is plotted 

at the rotor for the 250W turbine, for a Q – criterion of 0.01. Here Figure 6-20a and b represent the two 
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extreme off-design conditions, a 𝑁𝑠 of 0.2 and 0.64 respectively. Figure 6-20b shows the effects of the 

end walls are now more prominent with the reduced velocities, as can be seen at the rotor shroud, thus 

enhancing secondary flows. 

 

Figure 6-20 Velocity of vortex core region in rotor for 100W turbine, Q criterion – 0.01; (a) Ns  – 

0.2, (b) Ns  – 0.64 

 

Figure 6-21 is the tip clearance loss as a function of 𝑁𝑠, across all four turbines. And this is calculated 

through the change in the turbine power for a no-tip clearance case. Similar trends are observed in the tip 

cleared loss across all the turbines. However, there is quite a lot of variation in the data points for a given 

𝑁𝑠, and this is increased with an increase in 𝑁𝑠. Contrary to Figure 6-16, the lowest and highest losses 

are noted for the 250W and 100kW turbine respectively. At the design 𝑁𝑠 a tip clearance loss of 6.1, 5.9, 

3 and 1.8% is noted, from the largest to the smallest turbine. To further this analysis, the velocity vectors 

of the tip cleared flow at the mid span tip clearance gap are plotted in Figure 6-22, for the design 𝑁𝑠 of 

0.51. Here Figure 6-22a and b represent the 250W and 100kW turbines. 



129 

 

 

Figure 6-21 Tip clearance loss as a function of specific speed 

 

Although a constant 4% clearance gap relative to the blade span was kept across all GTs, the effects of 

scraping flow are naturally most prominent in the UMGT due to the reduced length scale. Scraping flow 

occurs when stagnant bodies of fluid at the rotor shroud prevent the flow travelling from the pressure to 

the suction side. Figure 6-22 clearly shows the effects of scraping flow are most prominent in the 250W 

turbine, till up to 30% of the chord. However, for the 100kW turbine, the flow travels from the pressure 

side to the suction side at the leading edge. This is consistent with work carried out by Nagashima et al. 

(Nagashima et al., 2005), where the scraping flow for a 4mm 2D blade profiled UMGT turbine rotor, 

blocked the tip clearance flow at the forward half of the blade, for a 2% clearance gap. Although the 

250W turbine has an 8.8mm rotor with a 4% clearance gap in the present study, it would be expected for 

3D blade profiles to be more resistant to tip cleared flow due to the increased surface area of the shroud 

when compared to 2D blade profiles. 

 

 



130 

 

 

Figure 6-22 Velocity vector at mid span tip clearance gap, Ns  – 0.51; (a) 250W, (b) 100kW 

 

Figure 6-23 is the residual kinetic energy loss as a function of 𝑁𝑠, across all four turbines, and this is 

based on the kinetic energy at the turbine exit. There is rather good collapsing of data points as a function 

of 𝑁𝑠 across all turbines, with the lowest losses observed at design point and these are; 2.8, 2.6, 2.9 and 

2.7%, from the largest to the smallest turbine. When compared to 2D blade profile UMGT turbine rotors, 

2D blade profiles have their largest loss source in the exducer region due to flow separation from an 

abrupt 90° turn of the flow (Nagashima et al., 2005). And this can account for up to 46% of the losses 

(Nagashima et al., 2005) within a UMGT turbine, and thus a relatively large portion of the kinetic energy 

remains un-extracted. From Figure 6-23 however, the residual kinetic energy accounts for approximately 

15% of the losses through the turbine at the design point, across all four turbines. And this is as high as 

20% at extreme off-design operation, for a 𝑁𝑠 of 0.2. 
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Figure 6-23 Residual kinetic energy loss as a function of specific speed 

 

6.3.4 Power Curves 

Figure 6-24 shows the efficiency curves for all four turbines as a function of 𝑁𝑠. At the design 𝑁𝑠 of 0.51, 

efficiencies of 84.4, 82.8, 80.8 and 77.6% are observed for the four turbines from largest to smallest. As 

mentioned earlier, since dynamic and geometric similarity is maintained between all four turbines, the 

losses brought about due to scaling are from the reduced 𝑅𝑒 numbers. An approximate 7% penalty occurs 

due to scaling from a MGT to a UMGT. At the extreme off-design conditions, 𝑁𝑠 of 0.2 and 0.64 correlate 

to efficiencies of, 46, 46.5, 44.1 and 43.4%, and 73.8, 72.5, 70, 60% respectively, from the largest to the 

smallest turbine. Therefore MGTs have a far greater off-design operational range, and this is more 

apparent at higher 𝑁𝑠. 
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Figure 6-24 Isentropic efficiency as a function of specific speed 

 

A literature search for 2D blade profiled UMGT turbines through numerical modelling from Chapter 

2.2.1 showed that efficiencies of 74, 76.2 and 79.9% were attained; the 74% efficiency corresponds to 

MITs baseline model (Mehra, 1997); the 76.2% efficiency is from work carried out by Onishi et al. 

(Onishi et al., 2005), where MITs baseline model was scaled up by a factor of 2; and 79.9% efficiency 

from work carried out by Capata et al (Capata & Sciubba, 2007). It should be noted the respective rotor 

diameters are 4, 8 and 10mm. Work carried out by Capata et al. (Capata & Sciubba, 2015) claimed the 

losses brought upon between 3D and 2D blade profiles could be as large as 18% . However, only an 

approximate 1% drop in the efficiency occurs, between 2D and 3D blade profile UMGT turbines, and 

this is shown in the 250W turbine from this study, when compared to the work carried out by Onishi et 

al. (Onishi et al., 2005). A comparison is made between these two turbines due to their similar rotor 

diameters. Although 1% is not a significant increase in efficiency, as it would be within the error limits, 

it would be expected that 3D blade profiled UMGTs have superior performance at off-design operation 

due to better ability to guide the flow. Also, claims from other research groups, on the effects of reduced 

𝑅𝑒 numbers through the turbine being deemed not as significant (Capata & Sciubba, 2007), has been 

disproved here. As the 250W UMGT turbine in this study has a 10 point lower efficiency when compared 

to work conducted by Rohlik (Rohlik, 1968). And it would be expected for this 10 point drop in efficiency 

to be further extended was the effects of heat transfer are accounted for. 
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Figure 6-25 Isentropic efficiency as a function of specific speed 

 

The efficiency curves presented in Figure 6-24 have the major novelty in its ability to predict the turbine 

performance over a large range of off-design operation, and thus serve as a basis for initial UMGT design. 

To justify this analysis the performance curve of the 200W turbine from Chapter 5 is compared to the 

250W turbine in the present chapter, in Figure 6-25. Although these two turbines were designed 

completely independently of each other, there is near perfect collapsing of the data points as a function 

of the 𝑁𝑠. 

 Chapter Summary 

The present chapter studied the fluid dynamics of the flow through a 3D blade profile, MGT and UMGT 

turbines. Here the effects due to reduced 𝑅𝑒 numbers from scaling the turbine to the UMGT class were 

examined across each of the components. And this was carried out at design and off-design conditions.  

Loss curves of the volute showed proper operation over the entire 𝑁𝑠 range for all four turbines; thus the 

effects of the extreme off-design conditions did not inhibit its performance. The 20kW turbine reported 

the highest losses; and these are 0.58 and 0.38%, at the two extreme off-design 𝑁𝑠 of 0.2 and 0.64 

respectively. Dynamic similarity is observed at the volute for the different GT classes over the 𝑁𝑠 range, 

and this is seen through collapsing of data points for the volute outflow velocity and angle, as a function 

of 𝑁𝑠. The most substantial deviation in data points is noted at the highest 𝑁𝑠 of 0.64, where 10 and 4% 

deviations were observed for the outflow velocity and angle respectively. 

Loss curves of the NGV showed an immediate difference between the different turbines, and as a function 

𝑁𝑠 as well. The 250W turbine has the largest losses, followed by the 1kW turbine, and collapsing of data 
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was observed for the 20 and 100kW turbine. Here a loss of 7.9% was seen at a 𝑁𝑠 of 0.2 for the 250W 

turbine, whereas a loss of only 4.8% was found for the 100kW turbine. 

Velocity streamlines at the NGV mid span over a range of 𝑁𝑠 showed dynamic similarity was maintained 

across the different turbines for a given 𝑁𝑠, and a uniform acceleration of flow was observed during off-

design operation as well. The normalised velocity boundary layers at the NGV trailing edge mid span 

showed the 250W turbine has the thickest boundary layers, when compared to the MGTs where the fullest 

normalised velocity profiles were observed. This difference was made more apparent at 25 and 75% of 

the blade span, and this is due to the prominence of the end walls at UMGT scales. 

Also, for the NGV, 𝑅𝑒 numbers of 3.8 × 104, 8.3 × 104, 3.3 × 105 and 7.7 × 105, were apparent for the 

250W, 1kW, 20kW and 100kW turbines. Placing the flow in the turbulent regime for the MGT class, the 

laminar/transitional regime for the UMGT class; this was verified with plots of the turbulent kinetic 

energy profile.  

An average energy factor of 1.71 and 1.72 was attained for the 100 and 20kW turbine, and this was spread 

over a range of less than 3.4% for all the 4 turbines. This then extended the study of Stewart across 

different turbine scales, where an energy factor of 1.8 was noted for different CGTs as a function of the 

free stream Mach number. Losses due to scaling were therefore due to the enhancement of the 

displacement thickness, and this was apparent in the form factor; where a form factor of 3.37 and 2.12 

was apparent at the design 𝑁𝑠 of 0.51, for the 250W and 100kW turbine respectively. Thus reducing the 

ideal kinetic energy within the flow. 

At the design 𝑁𝑠 of 0.51, rotor losses of 11.9, 8.3, 5.2 and 3.4% are observed, for the four turbines from 

the smallest to the largest. The most significant variation between the 250W and 100kW turbine is noted 

at the highest 𝑁𝑠 of 0.64, and is as large as 13%. This is attributed to the effects of the low 𝑅𝑒 number in 

the 250W turbine, and thus secondary flow is enhanced due to end wall effects. The tip clearance flow, 

however, showed the lowest loss is attained for the 250W turbine and the largest for the 100kW turbine, 

at 1.8, 2.6, 5.9 and 6.1% from the smallest to the largest turbine. This is attributed to the effects of end 

walls enhancing the scraping flow as the effective surface area to volume ratio is increased. The residual 

kinetic energy as a function of 𝑁𝑠 showed good collapsing of data with variation in the 𝑁𝑠, where the 

average loss is 2.75% at the design 𝑁𝑠 across all GT classes.  

Isentropic efficiencies of 84.4, 82.8, 80.8 and 77.6% are observed for the four turbines from the largest 

to the smallest, at the design 𝑁𝑠 of 0.51. An approximate loss of 7% occurs due to scaling from MGTs to 

UMGTs. This is attributed to the reduced 𝑅𝑒 numbers, where the flow is now in the laminar/transitional 

regime for the UMGT class. At the extreme off-design conditions, 𝑁𝑠 of 0.2 and 0.64 correlate to 

efficiencies of 46, 46.5, 44.1 and 43.4%, and 73.8, 72.5, 70, 60% respectively, from the largest to smallest 
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turbine. Therefore, at higher 𝑁𝑠 MGTs have better off-design operation, where a 10.6 point drop in the 

efficiency is observed from the design point as opposed to 17.6 points for a UMGT. Also, an approximate 

drop in the efficiency of 1% would be observed for UMGT turbines of 2D blade profile when compared 

to 3D. Although this is insignificant, it would be expected that 3D blade profiled UMGTs have a far 

superior performance at off-design operation due to better ability to guide the flow 
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Chapter 7                                               

Conclusions and Future Work 
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 Summary and Conclusions 

The present study numerically investigated the thermofluid dynamics through an ultra-micro scale gas 

turbine (UMGT) turbine. It firstly conducted an experimental investigation of a standalone UMGT 

turbine through transient and steady state testing, over a range of inlet flow conditions. The results of 

which aimed to study the feasibility of a UMGT turbine, and to validate CFD modelling. The thermofluid 

dynamics of the experimental turbine was then numerically studied, and here the effects of heat transfer 

on the turbine’s performance was investigated. This was through imposing adiabatic and isothermal 

boundary conditions on the volute, NGV and rotor shroud walls, representing different levels of heat 

loss. Lastly, the effects of lowered Reynolds (𝑅𝑒) numbers due to scaling down a turbine from a micro 

scale gas turbine (MGT) to a UMGT were analysed. Here the fluid dynamics of four turbines; 100kW, 

20kW, 1kW and 250W, were carefully investigated. The losses brought upon due to scaling were 

quantified and analysed, over design and extreme off-design operation. 

The experimental investigation successfully tested the feasibility of a 3 dimensional (3D) blade profiled 

UMGT turbine with a rotor diameter of only 20mm, manufactured via 3D printing, for the first time. An 

increase in electrical power was noted with an increase in flow rate and temperature, and a maximum 

electrical power of 5.4W was attained at the highest flow rate and temperature of 150 standard litres per 

minute (SLPM) and 80°C respectively, at a rotational speed of 57,000. An overall efficiency of 28% was 

attained here, and has therefore proven the feasibility of a UMGT turbine. The maximum power of 200W 

was not attained for the present set up, as the design input parameters were not supplied due to component 

and instrumentation inabilities. The experimental turbine also served as a basis for validating the 

numerical model, and a variation of less than 10% was attained between the two. 

A numerical study (based on the experimental turbine model) showed the effects of heat transfer 

modelled through an isothermal wall boundary condition were significant. An isentropic efficiency at the 

design specific speed (𝑁𝑠) of 0.51 showed a 2% drop for the isothermal case when compared to the 

adiabatic case, and here an isothermal efficiency of 74% was attained. In addition, if the turbine inlet 

temperature was not restricted due to experimental feasibility, the effects of heat transfer would be more 

significant, and therefore a greater reduction in the isothermal efficiency would be expected. 

The effects of heat losses were classified to be 3 fold in nature; the loss of kinetic energy within the flow, 

the increase of viscous losses due to the reduction in the mean flow velocity and the enhancement of 

secondary flow, due to a change in the relative incidence angle to the rotor. 

The numerical investigation of scaling a turbine from the MGT to the UMGT class had a negative impact 

on the performance of the turbine. The prominence of the end walls in the 250W turbine resulted in an 

NGV and rotor losses as large as 1.5 and 3 times that of the 100kW turbine. And this was attributed to 
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the thicker boundary layers, thus the loss in the ideal kinetic energy of the fluid. The tip clearance flow, 

however, showed the lowest loss is attained for the 250W turbine and the largest for the 100kW turbine, 

and this was as large as 1.8 and 6.1% for the respective turbines. This was attributed to the presence of 

scraping flow, which is enhanced at UMGT scales due to the end wall effects. 

At the design 𝑁𝑠 of 0.51, efficiencies of 84.4, 82.8, 80.8 and 77.6% were observed for the 250W, 1kW, 

20kW and 100kW turbines. Therefore, an approximate loss of 7% occurs due to scaling from MGTs to 

UMGTs. This is attributed to the reduced 𝑅𝑒 numbers, where the flow is approaching the 

laminar/transitional regime for the UMGT class. Also, the MGTs were noted to have a superior off-

design operation when compared to the UMGT, and this was attributed to the prominence of the end wall 

effects in UMGTs. 

An efficiency drop of 1% would be expected in a UMGT turbine of 2D blade profile, when compared to 

a 3D blade profile. Although this is insignificant and can be in the numerical error range, it would be 

expected for the 3D blade profile turbine to have a far superior off-design operational range, which is 

essential at UMGT scales. And this is due to a 3D blade profiles ability to account for variation within 

the flow. 

In addition, non-dimensional curves of the isentropic efficiency as a function of 𝑁𝑠 are provided; and this 

can serve as a basis for the initial performance of UMGT turbines. 

The present study investigated the thermofluid dynamics of a 3D blade profile UMGT turbine. Here the 

flow field was examined through each turbo component, and the losses were quantified due to scaling 

down from a MGT turbine. The results of which aim to better the understanding of the thermofluid 

dynamics through a 3D blade profile turbine at these scales, and therefore serves as a basis for design 

optimisation. 

 Future Work 

The results of the present study led to the development of new areas for potential research. The following 

list extends the possible avenues for future research, and this can then compliment the present research 

work: 

1. A fully integrated UMGT system performance study should be experimentally conducted. This 

would serve to prove the feasibility of the UMGT, and further outline the current challenges 

associated with manufacturing, component and material inabilities. The effects of heat transfer 

can be studied as well by subjecting the UMGT to various ambient temperature conditions. In 

addition, the thermofluid dynamics of the flow should be experimentally studied as well, and this 

will form a sound basis for numerical validation. 
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2. Following the experimental investigation, a numerical study on the thermofluid dynamics of the 

flow through the tested UMGT should then be undertaken. This study must be tested across the 

entire experimental range, and then should be furthered if any experimental limitations were to 

be encountered. The data gathered from these studies will then aim to cover the entire attainable 

field of knowledge from a UMGT, and will thus form a basis of design optimisation. 

 

3. The previously mentioned two points aims to cover the UMGT study as a whole, however it 

would be better if intermediate steps were presented in order to reach the final goal: 

 

- Redesign the experimental turbine to more realistic UMGT design parameters 

- Design a matching UMGT compressor, and therefore test a coupled turbine/compressor 

system in a bench test set-up 

- Addition of a UMGT combustor in the design, and therefore test the system, with an aim to 

achieve self-sustainability 

- Lastly, integrate a UMGT generator, and test the system as a whole, as mentioned in points 1 

and 2 

 

4. Although the UMGT is a potential candidate for ultra-micro scale power generation, there are 

quite a few challenges associated with its development, and these are mainly attributed to 

manufacturing, material and component inabilities. Therefore, this serves as a big research field 

over the next couple of years, as micro scale manufacturing/materials etcetera, are not limited to 

UMGT applications. In addition, it would also be wise to conduct research into other sources of 

ultra-micro scale power generation. 

 

5. Finally, it should be noted that the experimental work on the investigated UMGT turbine from 

this study is currently being furthered. Here rotors of different tip clearance heights have already 

been manufactured with an aim to study the effects of tip clearance losses, and to further enhance 

the numerical validation procedure. It should be noted that the analysis of the UMGT turbine is 

not limited to UMGT power generation applications, but serves as a basis for any turbo flow 

applications at these scales. Also, research into coupling a UMGT combustor to the experimental 

turbine is currently underway. 
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A review of the experimental and numerical work by leading UMGT research groups 

University/research 

firm: Author 

Experimental or numerical analysis Blade 

design 

Parameters Major findings 

MIT: (Shirley, 1998) Experimental analysis on a 75 times 

scaled-up model of their baseline 

UMGT compressor was conducted, 

here dynamic similarity was 

maintained by retaining the same 

Mach and Reynolds number as the 

baseline compressor. 

2D Impeller diameter: 300mm 

Impeller tip speed: 400m/s 

Pressure ratio: 2.1 

Mass flow rate: 8.25g/s 

Rpm: 25,500 

Reynolds number: 20 × 103 

Results showed good validation 

with CFD for the pressure ratio 

and flow rate. However, 

significantly lower efficiencies 

were noted and this was attributed 

to the presence of a stationary 

shroud casing that was not 

accounted for in CFD. 

MIT: (Mehra, 1997) A numerical investigation on the 

baseline turbine. 

2D TIT: 600K 

Rpm: 2.4 × 106 

Rotor Reynolds number: 3.66 × 

103 

Stator Reynolds number: 2.45 × 

104 

Results showed the influence of 

the end walls is less prominent 

than the compressor due to the 

accelerating nature of the flow. A 

uniform flow was observed with 

an efficiency of 74%. 

MIT: (Philippon, 

2001) 

A numerical investigation on the H2 

demo engine. 

2D Impeller diameter: 8mm 

Rotor diameter: 6mm 

TIT: 1600K 

Pressure ratio: 1.8 

Design rpm: 1.2 × 106 

Results showed the NGV wall 

resulted in 2/3 of the viscous 

losses within the NGV, and it was 

claimed to be 10 times greater 

when compared to CGTs. In 

addition, the 2D blade profile 
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seemed to be the most significant 

factor inhibiting the rotor 

performance. Where the right 

angle turns result in boundary 

layer separation resulting in mass 

flow blockages. 

MIT: (Protz, 2000) An experimental investigation on the 

H2 demo engine. 

2D Impeller diameter: 8mm 

Rotor diameter: 6mm 

TIT: 1600K 

Pressure ratio: 1.8 

Design rpm: 1.2 × 106 

Results were limited due to rotor 

imbalance. A maximum rotational 

speed of 30,000rpm was attained. 

Tohoku University: 

(P. Kang et al., 2004) 

An experimental investigation on a 

MEMs based gas turbo engine. 

2D Impeller diameter: 4.98mm 

Rotor diameter: 1.8mm 

Design rpm: 1 × 106 

A maximum rotational speed of 

48,000rpm was attained. This is 

only 5% of the design rotational 

speed as the device was not able to 

pass the natural frequency of the 

rotor. Therefore, the results were 

rather limited. 

IHI: (Isomura et al., 

2006) 

Experimental study on IHIs baseline 

compressor. This was tested in a 

turboshaft set up, where the turbine 

was purely a driver to the compressor. 

3D Impeller diameter: 10mm 

TIT: 1.8mm 

Design rpm: 1 × 106 

The compressor temperature was 

able to be kept below 170°C, 

while raising the TIT to 1050°C. 

Also, good validation with CFD 

modelling was attained after 
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accounting for the heat loss within 

the experiment. 

IHI: (Isomura, March 

23, 2015) 

Experimentally tested the first fully 

integrated UMGT. 

3D Power: 400W 

Design rpm: 470,000 

Assembly mass: 13kg 

Fuel: Propane 

They have successfully 

demonstrated the feasibility of the 

UMGT. 

University of Leuven: 

(Peirs et al., 2003) 

Experimental analysis on a standalone 

axial micro turbine. 

2D Rotor diameter: 10mm A maximum electrical power of 

44W was attained with an 

isentropic efficiency of 16% at 

TIT of 360°C. 

University of Leuven: 

(Peirs et al., 2008) 

Experimental analysis on their 

baseline UMGT in a turbo shaft set up. 

3D Rotor diameter: 20mm 

Power: 1kW 

Design rpm: 500,000 

Due to rotor imbalance, a 

maximum rotational speed of only 

75,000rpm was attained, and 

therefore the results were limited. 

KIMM: (J. M. Seo et 

al., 2013) 

Experimental analysis on their fully 

integrated baseline UMGT model, but 

without electrical machinery. 

3D Rotor/impeller diameter: 20mm 

Power: 500W 

Self-sustainability was achieved, 

and an increase in fuel showed an 

increase in the rotational speed. 

Onera: (Dessornes et 

al., 2014) 

Experimental tests were conducted on 

their baseline rotor compressor. 

2D Impeller diameter : 10mm 

Design rpm: 840,000 

Tested successfully to a rotational 

speed of 500,000rpm. Tip 

clearance is key to reach the 

pressure ratio goal. Further studies 

are yet to be reported on. 
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University of Roma: 

(Capata & Sciubba, 

2009) 

Experimental analysis on their 

baseline model , “the alpha prototype”, 

was carried out in a turbo shaft set up. 

3D Rotor/impeller diameter: 40mm Limited results were reported 

upon. 

University of Roma: 

(Capata & Sciubba, 

2007) 

Numerical study on a turbine. 2D Rotor diameter: 10mm 

TIT: 1600K 

Pressure ratio: 2 

Reynolds number stator: 4.6 

×103 

Reynolds number rotor: 1.5 

×103 

CFD Parameters: CFD fluent, 

3D, unsteady, RANS equations 

with a RNG k-Ɛ turbulent model 

was chosen. 

A turbine efficiency of 79.9% was 

reported upon, and this was 

claimed to be higher than previous 

studies. Therefore, the effects of 

low Re numbers were pronounced 

not as important. 

(Nagashima et al., 

2005) 

Numerical study on a palm top and 

finger top gas turbine. 

2D Palm top rotor diameter: 40mm 

Finger top rotor diameter: 4mm 

For the palm top turbine, 46% of 

the losses were noted in the 

exducer region, and 25% in the 

nozzle wake, and a large portion 

of residual kinetic energy was 

unrecovered. This was attributed 

to the abrupt ninety degree turn in 

the exducer region. 
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In addition, an increase in tip 

clearance severely impacted on the 

adiabatic efficiency. However, for 

the finger top turbine the effects of 

tip clearance were severely 

reduced due to the scraping flow. 

Onera: (Onishi et al., 

2005) 

Numerical study of a UMGT turbine. 

The model was based on MITs 

baseline design, scaled up by a factor 

of 2. 

2D Total pressure: 3.29 × 103 Pa 

Total temperature: 1545K 

Mach number: 0.05 

Isothermal wall boundary 

condition: 921K 

CFD: 3D Navier stokes solver, 

elsA, developed by Onera 

Heat loss was most pronounced in 

the NGV, whereas viscous losses 

dominated in the rotor. The total 

heat loss was quantified to be 

33.8% of the non-dimensional 

power, and a turbine efficiency of 

76.2% was attained for the 

adiabatic case. 
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